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Abstract: The vast majority of research dedicated to enhancing the homogenous charge compres-
sion ignition (HCCI) low-temperature combustion system is focused on improving controllability,
efficiency and emissions. This article aims to assess the impact of HCCI combustion on the oper-
ation of the piston ring system. Utilizing the measured pressures in the combustion chamber of a
single-cylinder research engine operating in spark ignition (SI) and HCCI modes at various loads,
simulations were carried out using an advanced ring pack model. This model integrates the gas
flow, ring dynamics and ring mixed lubrication models. Simulations revealed that differences in the
pressure above the piston between the HCCI and SI combustion significantly influence ring pack
performance. The predicted energy losses due to the friction of piston rings against the cylinder liner
are up to 5% higher in the HCCI engine than in the SI engine. This identified drawback diminishes
the advantages of the HCCI engine resulting from higher thermal efficiency, and efforts should be
made to minimize this negative impact.

Keywords: energy efficiency; low-temperature combustion; piston ring; ring dynamics; hydrody-
namic lubrication; mixed friction; blow-by

1. Introduction

The reliable operation of the piston-ring-cylinder (PRC) system is critical for an internal
combustion (IC) engine. Investigations into the operation of the piston ring pack have
garnered the attention of many scientists due to their significance in determining the
mechanical efficiency, wear, fuel economy, and exhaust emissions of an IC engine. The PRC
system has a huge share in engine frictional losses—about 30–65% [1–5].

Piston rings can be treated as the most intricate tribological system in the IC engine to
analyze due to high variations in load, speed, temperature, and lubricant accessibility. The
PRC system may experience hydrodynamic, mixed, and boundary lubrication in one single
piston stroke.

In-depth analyses of oil flow in the PRC system were demonstrated by Gulwadi [2],
Tian [6], Novotný et al. [7], Koszalka and Guzik [8], Li et al. [9] and Wolff [10,11]. In most
publications, one-dimensional models of hydrodynamic ring lubrication were assumed.
In such models, the oil gap between the ring and cylinder liner surface was constant
around the entire cylinder circumference. To determine the distribution of hydrodynamic
pressure in the oil gap, the well-established Reynolds equation was solved, considering
appropriate boundary conditions on the inlet and outlet sides of the ring. Different kinds of
boundary conditions, such as half Sommerfeld, oil separation and Reynolds cavitation and
reformation, were thoroughly analyzed among others by Razavykia et al. [12]. It means that
cavitation phenomena in piston ring oil gaps were also investigated. Numerous studies on
oil consumption were also conducted, including those by Gulwadi [2]. Bolander et al. [13]
developed and discussed a two-dimensional oil flow model, which considers the variability
of the oil gap and hydrodynamic pressure around the circumference of the rings.

A lot of scientists analyzed and investigated the mixed lubrication phenomena con-
cerning the PRC system, for example, Bolander et al. [13], Tamminen at al. [14], Soeder-
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fjaell et al. [15], Tomanik et al. [16], Chu et al. [17] and Wolff [10,18]. Patir and Cheng’s
works [19,20] were of fundamental significance in this area. They proposed modifications
to the Reynolds equation to represent the pressure distribution and flow rates between
two rough surfaces. In turn, Greenwood and Tripp in their work [21] proposed a model of
elastic contact between two rough surfaces. They provided relationships between statistical
parameters of roughness and normal and tangential forces of surface interaction.

Many researchers utilized the Greenwood and Tripp model [21] to simulate boundary
friction between the rings and the cylinder liner, with the majority adopting a Gaussian
roughness distribution. However, this was a gross simplification because the surface
texture of the honed cylinder liner features grooves much deeper than the roughness
of the surrounding surface. In response to this, Bolander and Sadeghi [22] developed a
mixed lubrication model that considers a more realistic surface profile. This profile was
numerically generated based on a three-dimensional measurement of the liner profile.

The results of the research on the friction, lubrication and wear of the piston-ring-
cylinder system have been published in many other articles, e.g., [23–29]. An extensive
review concerning the theoretical and experimental investigations of rough-surface contact
for the prediction of friction in the mixed and boundary lubrication conditions has been
presented in [30].

Nowadays, SAE 0W-20 or even lower viscosity oils are often used. When using such
oils, the oil film thickness and therefore the contact friction will be greater. In turn, losses
due to hydrodynamic friction will be smaller. As a consequence, the shares of contact forces
should be higher. Lin et al. [31] conducted experimental investigations to examine the
impact of contemporary low-phosphorus engine oils on the friction and wear of a standard
car engine cylinder.

Homogeneous charge compression ignition (HCCI) is an advanced engine technol-
ogy that implements low-temperature combustion. It offers better fuel efficiency and
reduced emissions of harmful exhaust gases, especially NOx [32–36]. It also exhibits good
compatibility with alternative fuels, including biofuels and synthetic fuels [37–39]. These
advantages of HCCI can help achieve sustainability goals, and much research is focusing
on the practical application of this technology. The biggest challenges and most research
are related to controlling ignition timing and extending the operating range [40–42]. The
pressure course in the combustion chamber of an HCCI engine is different from the pressure
course in a spark ignition or a diesel engine. This difference affects the operation of the PRC
system, causing greater energy losses related to blow-by and, to some extent, the friction
of the piston rings against the cylinder [43]. This study also showed that the contribution
of blow-by to the energy losses in the HCCI engine is comparable to the losses associated
with ring friction.

This work is a continuation of previous research devoted to assessing the impact of
HCCI combustion on the operation of the piston-rings-cylinder system [43]. However, in
those studies, a simplified model of ring–cylinder interaction was used, assuming that only
fluid friction occurs between the rings and the cylinder liner. In this study, a much more
advanced model was used, taking into account mixed friction. The influence of the engine
load and combustion system (SI and HCCI) on ring friction against the cylinder and the
associated energy losses are analyzed in the article. The analysis is based on simulations
using an in-house piston ring pack model. The input data for the simulations were obtained
from measurements carried out on a research engine that could operate both as an SI engine
and as an HCCI engine.

2. Piston Ring Pack Model

The ring pack model used in this research includes three models: (a) model of gas flow
through the ring pack, (b) model of ring dynamics and (c) model of ring lubrication. All
these models are integrated. Since all of the above models have been described in detail
earlier [8,10], only a brief description is provided below, allowing you to understand their
most important assumptions.
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2.1. Gas Flow Model

The gas flow model assumes that the gas between the combustion chamber and the
crankcase can flow through the ring locks and gaps between the side surfaces of the rings
and grooves. The possibility of flow between the front surfaces of the rings and the cylinder
liner was not considered. The appropriate diagram is shown in Figure 1. The model takes
into account the thermal deformations of the elements and the displacements of the rings
in the grooves, which means that all cross-sectional areas of the flows (A in Figure 1) and
the volumes of the individual inter-ring and behind-ring spaces (V in Figure 1) are not
constant, but change as a function of the crankshaft rotation angle. It was assumed that
the flowing gas is a semi-ideal gas whose internal energy u = cvT. The flow, both through
the ring locks (Q1 and Q4 in Figure 1) and through the gaps between the side surfaces of
the ring and the groove (Q2, Q3, Q5 and Q6 in Figure 1), is modeled as isentropic—critical
or subcritical, depending on the pressure in the space from which the gas flows. Unlike
most models described in the literature and used in simulations of piston-rings-cylinder
assembly [2,3,6,7], the model used does not assume that the gas temperature in individual
volumes is equal to the temperature of the surrounding walls, but the heat transfer between
the gas and the walls was calculated (Qwall). Then, the temperature and pressure of the gas
in a given stage were calculated from the energy conservation Equation (1) and the gas
equation of state (2), taking into account the mass balance of the gas flowing into and out
of a given space (3):

d(m·u) = ∑ dmin·iin − ∑ dmout·iout + δQwall − p·dV, (1)

dp
p

=
dm
m

+
dT
T

− dV
V

, (2)

dm = ∑ dmin − ∑ dmout, (3)

where i means enthalpy, the lack of an index means that the quantity refers to a given space
and the in and out indexes refer to the quantity flowing into and out of a given space. A
more detailed description of the gas flow model can be found in [8].
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2.2. Ring Dynamics Model

The axial position of the ring in the groove is determined from the balance of the forces
acting on the ring in the axial direction. This balance takes into account the gas forces
Fpx, the inertia forces Fix and the friction forces of the ring against the cylinder Fhx and
Fcx (Figure 2). If the ring adheres to the groove and the sum of the above forces presses
it against the groove wall, then these forces are balanced by the reaction force Rx and the
ring moves with the piston speed v. If the resultant of these forces begins to push the ring
away from the groove wall, then the axial position of the ring relative to the groove xr is
determined from the relationship:

mr

πD
d2xr

dt2 = Fpx + Fix + Fhx + Fcx. (4)
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Figure 2. Pressures and forces acting on the ring (subscripts at pressure as for the first ring).

The model assumes that the cylinder, piston and rings are axially symmetrical. There-
fore, the radial position of the ring, i.e., its outer diameter, results from the diameter of the
cylinder liner at the point of contact with the ring and the thickness of the oil film. The
thickness of the oil film is determined from the mass balance of the oil flowing through
the gap between the front surface of the ring and the cylinder liner and the balance of the
forces acting on the ring in the radial direction (Figure 2):

Fh + Fc = Fp + Fe. (5)

The hydrodynamic force Fh and elastic contact force Fc, same as the hydrodynamic
friction force Fhx and contact friction force Fcx, are determined in the mixed lubrication
model described in the next section. Fe is the self-elastic force of the ring. In this article, the
values in Formulas (4) and (5) and elsewhere are forces per unit circumference.
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2.3. Mixed Lubrication Model

The model assumes that the starved or full lubrications are possible and that the
surface of the cylinder liner and the front surface of the ring are rough. Depending on the
roughness and the thickness of the oil film, there may be only fluid friction or fluid friction
and friction resulting from the elastic contact of rough surfaces, as shown in Figure 3.
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A one-dimensional Reynolds equation modified to model the oil flow between rough
surfaces by Patir and Cheng [19] was used to calculate the hydrodynamic pressure in the
gap between the ring face and the cylinder liner:

∂

∂x

(
ϕx

h3

12µ

dp
dx

)
=

U
2

dhT
dx

+
U
2

σ
dϕs

dx
+

dhT
dt

, (6)

where: p—hydrodynamic pressure, x—coordinate along cylinder liner, h—nominal oil film
thickness, hT—local oil film thickness, U—axial ring velocity, µ—dynamic oil viscosity,
t—time, σ =

√
σ1

2 + σ22—composite root mean square roughness of sliding surfaces,
ϕx—pressure flow factor, and ϕs—shear flow factor. The pressure and shear flow factors
were calculated from empirical equations given in [20].

The boundary conditions specified in [44] were used to solve Equation (6). They
assume that the hydrodynamic pressure at the oil inlet is equal to the gas pressure p1:

p(xwl) = p1, (7)

and at the oil outlet is equal to the gas pressure p2, and the pressure gradient is equal to
zero (Figure 3):

p(xwr) = p2 and
∂p
∂x

∣∣∣∣
xwr

= 0. (8)

The hydrodynamic force per unit circumference was calculated by the integration of
the hydrodynamic pressure distribution:

Fh =
∫ xwr

xwl

p(x)dx, (9)
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and the hydrodynamic friction force per unit circumference Fhx was calculated from
the equation:

Fhx =

xwr∫
xwl

(
h
2

∂p
∂x

− µU
h

)
dx. (10)

The interactions between the asperities of the piston ring face and cylinder liner were
modeled using the model developed by Greenwood and Tripp [21]. The following equation
determined the asperity contact force per unit circumference:

Fc =
16
√

2
15

π(ηβσ)2E′
√

σ

β

xr∫
xl

F5
2

(
h
σ

)
dx, (11)

and the friction force per unit circumference arising from elastic contact was calculated by
the equation:

Fcx = τ0 Ac + αFc, (12)

where the integration limits xl and xr define an interval in which h/σ ≤ 4, η—asperity
density, E′—composite elastic modulus of mating surfaces, β—combined asperity radius of
curvature, and F5/2—empirical function of H, Ac—the real area of contact, τ0—the Eyring
shear stress of the oil, and α—the coefficient of asperity shear strength. E′, β, F5/2 and Ac
were calculated from the formulas given in [21]. In this calculation, the following values
were assumed: τ0 = 2 MPa and α = 0.08.

A computer program integrating all the above models has been developed and applied
in this study. The numerical solution of Equation (6) is based on the implicit finite difference
scheme [10].

3. Object, Experiment and Simulations
3.1. Research Object

The research object was a single-cylinder, four-stroke research engine, the basic param-
eters of which are presented in Table 1. This engine was equipped with a timing system
allowing for changing the opening and closing phases of the valves and their lift within a
very wide range. Thanks to this, the engine could operate as a classic SI engine and as an
HCCI engine with NVO. The engine control system was computer-based and provided
with dedicated software. It was connected to a timing module that controlled injection
timings and durations as well as spark ignition timing.

Table 1. Engine specification.

Parameter Value

Displacement, cm3 498.5
Nominal diameter of bore, mm 84

Stroke, mm 90
Connecting rod length, mm 215

Compression ratio 11.7:1
No. of valves 2
Fuel injector electromagnetic, single-stream, swirl-type

The engine had a typical piston system: a cast-iron cylinder liner, an aluminum piston
with two compression rings and one two-piece oil ring. The main dimensions of the rings
are shown in Table 2. A detailed engine description, including the valve timing system, can
be found in [45].
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Table 2. Main dimensions of the piston rings.

Parameter Top Ring Second Ring Oil Ring

Total axial height, mm 1.5 2.0 4.0
Upper land axial height, mm – – 1.0
Lower land axial height, mm – – 1.0

Radial width, mm 3.7 3.7 4.15
Nominal ring end gap, mm 0.5 0.45 0.4

Radius of parabolic sliding surface, mm 180 180 244
Offset of parabolic sliding surface, mm 0.75 1.5 2.0

Elastic tension force
Per unit of circumference, N/m 476 526 1190

Mass, g 11.1 14.8 24.7

3.2. Test Stand and Measurements

The engine was mounted on an engine dynamometric bench equipped with appro-
priate control and measurement systems. The bench equipment allowed for the precise
control of engine operating conditions, including the temperature of the coolant and engine
oil, as well as measurements of many engine operating parameters. In addition to the basic
values always measured on a dynamometric stand, the measurements of the blow-by rate,
excess air ratio and pressure in the combustion chamber were important from the point of
view of the research conducted. The pressure in the combustion chamber was recorded as
a function of the crankshaft angle with a resolution of 0.1 deg. A detailed description of the
instruments used in the measurements can be found in [46].

The measurements were carried out at a constant crankshaft speed of 1500 rpm and
three different engine loads, from very low to the maximum achievable in the HCCI mode.
The plan was to perform measurements at the following loads expressed as the indicated
mean effective pressure (IMEP): 0.15 MPa, 0.35 MPa and 0.60 MPa. In the SI mode, the
engine operated on a stoichiometric mixture and the load was regulated by opening the
throttle. In the HCCI mode, the throttle was fully open and the load was regulated by the
injected fuel dose. Valve timing in the HCCI mode was changed with the load. The values
of the opening and closing of the intake and exhaust valves (IVO, IVC, EVO and EVC) were
determined in previous studies devoted to the low-temperature combustion process [47].
The engine operating conditions together with the valve timing and the maximum lifts
of the intake valve (IV lift) and exhaust valve (EV lift) are presented in Table 3. The table
shows the actual IMEP values, i.e., calculated for the average of 100 recorded cycles during
engine operation at a given load (see Figure 4). The engine bench tests are described in
more detail in [43]. SAE 10W-40 grade engine oil was used during the tests.

Table 3. Conditions of engine operation.

Mode IMEP
[MPa]

IVO
[deg] *

IVC
[deg] *

EVO
[deg] *

EVC
[deg] *

IV Lift
[mm]

EV Lift
[mm]

MAP
[kPa]

Excess Air
Ratio [–]

SI 0.167 540 40 321 540 9 9 32 1
SI 0.357 540 40 321 540 9 9 44 1
SI 0.595 540 40 321 540 9 9 55 1

HCCI 0.515 629 39 328 447 3.6 2.9 97 1.2
HCCI 0.342 625 35 341 460 3.6 2.9 95 1
HCCI 0.603 622 32 341 460 3.6 2.9 135 1

* degrees as in Figure 4.
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3.3. Simulations

The key input data for the simulations were the engine dimensions, especially of
the elements forming the ring pack, and the pressures in the combustion chamber. The
dimensions of the cylinder, piston and rings were determined based on measurements of
the cold elements. The thermal deformations determined using the finite element method
were added to these dimensions. The roughness parameters used in the simulations are
presented in Table 4. The values adopted were previously determined for a car engine with
similar dimensions and piston system design [48]. The average pressure from 100 consecu-
tive cycles measured while the engine was operating under set conditions was used in the
simulations as the pressure above the piston. The pressures for the tested loads and the
engine operating in the SI and HCCI modes are shown in Figure 4.

Table 4. Roughness parameters of surfaces.

Parameter Cylinder Liner Piston Rings

RMS roughness, µm 0.22 0.044
Elastic modulus, GPa 113 150

Poisson’s ratio 0.26 0.25

Combined Parameters Cylinder Liner and Piston Rings
Asperity density, m−2 1.1145 × 1012

Asperity radius, µm 0.2

Simulations were performed for three loads for the engine operating in both the SI
and HCCI modes. The input data for the simulation at the assumed load (IMEP = 0.15,
0.35 or 0.60 MPa) for the engine operating in the SI and HCCI modes differed only in the
indicated pressure.

4. Results and Discussion
4.1. Pressure in the Combustion Chamber in SI and HCCI Modes

The measurement results presented in Figure 4 show differences in the pressure profile
in the combustion chamber for the engine working in the SI and HCCI modes. The first
significant difference is the large increase in pressure between the exhaust and intake strokes
in an HCCI engine, which does not occur in an SI engine. The incomplete emptying of the
combustion chamber of exhaust gases and their recompression is necessary to achieve the
self-ignition of the mixture in the HCCI mode. This recompression was achieved by NVO
(see Table 3). The second difference is a much faster increase in pressure after auto-ignition
occurs and much higher maximum combustion pressures in an HCCI engine. Another
difference is the higher pressure during the compression stroke in an HCCI mode, mainly
due to the operation with the throttle fully open. These differences in the pressure profiles
above the piston affect the operation of the piston assembly and their impact on the mating
of piston rings with the cylinder. It will be discussed in detail below.
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The impact of the above differences on the blow-by was discussed in detail in [43],
which presents the results of the simulations carried out on a model considering only fluid
friction. Therefore, unlike the simulations presented in this paper, asperity contact was
omitted. However, since the blow-by obtained in the simulations presented here do not
differ much from those presented in [43], and considering that blow-by is not the subject of
this article, the differences in the gas flow through the ring pack between the SI and HCCI
modes will not be discussed here. Suffice it to say that the blow-by rates obtained in the
simulations were consistent with the measured ones.

4.2. Top Ring Friction

The total radial force, equal to the sum of the hydrodynamic force and the asperity
contact force (Equation (5)), acting on the top ring is quite proportional to the pressure
above the piston (Figure 4). When the pressure above the piston is high, the top ring sticks
to the lower shelf of the groove, and then the pressure behind the ring is almost equal to the
pressure above the ring. The radial force is the sum of the force resulting from this pressure
and the self-elastic force (Equation (5)). However, in periods when the pressure behind the
ring is high, the force resulting from this pressure is enormous compared to the force of
self-elasticity (see Table 3), so the contribution of the latter is negligible. Hence, the radial
force is proportional to the pressure in the combustion chamber.

The influence of the load and operating mode on the radial force pressing the top ring
to the cylinder liner is considerable (Figure 5). However, these considerable differences have
little impact on the total friction force (Figure 6), because this force comes almost entirely
from hydrodynamic friction, for which the influence of radial force is small. Moreover, as
the engine load increases, the hydrodynamic friction force slightly decreases due to the
lower viscosity of the oil. The viscosity is lower because the cylinder liner temperatures are
higher at higher loads.
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Figure 5. Total radial unit force of the top ring versus crank angle for (a) SI mode and (b) HCCI mode.

Contact friction occurs only in the narrow ranges of the crankshaft rotation angle
around TDC (Figure 7), causing short-term but sudden increases in the total friction force
visible in Figure 6, especially for high loads near the TDC after firing.

The contact friction force (Figure 7) increases with the engine load and is much higher
in the HCCI mode. In the SI mode, this force occurs only around the TDC after firing, with
no contact at the smallest load. In the HCCI mode, this force also appears around the TDC
between the exhaust and intake strokes, which is related to the additional compression
of the exhaust gases in this mode. However, the values of these forces in this part of the
engine cycle are small compared to the forces occurring at the beginning of the power
stroke (Figure 7).

The explanation of the above effect of the combustion system and load on ring friction
is as follows. The influence of the radial force on the oil film thickness is significant
(Figure 8). However, the effect of radial force on ring friction depends on the thickness
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of the oil film. As long as the film is thick enough and there is only fluid friction, this
effect is small. When the minimum oil film thickness drops below the value at which the
elastic contact between the asperities of the mating surfaces appears, its effect becomes very
significant. This is because in the range of mixed and boundary friction, the share of the
hydrodynamic force in the total force balancing the ring pressure on the cylinder decreases,
and the elastic contact force increases rapidly as the minimum oil film thickness decreases.
These rapid increases account for the reason for the much larger relative difference in the
maximum friction forces between the SI and HCCI modes at high loads (Figure 6) compared
to the relative difference in radial forces (Figure 5).
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Figure 6. Total friction unit force of the top ring versus crank angle for (a) SI mode and (b) HCCI mode.
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Figure 7. Contact friction unit force of the top ring versus crank angle for (a) SI mode and
(b) HCCI mode.
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Figure 8. Minimum oil film thickness of the top ring versus crank angle for (a) SI mode and
(b) HCCI mode.
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4.3. Second Ring Friction

The course of the total radial forces acting on the second ring is similar to the course
of the radial forces acting on the top ring, except that the values of these forces are approxi-
mately 2.5 times smaller (Figure 9). As in the top ring case, these forces increase with the
engine load and are more significant for the HCCI mode.
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Figure 9. Total radial unit force of the second ring versus crank angle for (a) SI mode and
(b) HCCI mode.

The surface roughness of the second ring and the cylinder liner in the SI mode come
into contact only at the highest analyzed load. However, the friction force associated with
it is minimal (Figure 10). In the HCCI mode, contact occurs at both TDC before the power
stroke and before the intake stroke at all loads tested. The greater the load, the greater the
interactions between the surfaces. The contact friction forces are much higher in the HCCI
mode than in the SI mode, but their effect on the total friction force is noticeable only at the
highest engine load (Figure 11).
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Figure 10. Contact friction unit force of the second ring versus crank angle for (a) SI mode and
(b) HCCI mode.

Due to the absence or small values of the contact friction forces, the total friction
forces of the second ring against the cylinder are practically equal to the hydrodynamic
friction forces. Since the ring pressure force (Figure 9) has little effect on the hydrodynamic
friction force, the values of this force for the SI and HCCI modes are similar. The values
of hydrodynamic friction forces, and therefore total friction forces, slightly decrease with
the increasing engine load due to higher cylinder temperatures, and therefore lower oil
viscosities at higher loads (Figure 11).
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Figure 11. Total friction unit force of the second ring versus crank angle for (a) SI mode and
(b) HCCI mode.

The relative speed between the ring and the cylinder has the greatest influence on the
oil film thickness between them. The smallest oil film thicknesses occur slightly after the
reversion of the crankshaft angle due to the oil squeeze effect. Additionally, the viscosity of
the oil and the force pressing the ring to the cylinder have a significant impact. As a result,
the minimum oil film thickness decreases with the engine load and is slightly smaller in
the HCCI mode than in the SI mode (Figure 12).
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Figure 12. Minimum oil film thickness of the second ring versus crank angle for (a) SI mode and (b)
HCCI mode.

4.4. Oil Ring Friction

Since the pressure behind the oil ring is equal to the pressure in the crankcase, the
radial force acting on this ring is practically constant and equal to the ring’s elastic force.
In the simulations, it was assumed that the cylinder temperatures at a given engine load
were the same in the SI and HCCI modes. Consequently, the hydrodynamic and contact
friction forces and the sum of these forces in the case of the oil ring are the same for the SI
and HCCI modes. The minimum oil film thicknesses are also the same. Therefore, only the
results for the SI mode are presented in Figures 13 and 14.

Similarly to the top and second rings, the hydrodynamic force decreases with the
engine load, because the cylinder temperature is higher and the oil viscosity is lower.
However, the values of this force are approximately twice as small as for the top and second
rings. It is related to the smaller height of the oil ring (Table 2). Figures 13 and 14 show the
sums of forces for the two lips of the oil ring.

However, the contact friction force is many times higher than in the case of compres-
sion rings (Figure 13). This is due to the smaller minimum oil film thickness (Figure 14).
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The film thickness is smaller because the heights of the oil ring lips are much smaller than
those of the compression rings.
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Figure 13. Hydrodynamic friction (a) and contact friction unit force (b) versus crank angle of the oil
ring for SI mode.
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Figure 14. Total friction unit force (a) and minimum oil film thickness (b) of the oil ring versus crank
angle for SI mode at low, medium and high loads.

4.5. Energy Losess Due to Ring Friction

Figure 15 shows the hydrodynamic and contact friction power losses of individual
rings at low, medium and high loads of the engine operating in the SI and HCCI modes.
Like forces, hydrodynamic friction power losses also decrease with the engine load. For
the top and second rings and both operating modes, an increase in load from the lowest to
medium causes a decrease in hydrodynamic friction power loss by approximately 9%, and
an increase in load from medium to high causes a decrease in power loss by approximately
6%. These changes in the case of the oil ring are larger and amount to 13% and 13%,
respectively.

The contact friction power losses of compression rings are equal to zero or are very
small compared to the hydrodynamic friction powers. This is also the case of the oil ring,
where the maximum values of the contact friction forces are larger than the maximum
values of the hydrodynamic friction force (Figure 13). This is due to the very low ring
velocities around TDC, where the contact forces reach high values. As the load increases,
the contact friction power losses increase. In the case of the oil ring, the load increasing
from the lowest to the highest results in a twofold increase in this power. The highest share
of contact friction in the total friction power loss occurs in the case of the oil ring at a high
engine load and amounts to 3%. For the entire ring pack, the share of contact friction in the
total friction power loss is the highest for the engine operating at a high load in the HCCI
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mode, which slightly exceeds 1%. Although the share of losses related to contact friction
is small, the forces of this friction are much more significant in an engine operating at the
HCCI mode. This may contribute to the increased wear intensity of the rings and cylinder
liner in such an engine.
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Figure 15. Hydrodynamic and asperity contact power losses for particular rings, operation modes
and engine loads.

The most considerable differences in the friction powers between the SI and HCCI
modes occur in the case of the top ring—the powers in the HCCI mode are on average
about 5.5% higher. In the case of the second ring, they are larger by approximately 3%. As
previously mentioned, there are no differences in the case of the oil ring. Compared to the
SI engine, the friction losses of the entire ring pack in the HCCI engine are higher by 3.7%,
2.6% and 4.6% at low, medium and high loads, respectively. Therefore, the effect of the
operating mode on the energy losses associated with ring friction is significant.

It should be emphasized, however, that the rings in the tested research engine were
quite high and that engine oil with a relatively high viscosity was used (SAE 10W-40). The
latest designs often use smaller ring heights and lower viscosity oils (SAE 0W-20 or even
lower viscosity) to reduce friction losses. When using such rings and oils, the minimum oil
film thickness will be smaller, and contact friction losses may be greater. In turn, losses due
to hydrodynamic friction will be smaller. Consequently, the shares of contact friction losses
will probably be higher than in the tested engine, and the differences between the SI and
HCCI modes would be more considerable.

5. Conclusions and Future Works

The article analyzes the impact of low-temperature HCCI combustion on the interac-
tion of piston rings with the cylinder and the associated energy losses. This impact was
assessed by a comparison with the losses occurring in an SI engine. The research was
carried out on an advanced mathematical model of the ring pack, which considered the
roughness of the sliding surfaces of piston rings and cylinder liner and the possibility
of mixed friction. The input data for the calculations came from measurements carried
out on an engine that could operate as an SI and HCCI engine, which guaranteed that
both operating modes had the same piston system. The bench tests of the engine and the
corresponding simulation tests were carried out at various loads, from very low to the
highest achievable by the tested engine in the HCCI mode.

The main result of the work carried out is the demonstration that the energy losses
caused by the friction of the rings on the cylinder in the tested engine operating in the
HCCI mode were up to 5% higher than in the same engine operating in the SI mode. This
means that the benefits of the greater thermal efficiency of an HCCI engine are partially
reduced due to its lower mechanical efficiency.

Additionally, simulations have shown that the radial forces pressing the compression
rings against the liner are much more significant when the engine operates in the HCCI
mode. This causes the minimum oil film thickness in the HCCI mode to be smaller. In turn,
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it leads to more frequent asperity contacts of mating surfaces and greater contact friction
forces. However, this did not translate into a proportionally large increase in friction losses,
because in the tested engine, the losses related to hydrodynamic friction dominated, and
the hydrodynamic friction depended to a much lesser extent on the radial force. The shares
of contact friction in the total friction losses in the tested engine were minimal—only up
to 1%.

The tests were carried out on an engine with relatively high compression rings, and
high viscosity engine oil was used. The authors plan to conduct research on the impact of
HCCI combustion on the piston ring performance for rings of smaller height and for oil
with lower viscosity, as commonly used in the newest engines. We also intend to try to find
a solution that would minimize the disadvantage of the HCCI engine with NVO revealed
in this research.
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