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Abstract: Gas bearings have the advantages of small friction loss, wide applicable speed range, no
pollution, etc., and have important application prospects in micro and small high-speed rotating
machinery. However, due to its compressibility and low viscosity, its dynamic stability in high-
speed rotating machinery is the key to constraining its development. The experimental study of
shaft system dynamics is the main means to explore the mechanism of rotor behavior. On the test
platform of dynamic characteristics of multi-disc rotor system supported by aerostatic bearings,
experimental research on the nonlinear dynamic characteristics of a rotor system was carried out, and
nonlinear vibration test and analysis methods, such as axial orbits, bifurcation diagrams, and spectral
characteristics, were adopted, and vibration phenomena, including the critical rotational speed
accumulating energy and low-frequency accumulating energy, were presented and the vibration
characteristics of bearing fracture faults were presented. The bearing supply pressure and rubber
damping pad were introduced as a method to suppress the low-frequency vibration of the aerostatic
bearing rotor system, and its vibration-reduction effect was verified by experiments. The above results
can provide technical support for vibration control and fault diagnosis of rotor systems supported by
aerostatic bearings.

Keywords: aerostatic bearings; critical speed energy storage; low-frequency energy storage; fault
diagnosis

1. Introduction

Gas bearings are a sliding bearing lubricating medium with low viscosity and small
changes with temperature, clean and pollution-free characteristics, radiation resistance,
compressibility, and other gas characteristics. Due to their advantages of low power
consumption, long life, and high precision, they have good application advantages in the
fields of high-speed support, high-precision support, and support under special working
conditions [1,2]. However, the low viscosity and compressibility of air lead to nonlinear
vibration and dynamic instability in high-speed rotating machinery [3]. Researchers have
devoted much effort to hydrostatic gas bearing performance enhancement and dynamic
performance prediction of bearing-rotor systems.

Feng et al. [4] proposed a novel aerostatic bearing with damper modules to suppress
the vibration on the bearing’s surface. By theoretical and experimental investigations,
aerostatic bearings with a hermetically sealed squeeze-film damper can provide better
performance in terms of damping and stability. Moreover, Li et al. [5] proposed a novel
multi-objective optimization design method for quickly and efficiently designing ideal
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micro-hole aerostatic bearings with both the maximum load capacity and stiffness being
large. The effectiveness of the optimization design method was verified by comparing
theoretical and experimental data. Feng et al. [6,7] proposed a new perspective to identify
the characteristics of a pneumatic hammer by comparing the predicted results and the
experimental measurements. The results showed that the pneumatic hammer with aero-
static bearings relied on the frequency characteristics between the natural frequency of the
bearing-load system and pressure fluctuation frequency in the recess. Gao et al. [8] pro-
posed a finite-element method based on the fluid—structure interaction modeling method
for the design of aerostatic thrust bearing. The accuracy of the proposed fluid—structure
interaction model was verified numerically and experimentally. Yu et al. [9] introduced
a novel design featuring a multiple-inclined-orifice restrictors to address the challenge
of turbulent vortices and reducing nano-vibrations in aerostatic bearings. Meanwhile,
load-carrying capacity and vibration tests were conducted on aerostatic bearings equipped
with multiple-inclined-orifice restrictors to validate the proposed model’s accuracy and
assess the effectiveness of multiple-inclined-orifice restrictor. Li et al. [10] investigated the
lubrication mechanism and characteristics of aerostatic bearings with close-spaced micro
holes, which could improve load capacity by over 22% and maximum stiffness by over 32%
compared with aerostatic bearings with inherent orifices. Maamari et al. [11] presented a
dynamic model encapsulating the fluid—structure interaction to investigate the damping
characteristics of bearings with structural compliance. A dynamic model encapsulating the
fluid-structure interaction was established by experimental analysis to validate the model
and sensitivity analysis.

Scholars have carried out a large number of theoretical and experimental studies on the
dynamic stability of gas bearing-rotor systems. Wang et al. [12] established a bidirectional
fluid-structure coupling dynamic model to analyze the dynamic properties of high-speed
aerostatic journal bearing with recess. The influences of operating parameters on the
coupling system are analyzed theoretically and experimentally based on the axis orbit of
the rotor center, Poincare map, time response of rotor, frequency spectrum, mass flow rate,
and bifurcation diagram. Yang et al. [13] researched the non-linear stability of the finite-
length self-acting gas journal by solving a time-dependent Reynolds equation using the
finite difference method. Zhang et al. carried out research on the throttle hole characteristics
of hydrostatic gas bearings [14]. Furthermore, the FDM method was used to solve the
steady-state Reynolds equations and perturbation Reynolds equations to obtain the static
and dynamic characteristics of the hydrostatic gas bearings [15]. In particular, a study on
the influence law of journal tilt on the static and dynamic characteristics of hydrostatic
gas bearings was carried out. In addition, the nonlinear dynamics of the hydrostatic gas
bearing-rotor system were investigated experimentally [16]. Shi et al. carried out an
in-depth study on micro-milling with an aerostatic spindle. Experiments were conducted
to measure the cutting tool displacements under stationary and rotational conditions. The
results showed that the variation in the dynamic coefficients played a significant role in the
spindle dynamics when the force magnitude increased beyond a critical value [17]. Chatter
stability analysis in micro-milling with an aerostatic spindle considering the speed effect
and the effects of supply air pressure and air film thickness on the SLD were investigated
comprehensively [18]. The static and dynamic characteristics of aerostatic thrust bearings
with an orifice restrictor were analyzed by solving the coupled perturbation Reynolds
equations considering the interaction [19]. Yang et al. systematically investigated the
nonlinear dynamic characteristics of the aerostatic bearing—rotor system, provided a series
of experimental measures for nonlinear vibration control of the rotor [20,21], and proposed
a coupled frequency modulation technique for the shaft system with the engineering
stability discrimination criterion [22].

Although scholars have carried out a large number of theoretical and experimental
studies on the characterization of gas bearings and bearing-rotor systems, dynamic analy-
ses combined with practical application scenarios are scarce, and relevant experimental
studies are even more scarce. In recent years, the application of gas bearings has expanded
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into more areas, including the field of ocean temperature difference power generation [23],
hydrogen turbine expander bearing—rotor system dynamics in the field of hydrogen lig-
uefaction [24,25], hydrogen fuel cell vehicles [26,27], and hydrostatic gas bearing—rotor
system dynamics in electric spindles [28,29]. The parameters affecting the sensitivity of the
stability of the shaft system need to be considered by experiments.

In this study, the nonlinear dynamic phenomena of the shaft system, such as the critical
speed energy storage and low-frequency energy storage, are experimentally investigated
on the test platform of the dynamic characteristics of the multi-disc rotor system supported
by aerostatic bearings, and the causes of the bearing fracture failures are presented by
combining with the rotor frequency spectrum and the shaft orbit characteristics so as to
provide experimental support for the subsequent development of the high-speed power
unit supported by aerostatic bearings.

2. Test Bench for Multi-Disc Rotor Systems Supported by Aerostatic Bearings

The test was conducted on the multi-disc rotor system test bench supported by aero-
static bearings. The test platform consisted of a multi-disc rotor system test bench body, an
air compressor aerostatic supply system, and a vibration testing, analysis, and acquisition
system. The rotor structure for the multi-disc rotor system is shown in Figure 1, which is a
double-thrust-disc—four-disc-double-turbine rotor structure. The diagram of the aerostatic
bearings is the same as that of the bearings in Reference [30]. The main structural dimen-
sions of the rotor system are listed in Table 1. The material of the bearing was graphite alloy.
The gap between the shaft and bearing was about 0.08 mm. Acrylonitrile-butadiene “O”
rings were fitted on the outer diameter of the bearing. In the experiment, the eddy current
displacement sensor was arranged on the casing, and the vibration response included the
displacement caused by the deformation of the O-ring.

Table 1. Main structural parameters of rotor and bearings.

Parameters Value Unit
Shaft mass 896.0 g
Disc mass 310.0 g
Turbine mass 169.0 g
Compressor mass 136.0 g
Total rotor mass 2602.0 g
Bearing span 112.7 mm
Medial disc span 169.0 mm
Outer disc span 195.3 mm
Number of magnets 8 /
Impeller mass center distance 249.80 mm
Bearing inner diameter 25.0 mm
Bearing length 40.0 mm
Number of throttle rows 2 /
Number of throttling holes per row 10 /
Throttle hole diameter 0.30 mm
O-ring diameter 3.10 mm

A photograph of the test bench body is shown in Figure 2. The eddy current dis-
placement sensor was arranged on the worm shell on the outer side of the impeller and
two vibration displacement sensors were arranged along the horizontal and vertical direc-
tions, respectively. Meanwhile, the rotational speed signal sensor was arranged horizontally
and one axial displacement sensor was arranged along the axial direction.

The hose on the left in Figure 2 is the bearing gas supply pipeline. The compressed air
was supplied by a 1 MPa, 800 Nm?/h screw compressor. In the gas supply line, pressure
control valves, flow control valves, filters, pressure, temperature, and flow sensors, as well
as pressure-stabilizing valves and emergency shut-off valves, were arranged.
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Figure 2. Experimental bench body of multi-disc rotor system supported by aerostatic bearings.

The rotor rotational kinetic energy in this experimental setup was realized by a pres-
sure gas-blowing turbine instead of an electric drive. The rotor’s disc is arranged with
magnetic blocks, and in practical applications, a power-generating stator coil is arranged
in the middle of the two discs for generating power at high speed. However, during this
experiment, the motor coils were in the no-load condition and were not connected to the
electrical load output. The driving pressure gas passed through the impeller and was
discharged to the atmosphere.

3. Experimental Schemes

Two control group experiments were set up to observe the influence of bearing gas
supply pressure on the vibration response of the multi-disc rotor system supported by
aerostatic bearing. Previous experimental results show that an appropriate bearing supply
pressure can suppress the low-frequency whirl of the shafting and delay the occurrence of
gas film whipping.

Combined with many experiments, the bearing supply pressures of the bearing were
selected as 0.60 MPa and 0.75 MPa, respectively, which are listed in Table 2. During the
experiment, the aerostatic bearing supply pressure at the compressor end was consistent
with the bearing supply pressure at the turbine end.
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Table 2. Experimental schemes under different bearing supply pressures.

i Region 1

200 400 600 800

Bearing Supply Pressure/MPa

Experimental - : - - -
Scheme Aerostatic Bearing at Compressor End  Aerostatic Bearing at Turbine End
(Set Value/Actual Value) (Set Value/Actual Value)
No. 1 0.60 MPa/0.61 MPa 0.60 MPa/0.60 MPa
No. 2 0.75 MPa/0.76 MPa 0.75MPa/0.76 MPa

Meanwhile, in experiment No. 2, a damping rubber pad was installed between the
fuselage and the foundation, as shown in Figure 2, to further suppress the nonlinear
vibration of the shaft.

4. Discussion
4.1. Experimental Results of No. 1

Figure 3 shows the time—frequency—amplitude three-dimensional spectrum of the
multi-disc rotor speed-up process, with the horizontal coordinate indicating the frequency
in Hz, the left longitudinal coordinate indicating the time in s, and the right longitudinal
coordinate indicating the amplitude in um.
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Figure 3. Time—frequency—amplitude three-dimensional spectrum of multi-disc rotor speed-up and
—down process.

The maximum speed of this multi-disc rotor speed-up experiment was 47,600 r/min,
and combined with the vibrational characteristics of the multi-disc rotor speed-up process,
it was divided into eight regions: the critical speed region 1, the speed rise region 2 after
the critical speed, the sub-frequency rubbing region 3, the multiple-frequency region 4,
the speed rise region 5 after the disappearance of the sub/multiple frequency, the gas film
whipping region 6, region 7 after the gas film whipping, and the speed-down rubbing
region 8. In the following, we will combine the axis orbit, the spectra, the bifurcation



Lubricants 2024, 12, 151

6 of 17

diagrams, and other diagrams to analyze the typical vibration characteristics of the rotor in
each region.

The correspondence between the input flow rate of the driving impeller and the
rotational speed is given in Figure 4. The critical speed region 1 in Figure 4 corresponds to
region 1 in Figure 3, the speed rise region 2 in Figure 4 corresponds to region 2 in Figure 3,
and the speed rise region 5 in Figure 4 corresponds to region 5 in Figure 3. The maximum
value of drive flow required for the rotor speed-up process was 473 Nm?/h. After 25%
valve-opening, the rate of increase in flow and speed increased, and the relationship
between the two will be focused on later.
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Figure 4. Corresponding curve of valve flow-opening and rotational speed in the process of rotor

speed—up.

Critical speed region 1. The critical speed region of the multi-disc rotor system sup-
ported by gas bearings was from 7300 r/min to 7850 r/min, corresponding to a frequency
range of 121.67 Hz to 130.83 Hz. When the rotor passed through the critical speed region,
the vibration amplitude appeared at a peak, and the vibration phase appeared to be de-
flected by about 180°. At the same time, near the critical speed, a second peak occurred,
taking the horizontal direction vibration of the turbine end as an example, as shown in
Figure 5, the main critical speed peak occurred at 7834 r/min (corresponding to 130.57 Hz),
and the sub-critical speed peak occurred at 9214 r/min (corresponding to 153.57 Hz), which
may have been due to the anisotropy of the unit support stiffness. The axis orbits of
the rotor through the critical speed region are shown in Figure 6. It can be seen that the
amplitude of the axis orbits increased significantly as it passed through the approaching
critical speed region.

Speed rise region 2 after the critical speed. In the critical-speed region, the turbine flow
(input energy) driving the rotor rotation continuously increased, but there was no sudden
increase in rotor speed. The input energy went through the “energy storage” pathway to
be stored in the critical speed region, which was reflected by higher vibration amplitude.
When the stored energy reached a critical point, the energy was released into kinetic energy
that drove the rotor to rotate, as shown in region 2 in Figure 3. In this experiment, the
lift-off speed point of the multi-disc rotor system supported by gas bearing after the critical
speed was 8644 r/min, and the speed range of the lift-off area was 8644-12,260 r/min. In
region 2, the rotor speed-up rate was higher, up to 734 r/min/s. The axis orbits and time
domain waveforms before and after the lift-off speed are shown in Figures 7 and 8. The
vibration amplitude of the rotor in the speed rise region 2 was much lower than that of
the rotor in the critical-speed region. In Figure 8, the vibration amplitude in the horizontal
direction decreased suddenly at 140.65 s, and accordingly, the vibration amplitude in the
vertical direction decreased suddenly at 140.70 s.
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Figure 5. Vibration response curve of rotor speed-up process.

—— 5,228 r/min
— 7,358 r/min

300 T T T T

200 -

100

Amplitude/ pm
o
T

=100

-200

_300 1 1 1 1 1 1 1
-300 -200 -100 0 100 200 300

Amplitude/ um

Figure 6. Comparative analysis of axis orbits before and after critical speed at turbine end (5228 r/min
vs. 7358 r/min).
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Figure 7. Characteristics of rotor axis orbits before and after lift-off speed (before lift-off speed
8048 r/min, after lift-off speed 10,328 r/min).

Sub-frequency rubbing region 3. The speed range corresponding to this region was
12,260-13,558 r/min. In this region, the rotor had a slight rub-impact phenomenon caused
by low frequency, and there were obvious double low-frequency and rub-impact sweep
frequency components. As shown in Figure 9, the frequency spectrum characteristics of
the double low-frequency were 125 Hz and 161 Hz, respectively. The vibration with a
frequency of 125 Hz was a low-frequency vibration coupled with the critical speed. The
vibration amplitude corresponding to the low frequency of 125 Hz was 19 pum, and the
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vibration amplitude corresponding to the low frequency of 161 Hz was 13.5 um. The axis

orbits of this region are shown in Figure 10.
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Figure 8. Time-domain waveforms before and after the lift-off speed (140.4-140.8 s).
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Figure 9. Spectral characteristics at rotational speed of 12,295 r/min.
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Figure 10. Axis orbits in region 3.

Multiple frequency region 4. The corresponding speed range of this region was
13,558-15,430 r/min. In this region, there were obvious double frequencies and triple fre-
quencies. The axis orbit and spectral characteristics are shown in Figures 11 and 12. In
Figure 12, the domain map of the multiple frequency region is shown, and the vibration
amplitude of the multiple frequency was smaller than the power frequency (1x frequency),
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while the amplitude of the triple frequency was smaller than the amplitude of the dou-
ble frequency.
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Figure 11. Axis orbit at turbine end at 15,314 r/min.
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Figure 12. Spectral characteristics at 15,314 r/min.

Speed rise region 5 after the disappearance of the sub/multiple frequency. In the
sub-frequency rubbing region 3 and multiple frequency region 4, the turbine flow driving
the rotor rotation continuously increased, as marked in Figure 4. The input energy was
partly stored in the sub-frequency whirling, and part of the energy was lost through the
slight rubbing. When the stored energy reached a critical point, the energy was released
into kinetic energy to drive the rotor to rotate, resulting in an increase in speed, as shown
in Figure 3 for region 5. The speed range of this region was 15,430-35,190 r/min. The rotor
speed-up rate was 1874 r/min/s. The axis orbit in this region is shown in Figure 13. The
axis orbit was dominated by cycle one and the vibration amplitude was small.

Gas film whipping region 6. The speed range of gas film whipping was 35,19046,730 r/min.
When the rotational speed reached 35,190 r/min, a low-frequency vibration at 132 Hz
occurred. As the rotational speed fluctuated, the low frequency was basically unchanged,
which was always consistent with the power frequency of the critical speed, showing
the characteristics of low-frequency whipping. Its spectral characteristics are shown in
Figure 14. The vibration amplitude of low-frequency whipping was 32 pm and remained
unchanged. In this region, the rotor axis orbit is shown in Figure 15, which is a typical
quasi-periodic motion feature.
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Region 7 after gas film whipping. When the speed reached 46,730 r/min, the low-
frequency whipping disappeared, and the rotor was running at the power frequency. The
amplitude of the power frequency vibration was basically the same as that of the rotor
vibration in the low-frequency whipping region, and the axis orbit is shown in Figure 16.



Lubricants 2024, 12, 151

11 of 17

Different from the speed rise after the previous low-frequency whirling, the amplitude of
the rotor power frequency vibration remained basically unchanged after the low-frequency
whipping disappeared, and the speed did not rise. But the speed region failed to be
sustained for long (4-5 s), and the rotor lost stability. Therefore, it is generally accepted that
prolonged gas film whipping causes dynamic rotor instability.
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Figure 16. Axis orbits before and after the low-frequency whipping.

Speed-down rubbing region 8. When the rotational speed reached 46,875 r/min, the ro-
tor suddenly slowed down. It can be clearly seen that the deceleration rate (25,311 r/min/s)
of the deceleration process was very large, and there were obvious low-frequency whirling
and rubbing sweep characteristics.

Figures 17 and 18 respectively give the change in the axis orbit of the turbine end and
the compressor end during the deceleration process. It can be seen that, when the speed
was reduced and at a speed of 47,160 r/min, the low-frequency whirl with a frequency of
about 456 Hz appeared at the turbine end, and the whirl ratio was about 0.58. The orbit of
the axis showed obvious period-two characteristics during the low-frequency whirl.

At a speed of 43,990 r/min, the shaft axis orbit of the turbine end showed obvious
rubbing characteristics, but the shaft axis orbit of the compressor end did not exhibit
rubbing, showing chaotic characteristics and obvious eccentric characteristics. With the
decrease of the rotational speed, the shaft axis orbit of the turbine end changes from
serious rub-impact to exit rub-impact, while the shaft axis orbit of the compressor end has
little vibration amplitude. When the rotational speed is 34,760 r/min, the shaft axis orbit
suddenly changes from period 1 to the offset state at the compressor end, and accordingly,
peak elimination occurs at the turbine end. From the axis orbit at the rotational speed of
34,760 r/min, it can be guessed that the rotor and bearing at the compressor end may be
locking up, and the failure characteristics will be further analyzed later by disassembling
the machine.

Figure 19 shows the spectrum characteristics at a speed of 43,990 r/min during the
deceleration process. It can be seen that, due to the high deceleration rate, the power fre-
quency of the rotor presented frequency band characteristics, low-frequency characteristics
with a frequency of 456 Hz, and frequency sweep characteristics of rubbing.

Disassembly inspection. After subsequent disassembly inspection, it was found
that the aerostatic bearing at the compressor end was broken, and half of the bearing was
attached to the rotor. Combined with the characteristics of the section, as shown in Figure 20,
it can be inferred that the bearing was twisted and broken, which is consistent with the
characteristics of the axis orbit of the compressor end at the speed of 34,760 r/min in
Figure 18. The fracture of the surface of the bearing was along the supply hole cross-section.
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Figure 18. Axis orbits in the region of reduced speed rubbing at the compressor end.



Lubricants 2024, 12, 151

13 of 17

80 v T T T T T T T T T T T T
70 E

60 B

Amplitude / ym

1 " " 1 " 1 " 1 n = |
0 200 400 600 800 1,000 1,200
Frequency / Hz

Figure 19. Spectrum characteristics at 43,990 r/min.

Throttling holes

Figure 20. Bearing fracture failure at the compressor end.

It was also found that there were many cracks at the edge of the resin and the magnetic
block on the disc at the turbine end. As shown in Figure 21, the disc deformed outward
along the radius direction, and the deformation was more than 1 cm. This directly affected
the dynamic balance of the rotor, which in turn led to a sharp deceleration of the rotor
at 47,600 r/min. The main reason for cracking was that the outward centrifugal force
generated by the magnet block under high-speed rotation deformed the wheel disc. The low
frequency vibration and critical speed vibration aggravated the deformation characteristics.

4.2. Experimental Results of No. 2

Figure 22 shows the bifurcation diagram of the speed-up process of experiment 2. It
can be seen that the critical speed of the shafting in experiment 2 was 8238 r/min, which
was higher than the critical speed of 7834 r/min in experiment 1. The main reason is that
the increase in bearing gas supply pressure improved the bearing gas film stiffness. When
the speed was 41,825 r/min (corresponding frequency was 697 Hz), chaotic characteristics
appeared on the bifurcation diagram. The frequency spectrum characteristics at this
speed are shown in Figure 23. A low frequency of 154 Hz appeared. The low-frequency
value was higher than the frequency value corresponding to the critical speed of the rotor
(137.3 Hz), which could be judged as the characteristics of gas film whipping, but the
vibration amplitude of the low frequency was very small.
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Figure 21. Disc status after machine dismantling at turbine end.

200 T T T T

Bifurcation point : 41,825 r/min

E sof _
2 ol & |
2 L——uiv"“ i

g -50 " e ‘i -

-150
Critical speed : 8,238 r/min

4
-100 | : / -
—
1

1 1 1
10,000 20,000 30,000 40,000
Rotational speed / r/min

-200 4
0

Figure 22. Bifurcation diagram of experimental scheme 2.
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Figure 23. Spectrum characteristics at 41,825 r/min.

Figure 24 shows the axis orbits of the rotor during the acceleration process. Before the
speed of 41,825 r/min, the axis orbit presented a period-one characteristic. After the gas film
whipping occurred, the axis orbit exhibited quasi-periodic characteristics. The amplitude
of the axis orbit at the critical speed of 8238 r/min was smaller than the amplitude of the
axis orbit at the critical speed in experiment 1, which was due to the damping effect of the

rubber damping pad.
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Figure 24. Axis orbit during the acceleration process of experimental scheme 2.

The following conclusions can be drawn from the comparative experiment. The in-
crease in bearing supply pressure and the introduction of a rubber damping pad eliminated
the low-frequency vibration in the process of rotor acceleration.

5. Conclusions

In this study, the dynamic characteristics of the multi-disc rotor system supported by
aerostatic bearing were studied on a test bench. The main conclusions are as follows.
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The test showed the dynamic characteristics of critical energy storage and whirling
energy storage. During the energy storage period, the vibration amplitude of the rotor
was large, and the rotor speed was basically unchanged with the increase in input energy.
However, when the increase in speed occurred, the vibration amplitude of the rotor de-
creased obviously, and the rate of increase was large. The energy storage phenomenon can
be fully utilized during the operation of the rotor to store the input energy, but the release
process should be properly controlled to prevent the rotor instability caused by the larger
rate of increase.

The test showed the dynamic characteristics of gas film whipping and the axis orbit
presents quasi-periodic characteristics, and the bifurcation diagram presented chaotic char-
acteristics with boundaries. When the gas film whipping occurred, the vibration amplitude
of the rotor was large, and could easily cause other instabilities. In the experiment on a
multi-disc rotor system supported by aerostatic bearing in this paper, the gas film whipping
caused the deformation of the disc, which led to an increase in imbalance, the rubbing fault
of the rotor, and the fracture of the bearing.

The increase in bearing supply pressure and the introduction of the rubber damping
pad eliminated the low-frequency vibration in the acceleration process to improve the
stability of the shafting.

The experimental results presented in this paper can provide experimental support
for the analysis and diagnosis of similar structures and faults, which has important practi-
cal significance.
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