

  energies-17-01989




energies-17-01989







Energies 2024, 17(9), 1989; doi:10.3390/en17091989




Article



Flow Characteristic Analysis of the Impeller Inlet Diameter in a Double-Suction Pump



Hyunjun Jang 1,2 and Junho Suh 1,*





1



Department of Mechanical Engineering, Pusan National University, Busan 43241, Republic of Korea






2



High Turbo Machinery (HTM) Co., 2, Busandaehak-ro, 63 beon-gil, Geumjeong-gu, Busan 46241, Republic of Korea









*



Correspondence: junhosuh@pusan.ac.kr







Citation: Jang, H.; Suh, J. Flow Characteristic Analysis of the Impeller Inlet Diameter in a Double-Suction Pump. Energies 2024, 17, 1989. https://doi.org/10.3390/en17091989



Academic Editor: Pietro Zunino



Received: 15 February 2024 / Revised: 27 March 2024 / Accepted: 3 April 2024 / Published: 23 April 2024



Abstract

:

Pumps are considered crucial mechanical devices in any industry. Especially, double-suction pumps, due to their high-flow design and high head, are utilized in diverse industrial sectors. However, despite these advantages, double-suction pumps are vulnerable to issues like losses, vibrations, and cavitation. Pump vibration is mainly caused by suction recirculation occurring at the impeller inlet. Therefore, this study investigates the impact of the impeller inlet design on enhancing the stability of double-suction pumps while expanding the operating flow range. Through a validated CFD study, the influence of the impeller inlet passage size on the head and efficiency was analyzed. Furthermore, research was conducted on the phenomenon of suction recirculation occurring at the impeller inlet, proposing design guidelines to minimize it, especially for operation at low flow rates. The results demonstrate that the ratio of the hub diameter to the shroud diameter at the impeller inlet significantly impacts the avoidance of recirculation at low flow rates. These findings are expected to contribute to improving the stability and efficiency of high-flow pumps.
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1. Introduction


Pumps are widely used in various industries, including building management, manufacturing, and petrochemical plants. Among these pumps, the double-suction pump is highly valued due to its special characteristics and performance. A double-suction pump is a type of centrifugal pump that has been utilized in various forms and applications for centuries. The double-suction pump is particularly recognized for its high capacity. Its distinguishing features are the suction inlets that are located on both sides of the impeller. This design allows double-suction pumps to operate with high efficiency and expand its range of applications. Therefore, they are widely used in various industries. Additionally, double-suction pumps can implement a high flow rate and be used in high-head systems. Moreover, due to their structural and flow characteristics, the suction of equal amounts of fluid on both sides of the impeller generates less axial force compared to single-suction pumps. However, these pumps may be susceptible to issues such as losses due to complex fluid pathways, vibrations, and cavitation. Various studies are underway to address these issues, and papers and patents related to this topic continue to be published. According to the vibration standards of API610 [1] provided by the American Petroleum Institute, the operating range of pumps is divided into a Preferred Operating Region (POR) and Allowable Operating Region (AOR). Typically, the flow range of the POR is 70% to 120% of the pump’s flow rate at the Best Efficiency Point (BEP). Furthermore, API610 claims the vibration of an overhung (OH)-type, single-stage pump and a between-bearing (BB)-type, double-stage pump should not exceed 3.0 mm/s. The AOR vibration standard is +30% of the POR standard, not exceeding 3.9 mm/s. The operating range of a pump refers to the flow range that does not exceed the vibration limit of the AOR, with the minimum flow point represented as the pump’s minimum flow rate. Vibrations are often significant under part-load conditions, related to the fluid’s vortex characteristics [2]. Frequency analysis shows that these phenomena occur very broadly below 1X of the Vane-Passing Frequency (VPF). Such sources of vibration, caused by recirculation, vortices, stall, pressure fluctuation, etc., need to be improved for the fatigue life of the pump and for noise and vibration reduction [3].



Fraser et al. observed that suction recirculation in centrifugal pumps causes surges, high noise decibels, and abnormal vibrations [4]. Experimental evidence showed cavitation-induced erosion despite an adequate Net Positive Suction Head (NPSH). Breugelmans and Sen experimentally observed recirculation at impeller inlets with varying shapes [5]. Ashihara and Goto used steady-state CFD analysis to study suction recirculation in inducers, comparing the alignment with experimental results [6]. Using the CFD flow behavior, the presence of vibrations can be predicted in the pumps [2,7], rather than estimating their intensities. Fluid-induced instability is the main cause of pump vibrations, which are indicated as flow circulations, vortices, and pressure fluctuations [8,9] as they can visualize in detail using CFD simulations [2,7]. Therefore, one of the aims of this CFD study is to determine the vibration condition based on the flow recirculation phenomenon occurring at the impeller inlet of a pump.



Yamanishi et al. [10] and Kang et al. [11] researched the flow instability in inducers due to inlet recirculation using CFD simulations with an LES turbulence model. Shim et al. [12] analyzed various impeller designs to reduce suction recirculation and cavitation using CFD simulation with the shear stress transport (SST) turbulence model and multi-objective optimization. The pump studies discussed above were conducted to observe and mitigate recirculation in OH-type, single-suction pumps. Furthermore, studies on double-suction pumps have also been carried out by many researchers. Capurso, T. [13] investigated performance variations based on the impeller geometry of double-suction pumps using OpenFOAM simulation, comparing it with experimental measurements. Yao [14] conducted an experiment with pulsation measurements of the casing and the impeller of a double-suction pump, and the pressure fluctuations of a double-suction centrifugal pump were experimentally investigated by Wang [15] to determine the effects of the flow rate and rotation speed. Hatano [16] used CFD simulation alone with a k-ε turbulence model and an experimental study to observe the cavitation stability of a double-suction centrifugal pump. The impact of the outer diameter of the impeller exit on the pump performance and cavitation was studied by Matlakala, M.E. [17] using affinity laws, and its safety was analyzed through structural analysis. Al-Obaidi, A. [18] conducted CFD simulation with an SST turbulence model to detect cavitation’s occurrence at various outlet impeller diameters and flow rates and make correlations. W. Shi [19] examined performance changes based on the shape of the impeller exit using CFD simulations, while Reddy S.T.C [20] hypothesized the optimal value for the diffuser outlet width using experimental methods. Tan Ming-Gao [21] found that the blade outlet width of a centrifugal pump had a clear effect on the design point characteristics, flow field, and performance curve shape via CFD simulations. There are numerous preliminary studies investigating the recirculation phenomenon at the impeller inlet and pump cavitation. D. Zhu [22], Sano [23], Balasubramanian [24], and Dönmez, A. H. [25] mainly researched cavitation based on the leading edge shape of the impeller inlet using CFD and experimental methods. Luo [26] conducted research on the effects of the starting point and the size of the impeller’s leading edge, and Shukla [27] carried out both experimental and numerical studies on the cavitation performance related to variations in the inlet diameter. Researchers studying turbo-machinery have conducted various studies on fluid instability [28,29] and vortices [30], and research on optimization methods is also being conducted [31,32].



Even though there have been many studies on pumps, impeller geometry, and impeller-related cavitation and performance enhancement, only a few studies have been conducted to analyze the vibration phenomenon in double-suction pumps. Thus, the effect of the size of the impeller inlet passage on flow-circulation-related vibration has not been previously researched. Therefore, this study analyzed the flow characteristics, mainly the recirculation phenomenon, of double-suction pumps based on the impeller’s inlet width using experimental and numerical methods to confirm the performance at various flow rates. The impeller width was varied based on the ratio of the hub diameter to the shroud diameter. It examined the recirculation phenomena and their magnitudes and locations of formation depending on the five different inlet widths. This led to predictions of the flow points where recirculation would occur based on the ratio of the hub diameter to the shroud diameter at the impeller inlet, deriving design strategies to minimize it.



The manuscript starts with a brief introduction of double-suction pumps, explaining their advantages and applications and previous studies on improvements, followed by identifying the research gap. Section 2 describes the pump geometry and the design procedure, especially the design criteria for the impeller eye diameter. Numerical validation is discussed in Section 3 by comparing the results with experiments conducted for the available pump design. The core interest of this research is explained in Section 4, discussing the flow characteristics of five impeller inlet designs, identifying the circulation occurrence at the flow points, and leading to findings on the appropriate impeller hub-to-shroud-diameter ratio for an optimal design. The manuscript concludes by summarizing the research findings, mentioning their importance to industrial applications.




2. Pump Design


2.1. Geometry


The design of pumps is a complex process that requires consideration of various factors. In particular, the operating conditions, fluid characteristics, and the size of the pump have a decisive impact on its performance and efficiency. These factors must be carefully considered during the design process. While double-suction pumps demonstrate excellent performance in supplying high flow rates, they tend to be susceptible to cavitation. Cavitation is a phenomenon in which liquid forms into vapor due to low pressure within the pump, leading to performance degradation and damage. The inlet diameter of the impeller is a particularly important design factor, determined by the capacity and speed of the pump. This significantly affects the pump’s performance, and therefore the selection of an appropriate inlet diameter greatly influences the overall performance of the pump.



The flow passage shape of a double-suction pump is as depicted in Figure 1. This design is from an actual pump manufacturer with field operation experience. The pump, known to have noise and vibration issues, was used as a reference for this study.



The suction pump has an inlet diameter of approximately 812 mm (32 inches), and the fluid enters through the suction inlet, divided between both sides before flowing into the impeller’s inlet. The impeller has five vanes on the same plane at equal spacing with a symmetrical arrangement. The volute passage in double-suction pumps has splitters inside to mitigate radial thrust in high-flow and high-head conditions. High radial thrust can lead to rapid wear-ring wear and potential shaft fatigue. Therefore, the design includes a double structure with splitters. The volute outlet diameter is 762 mm (30 inches). The wear-ring, between the rotating and non-rotating parts, is designed with a gap, having a unilateral clearance of 3.0 mm, and its shape is taken into consideration. The horizontal length of the modeling from the inlet to the outlet of the pump is approximately 7.28 m.




2.2. Design of the Impeller Inlet


In designing impellers to counteract cavitation, it is imperative to achieve a low NPSHre (Net Positive Suction Head required). One strategy involves increasing the inlet area of the impeller’s design, often entailing the enlargement of the impeller’s eye diameter based on the designer’s experience. Gulich [33] suggests that for centrifugal pumps, the eye diameter should adhere to the equation specified in Equation (1). This research has also adopted this equation as a foundation, progressing beyond experience-based designs aimed at avoiding cavitation towards formulating designs that effectively suppress recirculation.


    d   1 a   = 2.9       Q   L a       f   q     n     k   n     tan  ⁡    β   1           1 +     tan  ⁡    β   1         tan  ⁡    α   1           3    



(1)








	
QLa: Flow rate through impeller: QLa = Q + Qsp + QE + Qh = Q/ηv













	-

	
Q: Flow rate, volumetric flow




	-

	
Qsp: Leakage flow rate through the seal at the impeller inlet




	-

	
QE: Flow rate through axial-thrust-balancing device




	-

	
Qh: Flow rate through auxiliaries (mostly zero)




	-

	
ηv: Volumetric efficiency














	
fq: Impeller eyes per impeller: single-entry fq = 1; double-entry fq = 2



	
n: Rotational speed (revolutions per minute)



	
kn: Blockage caused by hub: kn = 1 − dn2/d12



	
dn: Hub diameter



	
α1: Angle between directions of circumferential and absolute velocity, 1: impeller blade’s leading edge



	
β1: Angle between relative velocity vector and the negative direction of circumferential velocity, 1: impeller blade’s leading edge








Figure 2 represents one of the impeller inlet passages. The horizontal red line denotes the z-axis, while the vertical red line signifies the R-axis. The term d1a refers to the shroud diameter, and d1i indicates the hub diameter of the impeller inlet [33]. Referring to the illustration in Figure 2, the impeller inlet’s width was set to five different sizes, as detailed in Table 1.



The distance between the impeller’s hub and the shroud were set to five different sizes, as shown in Table 1, while altering only the outer diameter of the shroud with a constant hub diameter. The hub diameter at the impeller inlet is 266.6 mm. The shroud diameter in Case 1 was 586.0 mm. From Case 1 to Case 5, the diameter was reduced by 3% incrementally. The shroud diameter in Case 4 is the size calculated using Equation (1). The shape of Case 1 is designed to be 9% larger than the size of Case 4, and Case 5 is about 3% smaller.



Generally, the impeller’s outlet affects the pump’s head [17,18,19,20,21]. Among the conventional design methods, the theoretical formula for the impeller exit follows Equation (2), and the design was conducted by referring to this equation. In this paper, the outer diameter (d2) and width (b2) of the impeller’s outlet, as well as the exit blade angle, were kept constant across all cases. The impeller inlet has the most influence on the stability of the pump and cavitation [22,23,24,25,26,27]. Therefore, this study fixed the diameter of the impeller’s hub (d1i) and varied the shroud size (d1a) at the inlet as described earlier, aiming to understand how the ratio of the diameter of the hub to the diameter of the shroud at the impeller inlet affects the pump’s performance and stability.


    d   2   =   60 ×   u   2     π × n    



(2)








	
    d   2      : Impeller’s outer diameter



	
    u   2    : Impeller’s outer diameter tip speed,     u   2   =   K   u    2 g H   













	-

	
    K   u    : The values computed using a Stepanoff chart. [34]




	-

	
H: Head,   H =     P   T o t a l ,   o u t l e t   −   P   T o t a l ,   I n l e t     ρ g     (m)




	-

	
  g  : Gravitational acceleration (  m /   s   2    )




	-

	
  ρ  : Liquid density (  k g /   m   3    )











3. Numerical and Experimental Methods


3.1. Experimental Method


To ensure the reliability of the flow analysis, a pump performance experiment was conducted on Case 1 among the five impeller configurations. Figure 3 displays the assembled pump manufactured for the experiment. To verify the pump’s performance, the measurements included the flow rate (Q [m3/h]), total head (H [m]), liquid temperature (T [°C]), and power (P).



Flow measurements were taken at pump discharge using an electronic flow meter (KTM-800, Korea Flowmeter Co. LTD, Incheon, Republic of Korea) with a maximum measuring range of 18,000 m3/h and a maximum error of 0.5%, as verified using technical data. For the total head measurement, the pressure was taken at a position three times the diameter away from the pump’s suction casing inlet, and the discharge pressure was measured five diameters away from the discharge volute outlet. A pressure transmitter (266GST, ABB Asea Brown Boveri Ltd, Zurich, Switzerland) was used for the pressure measurements, with a maximum range of 30 bar and a maximum error of 0.04%, as stated in the technical documentation. The liquid temperature was measured at the pump’s suction inlet. The pump’s performance was evaluated at a total of 7 flow rates, including the check point, based on the flow rate.




3.2. Flow Analysis Verification with a Numerical Method


The CFD analysis was conducted using ANSYS CFX ver. 2021 R2 under steady-state conditions. ANSYS Mesh was utilized for the grid generation with a Tetra-Prism mesh for the suction and volute, while ICEM CFD was used with a Hexahedral mesh for the wear-ring, which has a thin clearance shape in the impeller. For the impeller, a Hexahedral mesh was created for one of ten blades using TurboGrid, considering all the impellers using replication and symmetry during the analysis.



Before verifying the pump’s performance, it was essential to determine an appropriate number of nodes to ensure grid dependency did not affect the results. The properties were based on water at 25 °C, with a density of 997.0 kg/m3. No heat transfer analysis was conducted. The boundary conditions were set with a reference pressure of 1.0 atm, the inlet at 0 Pa, and the outlet at the mass flow rate [kg/s], corresponding to 7500 m3/h. The impeller’s rotation speed was 710 rpm. A shear stress transport (SST) turbulence model was used as the turbulence numeric in the RANS model since it captures the flow behavior inside and outside the boundary layer with a combination of k-ε and k-ω models [35,36]. Furthermore, the SST model simulates the induced flows and vortices in rotating machines much more accurately compared to other turbulence models [37,38,39,40,41]. A high-resolution advection scheme and a turbulence numeric were used in the CFX solver settings, and the energy equation was not activated since the simulation solves for an incompressible flow without a heat transfer model. The impeller inlet interface option was set as Frozen rotor and the exit as Stage according to the CFX documentation. Table 2 summarizes the CFX solver settings, indicating the boundary conditions.



Assuming that an increased mesh number reduces spatial errors, the node count was varied to observe the results. Mesh refinement was carried out while maintaining the average y+ value at less than 10. To better predict the boundary-layer flow, more than 10 rows of Prism grid layers on the wall were used. With 12,691,000 nodes, an increase of approximately 10% in the mesh led to a 0.5% change in the head as illustrated in Figure 4. A decrease of about 10% in the node count resulted in a 2% change in the head. Therefore, the flow analysis was conducted with the fourth-largest node count resolution, where the head value showed a negligible change with the node count.



Table 3 organizes the node counts used for each part of the analysis, specifying that the node count for the impeller accounts for ten blades. The impeller represents approximately 52% of the entire mesh. The total node count utilized for the flow analysis was 12,691,000 [EA]. Additionally, Figure 5 displays the mesh configuration of the impeller.



Figure 6 compares the experimental results with the CFD outcomes for a double-suction pump equipped with Case 1’s impeller. The CFD analysis was performed at seven flow points ranging from 0.6 to 1.2, including the flow at the BEP (Best Efficiency Point), increasing the flow by 10% each time.



The horizontal axis Q in Figure 6 represents the flow point, which means the ratio of the measured flow rate to the flow rate at the highest efficiency. The flow point is 1.0 when the flow rate is 8250 m3/h. At the pump’s main operating flow point, 0.9 (7500 [m3/h]), the CFD analysis predicted a 6.1% higher head and a 3.7% higher efficiency compared with the experiment. The highest efficiency point, both in the experimental and CFD results, was recorded at flow point 1.0, but a 5.4% higher head and a 2.6% higher efficiency were predicted in the CFD analysis than the experiment. The minimum discrepancy between the experiment and CFD analysis occurred at the BEP. At the 0.6 flow point, approximately 40% lower than the BEP, the CFD analysis predicted a 7.8% higher head and a 4.5% higher efficiency. It is observed that at the BEP, where secondary flows are minimal, the difference between the CFD simulation and the experiment is relatively small. As one moves away from the BEP, towards lower or higher flows, irregular secondary flows increase, leading to greater losses, reduced efficiency, and larger discrepancies between the CFD and experimental results.





4. Results


4.1. Performance Analysis


To observe the changes in the head and efficiency as pump performance indicators, the flow rate was varied, and the performance was measured at each rate. The flow rate Q:1.0 is 8250 m3/h. The performance difference was examined by incrementally increasing Q from 0.6 to 1.2 by 10%.



Figure 7a compares the changes in the head with varying flow rates. A notable head difference is observed at lower flow rates when the impeller inlet’s width varies. Comparing the head at flow point 0.6, the largest diameter (Case 1) and the smallest diameter (Case 5) differ by 4.26%. The difference in the head diminishes with an increasing flow, indicating that the size of the impeller inlet significantly impacts its low-flow performance. Larger impeller inlets, or greater differences in diameter between the hub and shroud, lead to a higher head at lower flows, suggesting an effect on the slope of the pump’s head curve.



Figure 7b shows a comparison of efficiency. As the impeller inlet’s diameter decreases, its efficiency increases across all flow rates, especially at lower flows, with the difference diminishing at higher flows. The largest inlet impeller size (Case 1) shows a significantly lower efficiency compared to the other cases, implying higher torque and thus more work on the part of the impeller, leading to greater losses. The head and efficiency are highly affected at lower flows, whereas they show less of a difference at higher flows. A too-large difference in diameter between the hub and shroud, as in Case 1, results in a significantly lower efficiency.



The torque of a pump can be explained by understanding the relationship between the head and efficiency variation. As the pump torque increases, the head relatively increases, but the efficiency tends to decrease. This happens because as the torque increases, the required energy consumption also increases. The results of Figure 7 show that when the impeller eye diameter is large, the head is high at low flow rates, while the efficiency is low. This implies that an impeller with a large eye diameter requires more torque due to the recirculation phenomenon that occurs at the impeller’s intake.




4.2. Suction Recirculation Analysis


Figure 8 shows the velocity streamline for different flow points in Case 1, the largest impeller inlet. The recirculation at the impeller inlet can clearly be observed using streamlines. Recirculation, signifying backward flow, starts to appear below the 1.0 flow point, identifying the typical phenomenon occurring at low flow rates, not near the BEP. However, circulation is also observed in Case 1 at the BEP, where the flow point is 1.0. As the flow rate decreases, the backward flow characteristic intensifying at the pump inlet becomes more pronounced. This reverse flow re-enters the impeller, leading to an increased workload and reduced efficiency. The reverse flow also impacts the suction casing, connected to the pump’s bearing housing, directly influencing the vibrational effect. In the experiment of Case 1, vibration was recorded as 3.0 mm/sec at the 1.0 flow point, whereas it was increased at lower flow rates. This high vibration characteristic is attributed to the suction recirculation impacting the suction casing.



Figure 9 displays the velocity distribution in the streamwise direction from the meridional plane for Case 1. The analysis using ANSYS CFD-Post Turbo Mode highlights the negative velocities, indicating a flow opposite to the impeller’s discharge direction. Lower flow rates exhibit stronger backward flows, particularly near the impeller’s shroud. These negative velocities are less pronounced near the hub, indicating a positive flow towards the impeller discharge. This trend suggests that at lower flow rates, the main flow is directed more towards the hub.



Figure 10 examines the suction recirculation in Cases 2 to 5 through streamlines, identifying the flow rates at which recirculation occurs or does not. The analysis qualitatively shows that decreasing the impeller shroud’s diameter by 3% progressively reduces the flow rate where suction recirculation starts.



Figure 11 was acquired using Turbo Mode in ANSYS’s CFD-Post. The measurement location is shown in the top-right corner of Figure 9, positioned ahead of the impeller’s leading edge (LE) at the 0.2 location in the streamwise direction [42]. The distribution of the velocity streamwise was organized in each case according to the flow rate. At flow point 0.6, all the cases showed a negative flow at the impeller inlet. A negative flow was observed for flow point 0.7 in Case 5; for flow point 0.8, in Cases 4 and 5; for flow point 0.9, in Cases 3, 4, and 5; and at flow point 1.0, no negative flow was observed in any case. These results align with the findings from Figure 8 to Figure 10, demonstrating that larger shroud diameters lead to backward flow at lower flow rates. In Case 1, where d1a is largest and the d1a/d1i ratio is highest, the negative velocities reach −6 m/s at the 1.0 flow point, and the velocity reaches −11 m/s at the lower flow point 0.6, observed near Span 0.9. Here, Span 0 represents the hub, and Span 1.0 indicates the shroud [42], with Span 0.9 denoting proximity to the shroud. Moreover, in Case 1, the negative flow is even more visible at spans lower than 0.9 as the flow rate decreases, implying that the area of negative flow into the impeller inlet increases at lower flow rates. Also, the velocity of this negative flow increases with a decreasing flow rate, potentially impacting the suction casing at lower flow rates. A positive flow is always observed near the lower span hub area, with the primary flow directed towards the hub at even lower rates.



In the designs of high-flow pumps, the impeller inlet’s diameter is often increased to ensure a cavitation-safe design. However, a larger inlet diameter can make the pump more susceptible to suction recirculation, especially at low flow rates close to the lower limit of the POR (Preferred Operational Range). This suction calculation, which is observed as the flow behavior in the CFD-Post process results, can generate considerable vibration and noise, leading to damaging the pump’s components. Therefore, Figure 12 can serve as an indicator for addressing such issues, showing the flow rate points where suction recirculation occurs based on the ratio of the impeller inlet’s hub to its shroud (d1a/d1i). The blue areas indicate points without recirculation, whereas the red area above the black baseline indicates recirculation.



In BB (between-bearing)-type double-suction pumps, the suction recirculation generated at the impeller inlet can affect the suction casing, making the pump more prone to vibration. Therefore, it is preferable to design to avoid suction recirculation at lower flow rates, mainly closer to 70% of the Best Efficiency Point, as indicated by the lower limit of the POR. As depicted in Figure 12, it is advisable to design a double-suction pump to avoid recirculation occurring below a d1a/d1i ratio of approximately 2.01, where the flow point is 0.7 regarding the lower limit of the POR. Furthermore, the relationship between the impeller inlet’s diameter ratio and the flow rate follows the line     d   1 a   /   d   1 i   = 0.6602 Q + 1.5334   within a diameter ratio of 1.93 to 2.20, as this study explored.





5. Conclusions


This study investigated the impact of varying the impeller inlet’s geometry size on the performance and stability of double-suction pumps. Five different impeller hub-to-shroud ratios were compared for a range of flow rates while observing the suction recirculation phenomena and evaluating the pump’s performance. The CFD simulation method was validated through experiments for a selected impeller design across a range of flow rates by comparing the changes in the head and efficiency before extending the research to different impeller sizes. In the case of the impeller sizes, a larger impeller inlet was observed to have a high head at lower flow rates, resulting in low efficiency, whereas a smaller impeller inlet had high efficiency.



The study also examined the suction recirculation phenomenon at the impeller’s inlet. Suction recirculation was mainly observed at flow rates lower than the BEP, where the flow rate was closer to the lower limit of the POR, indicated by 70% of the BEP. These circulations negatively impact the pump’s stability and efficiency, potentially leading to issues like vibration and noise. The study found a trend of the suction recirculation phenomenon decreasing as the impeller inlet’s hub-to-shroud diameter ratio reduces. In conclusion, the study suggests that the design of the impeller inlet’s geometry in double-suction pumps has a high influence on the pump’s performance and stability. The flow point where suction recirculation occurs varies according to the hub-to-shroud ratio (d1a/d1i) of the impeller inlet. To avoid suction recirculation for the given double suction pump, especially at the lower limit of the POR (70% flow rate of the BEP), the pump’s impeller diameter ratio should be 2.01, and the relationship between the flow point and the impeller inlet’s diameter ratio follows the     d   1 a   /   d   1 i   = 0.6602 Q + 1.5334   linearity behavior for a range of 1.93 to 2.20 diameter ratios.
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Nomenclature




	Abbreviation
	Description



	AOR
	Allowable Operating Region



	BB
	Between-Bearing



	BEP
	Best Efficiency Point



	CFD
	Computational Fluid Dynamics



	LE
	Leading Edge



	NPSH
	Net Positive Suction Head



	OH
	Overhung



	POR
	Preferred Operating Region



	RANS
	Reynolds-Averaged Navier–Stokes



	SST
	Shear Stress Transport



	VPF
	Vane-Passing Frequency



	Parameter
	Description



	d1a
	Shroud diameter and eye diameter (mm)



	dn
	Hub diameter (mm)



	fq
	Impeller eyes per impeller: single entry fq = 1; double entry fq = 2



	kn
	Blockage caused by hub: kn = 1 − dn2/d12



	n
	Rotational speed (rpm)



	Q
	Volumetric flow rate, flow (m3/h)



	QE
	Flow rate through axial-thrust-balancing device (m3/h)



	Qh
	Flow rate through auxiliaries (m3/h)



	Qla
	Total flow rate through impeller: QLa = Q + Qsp + QE + Qh = Q/ηv (m3/h)



	Qsp
	Leakage flow rate through seal at impeller inlet (m3/h)



	α1
	Angle between directions of circumferential and absolute velocity, 1: impeller blade’s leading edge (o)



	β1
	Angle between relative velocity vector and the negative direction of circumferential velocity, 1: impeller blade’s leading edge (o)



	ηv
	Volumetric efficiency (%)



	     d   2     
	Impeller’s outer diameter [mm]



	     u   2     
	Impeller outer diameter tip speed,     u   2   =   K   u    2 g H    (m/s)



	     K   u     
	The values computed using a Stepanoff chart [34]



	H
	Head,   H =     P   T o t a l ,   o u t l e t   −   P   T o t a l ,   I n l e t     ρ g     (m)



	   g   
	Gravitational acceleration (  m /   s   2    )



	   ρ   
	Liquid density (  k g /   m   3    )
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Figure 1. Three-dimensional modeling. 






Figure 1. Three-dimensional modeling.



[image: Energies 17 01989 g001]







[image: Energies 17 01989 g002] 





Figure 2. Hub and shroud diameter location at impeller inlet [33]. 
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Figure 3. Experimental setup of evaluating the pump performance: (a) schematic diagram, (b) laboratory testing model. 
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Figure 4. Change in head depending on the number of nodes. 
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Figure 5. Shape of impeller mesh. 
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Figure 6. Comparison of CFD and experimental results. 
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Figure 7. Performance comparison by impeller eye diameter. 
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Figure 8. Suction recirculation expressed as a streamline in Case 1. 
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Figure 9. Velocity in the streamwise direction from the meridional plane (Case 1). 
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Figure 10. Suction recirculation expressed as a streamline in Cases 2–5. 
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Figure 11. Velocity streamwise distribution near impeller LE in each case according to flow rate. 
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Figure 12. The flow rate at which suction recirculation occurs depending on the diameter ratio (hub-to-shroud ratio) of the impeller inlet. 
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Table 1. Impeller eye diameters of cases.
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d1a Decrease Ratio

	
d1a [mm]

	
d1i [mm]

	
d1a/d1i






	
Case 1

	
1.00

	
586.0

	
266.6

	
2.20




	
Case 2

	
0.97

	
566.0

	
2.12




	
Case 3

	
0.94

	
548.0

	
2.06




	
Case 4

	
0.91

	
534.0

	
2.00




	
Case 5

	
0.88

	
514.0

	
1.93











 





Table 2. CFX solver settings.
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	Material
	Water 25 [°C] (997.0 [kg/m3])



	Heat Transfer
	None



	Reference Pressure
	1.0 [atm]



	Turbulence
	Shear Stress Transport (SST)



	Rotation Speed
	710 [rpm]



	Inlet
	0 [Pa]



	Outlet
	Mass flow rate [kg/s]



	Walls
	No Slip










 





Table 3. Mesh type and number of nodes.
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	Part
	Mesh Type
	Number of Nodes





	Suction
	Tetra-Prism
	2,720,313



	Impeller (10ea)
	Hexahedral
	6,641,940



	Wear-ring
	Hexahedral
	2,880,960



	Volute
	Tetra-Prism
	447,787



	Total
	-
	12,691,000
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