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Abstract:



Taking net power output as the optimization objective, the exergy loss distribution of the subcritical Organic Rankine Cycle (ORC) system by using R245fa as the working fluid was calculated under the optimal conditions. The influences of heat source temperature, the evaporator pinch point temperature difference, the expander isentropic efficiency and the cooling water temperature rise on the exergy loss distribution of subcritical ORC system are comprehensively discussed. It is found that there exists a critical value of expander isentropic efficiency and cooling water temperature rise, respectively, under certain conditions. The magnitude of critical value will affect the relative distribution of exergy loss in the expander, the evaporator and the condenser. The research results will help to better understand the characteristics of the exergy loss distribution in an ORC system.
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1. Introduction


With the fast growth of fossil fuel consumption, the use of low grade waste heat has attracted public attention in recent years. Using low-grade waste heat can not only reduce fossil fuel consumption, but also can relieve environmental problems. Organic Rankine Cycle (ORC) is one of the attractive methods to recover low-grade waste heat. It has many advantages as compared with a traditional vapor Rankine cycle [1,2,3,4]. For example, the ORC technology exhibits advantages in abating CO2 emissions and pollutants compared to the steam Rankine cycle and the air bottoming cycle [5]. Additionally, the thermal efficiencies of combined ORC cycle design-point and part-load are 0.2%-points and 5.1%-points higher than the steam Rankine cycle and air bottoming cycle systems [5]. The working fluids, which are mostly organic fluids, have a higher molecular mass and lower critical temperature than water, making small or medium scale power plants technologically and economically feasible [6]. However, for the organic fluid, the fluid decomposition is more likely to occur because of the overheating in the heat exchanger, which will decrease the net power output. And so Benato et al. [6] carried on the investigation of critical dynamic events causing thermochemical decomposition of ORC working fluid.



Also, many investigations on ORC are mainly focused on the choices of the working fluid [7,8,9,10,11,12] and its performance [13,14,15,16,17,18,19,20,21]. Hung et al. [13] discussed the irreversible loss of the key parts in ORC and found that the maximum irreversible loss happens in the evaporator. Analogously, Wei et al. [14] showed that the greatest irreversible loss occurs in the evaporator when waste heat temperature varies from 610 K to 650 K. Usually, the greatest exergy loss is in the evaporator under the given conditions [15,16,17,18] and the smallest exergy loss is in the pump in ORC. But the magnitude of exergy loss in the expander and the condenser will change with different conditions such as expander isentropic efficiency and pinch point temperature difference.



The above research indicated that the exergy loss in the evaporator is the biggest, followed by the expander or condenser in subcritical ORC. Generally, these conclusions are obtained under given conditions which cannot stand for real working conditions. The operation parameters in the real ORC are variable due to the change of the load and this will result in renewable irreversibility distribution in ORC. Some experimental research about the expander shows that the expander isentropic efficiency can vary from 30% to 85% [22,23,24,25,26,27,28,29]. Little of the literature focuses on the variation of operating parameters for ORC based on the second law efficiency [30,31,32,33,34]. To gain a better practical understanding about the irreversibility distribution in a subcritical ORC with a low temperature heat source, it is necessary to study the irreversibility distribution and the heat transfer capability of the ORC system under some different conditions, such as the variation of heat source temperature, the evaporator pinch point temperature difference, the expander isentropic efficiency, the cooling water temperature rise and so on.



When the expander isentropic efficiency is fixed at a high value, the exergy loss in the expander is very low. However, when the expander isentropic efficiency is fixed at a low value, the exergy loss in the expander will become very high and it will exceed the exergy loss in the evaporator or the condenser. So, it can be predicted that there exists a critical value of the expander isentropic efficiency, making the exergy loss in the evaporator or the condenser equal to that in the expander. The same phenomenon can be predicted for the influence of the evaporator pinch point temperature difference. The exergy loss redistribution in the ORC will also have an effect on the heat transfer capability of the ORC. This research will exhibit the predicted results in detail.




2. System Description and Assumptions


Generally, the ORC system consists of a pump, an evaporator, an expander and a condenser, as shown in Figure 1a. The working fluid is pumped from low pressure to high pressure, and then heated in the evaporator by waste heat to become a vapor with high pressure. The vapor enters into the expander to generate power. After the work is done in the expander, the high pressure vapor becomes a low pressure vapor and then it goes into the condenser where the low pressure vapor is condensed at a constant pressure to become a saturated liquid. Once the condensed saturated liquid returns to the inlet of pump, another cycle of working fluid starts again. The corresponding ORC thermodynamic process on the T–s diagram is shown in Figure 1b. The 3–4 s and 1–2 s in this figure are isentropic processes in the pump and the expander under ideal conditions, respectively.


Figure 1. The diagram of Organic Rankine Cycle (ORC). (a) The system diagram; (b) The T–s diagram.
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Three types of working fluid can be used: wet, isentropic or dry fluid. According to the slope of the saturation vapor curve on the T–s diagram, the types of working fluid can be determined. After defining ξ = ds/dT, the types of working fluids can be predicted. That is, ξ < 0: a wet fluid, ξ~0: an isentropic fluid, and ξ > 0: a dry fluid. Isentropic fluid R245fa was selected as the working fluid based on its good cycle performance [9,10] and eco-friendly characteristics [35], and it has been widely used in ORCs up to now and is researched quite well [36]. However, the global warming potential (GWP) of working fluid is not considered in this research.



The simulation conditions are given in Table 1, and the following assumptions are made: the system reaches a steady state; pressure drop in the evaporator, condenser and pipes, and heat losses between the whole system and the environment are negligible; the working fluid is at saturated liquid state at the outlet of the condenser. The heat source is the exhaust gas while the heat sink is the cooling water.



Table 1. Specifications of the ORC conditions.







	
Description

	
Data






	
Waste heat inlet temperature (K)

	
373.15–433.15




	
The mass flow rate of heat source (kg/s)

	
1




	
The evaporator pinch point temperature difference (K)

	
5–20




	
Expander isentropic efficiency (%)

	
30–100




	
Pump isentropic efficiency (%)

	
75




	
Cooling water inlet temperature (K)

	
293.15




	
Cooling water temperature rise (K)

	
2–10




	
Environment temperature (K)

	
293.15




	
Environment pressure (kPa)

	
100











3. Mathematical Model


Based on the first and second laws of thermodynamics, the following equations could be obtained:



Process 4 to 1: This is an isobaric heating process in the evaporator. The liquid working fluid absorbs heat from the low-grade waste heat source and becomes a saturated vapor. The total amount of heat transferred between the low-grade waste heat source and working fluid in the evaporator could be evaluated by the following equation:


[image: there is no content]



(1)







The exergy loss in the evaporator [14]:


[image: there is no content]



(2)
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(3)




where, [image: there is no content], [image: there is no content], [image: there is no content] and [image: there is no content] are the specific enthalpies of waste heat source and working fluid respectively; [image: there is no content] and [image: there is no content] are the working fluid specific entropies at the inlet and outlet of the evaporator; [image: there is no content] and [image: there is no content] are the mass flow rate of heat source and working fluid; [image: there is no content], [image: there is no content], [image: there is no content], [image: there is no content] refer to the average temperature of waste heat source, the inlet and outlet temperature of waste heat source, the environment temperature, respectively.



Process 1 to 2: The high pressure vapor working fluid from the evaporator enters the expander, where the heat energy is converted into mechanical energy. The power is generated by the expander. For the ideal case, the process of 1–2 s is an isentropic process. However, due to the irreversibility in the expander, the isentropic efficiency of the expander is less than 100%. The power generated by the expander could be defined as:


[image: there is no content]



(4)







The exergy loss in the expander is as follows [14]:


[image: there is no content]



(5)




where [image: there is no content] and [image: there is no content] refer to the specific enthalpies of working fluid in real and isentropic case at the outlet of expander, respectively; [image: there is no content] is the expander isentropic efficiency.



Process 2 to 3: This is an isobaric heat rejection process in the condenser. The exhaust vapor at the outlet of the expander enters the condenser and releases the latent heat into the cooling water. The total heat released by the working fluid in the condenser could be expressed as:


[image: there is no content]



(6)







The exergy loss in the condenser could be evaluated [14]:


[image: there is no content]



(7)
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(8)




where [image: there is no content] and [image: there is no content] are the specific entropies of the working fluid at the inlet and outlet of condenser, respectively; [image: there is no content] and [image: there is no content] are the specific enthalpies of working fluid at the inlet and outlet of the condenser; [image: there is no content], [image: there is no content], [image: there is no content] refer to the average temperature of cooling water, the cooling water temperature at the inlet and outlet of the condenser, respectively.



Process 3 to 4: In the real situation, this is a non-isentropic compression process in the pump. The power input by the pump could be expressed as:


[image: there is no content]



(9)







The exergy loss in the pump could be evaluated [14]:


[image: there is no content]



(10)




where, [image: there is no content] is the isentropic efficiency of pump. [image: there is no content] refers to the specific enthalpy of working fluid in isentropic case at the outlet of pump. [image: there is no content] is the specific entropy of working fluid at the outlet of pump.



The net power output for the ORC could be given by:


[image: there is no content]



(11)







The first law efficiency of ORC system could be expressed as:


[image: there is no content]



(12)







The second law efficiency or exergy efficiency of ORC system could be expressed as [14]:


[image: there is no content]



(13)




where, [image: there is no content] is the exergy of the waste heat source at the inlet of the evaporator. It could be evaluated as follows:


[image: there is no content]



(14)




where, [image: there is no content] and [image: there is no content] are the specific enthalpies of the waste heat source at the temperature of [image: there is no content] and [image: there is no content], respectively; [image: there is no content] is the environment temperature; [image: there is no content] and [image: there is no content] are the specific entropies of the waste heat source at temperature of [image: there is no content] and [image: there is no content], respectively.



The total exergy loss of the system could be expressed as follows:


[image: there is no content]



(15)
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(16)







The proportion of exergy loss in the evaporator:


[image: there is no content]



(17)







The proportion of exergy loss in the expander:


[image: there is no content]



(18)







The proportion of exergy loss in the condenser:


[image: there is no content]



(19)







The proportion of exergy loss in the pump:


[image: there is no content]



(20)







When studying the ORC system, not only thermodynamic performance but also economic performance should be considered. In the investment of the ORC system, the evaporator and the condenser occupy a large proportion. It has been determined that (UA)i, the heat transfer capacity of evaporator or condenser in the ORC system, is a reflection of economic performance and it was calculated in this paper [37]. Under the condition of ensuring the thermodynamic performance of the system, the total heat transfer capacity should be reduced to minimize the investment. Total heat transfer capacity is the sum of the evaporator and the condenser and it can be expressed as follows:


[image: there is no content]



(21)







The heat transfer process in the evaporator and condenser can be divided into single-phase zone and two-phase zone. The heat transfer capability of every region is given by the following formula:


[image: there is no content]



(22)




where [image: there is no content] is the logarithmic mean temperature difference, which can be obtained by the following formula:


[image: there is no content]



(23)







The proportion of UAevp or UAc is expressed by:


[image: there is no content]



(24)







The software called Engineering Equation Solver (EES) is used to simulate the system performance. The quadratic approximations method is adopted to optimize the objective function. In the simulation process, the net output power is maximized by adjusting the evaporation temperature, and the exergy loss of the ORC system is calculated when the net output power reaches the maximum value.



To verify the model, the simulation of subcritical ORC is carried out based on the assumptions provided by Reference [38]. The optimized simulation results are shown in Table 2. From this table, it is evident that the results in this paper have good agreement with those in the Reference [38]. The differences between the present paper and the reference are relatively small and these deviations could be explained by the different optimization method adopted in the simulations. The quadratic approximation method whose convergence error is 10−6 is adopted in this paper; however, a genetic algorithm whose convergence error is 10−4 is used in the Reference [38].



Table 2. A comparison of results.







	
Working Fluid

	
T1 (K)

	
P1 (kPa)

	
T2 (K)

	
P2 (kPa)

	
T4 (K)

	
[image: there is no content] (kg/s)

	
[image: there is no content](kW)

	
[image: there is no content] (%)

	
Data Source






	
R123

	
356.38

	
530

	
311.59

	
91

	
298.5

	
6.47

	
156.91

	
11.83

	
Reference [38]




	
R123

	
356.4

	
531.7

	
312.2

	
91.48

	
298.5

	
6.036

	
147.9

	
11.88

	
This paper











4. Results and Analysis


4.1. The Influence of Heat Source Temperature and Evaporator Pinch Point Temperature Difference


4.1.1. The Exergy Loss Distribution of ORC System


The relationships between the total exergy loss in ORC and heat source input temperature and the evaporator pinch point temperature differences are shown in Figure 2. Obviously the higher the heat source input temperature, the greater the total exergy loss of system. The influence of evaporator pinch point temperature difference on the total exergy loss is very small.


Figure 2. The change of the total exergy loss in ORC.
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When the isentropic efficiency of the expander is 80% and the cooling water temperature rise is 5 K, the proportion of exergy loss in the evaporator, expander, condenser and pump of the ORC system are shown in Figure 3 with the different heat source input temperatures and evaporator pinch point temperature differences.


Figure 3. The proportion of exergy loss in the evaporator, expander, condenser and pump of ORC. (a) evaporator; (b) expander; (c) condenser; (d) pump.
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In Figure 3, at the same evaporator pinch point temperature difference, the proportion of exergy loss in the evaporator and condenser will reduce and those in the expander and pump will increase with the rise of heat source input temperature. However, at the same heat source input temperature, the proportion of exergy loss in the evaporator will increase and those in the expander, condenser and pump will reduce with the increase of evaporator pinch point temperature difference. From Figure 3, at the given conditions, the exergy loss in the pump is rather negligible compared to the other components.



In order to conveniently compare the relationships between the proportion of exergy loss in the expander and condenser, Figure 3b,c could be combined in one figure, i.e., Figure 4. From this figure, it is clearly shown that a, b, c and d points are the four intersections of plotted curves when the evaporator pinch point temperature differences are 5 K, 10 K, 15 K and 20 K, respectively. On the left side of each point, the exergy loss in the condenser is greater than that in the expander, but on the right side of each point, the situation is opposite. With the increase of evaporator pinch point temperature difference, the temperature of the intersection point is closer to the high heat source input temperature.


Figure 4. The comparison of the proportion of exergy loss in the expander and condenser.
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4.1.2. The Heat Transfer Capability of ORC System


The total heat transfer capabilities comprises UAevp and UAc. The variation of heat transfer capabilities and their proportions with heat source inlet temperature and pinch point temperature difference is depicted in Figure 5. When the isentropic efficiency of the expander is 80%, the cooling water temperature rise is 5 K and working fluid evaporates at the temperature of 353.15 K. It can be seen from Figure 5a,b that, at the same evaporator pinch point temperature difference, as the heat source inlet temperature increases from 393–433 K, UAevp and UAc both increase, and the magnitude of the condenser is much larger than that of evaporator; at the same heat source inlet temperature, UAevp and UAc both decrease as the evaporator pinch point temperature difference increases from 5 K to 20 K.


Figure 5. The effects of T5 and evaporator pinch point temperature difference. (a) UAevp; (b) UAc; (c) proportion of UAevp; (d) proportion of UAc.
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It can be seen from Figure 5c,d that, at the same evaporator pinch point temperature difference, the proportion of UAevp increases as the heat source inlet temperature increased from 393–433 K while at the same heat source inlet temperature it decreases as the evaporator pinch point temperature difference increases from 5 K to 20 K. The variation trend of the proportion of UAc is opposite.



The computed result is analyzed as follows: For the evaporator, at the same pinch point temperature difference, the heat exchange in the evaporator increases as the heat source inlet temperature goes up, which leads to the increase of the mass flow rate of working fluid. The logarithmic mean temperature difference decreases in the preheating zone while it increases in the evaporating zone, but the increase of total heat exchange plays a leading role, so UAevp increases; at the same heat source inlet temperature, when the pinch point temperature difference increases, the heat exchange in evaporator decreases, which leads to the decrease of mass flow rate of working fluid and the increase of logarithmic mean temperature difference in both preheating zone and evaporating zone, so UAevp decreases. For the condenser, as the logarithmic mean temperature difference in the condenser is unchanged, the influence factor of UAc is only the mass flow rate of working fluid, so UAc increases as the heat source inlet temperature increase and UAc decreases as pinch point temperature difference of the evaporator increases.





4.2. The Influence of Expander Isentropic Efficiency


4.2.1. The Exergy Loss Distribution of ORC System


The total exergy loss in ORC at different expander isentropic efficiency is shown in Figure 6. Obviously, the higher the expander isentropic efficiency, the smaller the total exergy loss of system.


Figure 6. The total exergy loss in ORC at different expander isentropic efficiencies.
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Figure 7 shows the relationship between the proportion of exergy loss in the evaporator and expander at different expander isentropic efficiency under the given conditions.


Figure 7. The influence of expander isentropic efficiency. (a) T5 = 373.15 K; (b) T5 = 413.15 K; (c) T5 = 423.15 K.
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Exergy losses in the evaporator and expander correspond to each other and the expander isentropic efficiency is about 40% for intersection point a in Figure 7a. On the left side of point a, the exergy loss in the expander is greater than that in the evaporator, but on the right side of point a, the situation is opposite. When the evaporator pinch point temperature difference rises to 10 K, the expander isentropic efficiency varies from 30% to 100% and there’s no intersection in the curves. This shows that the proportion of exergy loss in the evaporator is always greater than that in the expander.



When the heat source temperature is 413.15 K, there are two intersection points a,b in the proportion of exergy loss curves for the evaporator and expander in Figure 7b,c. The corresponding expander isentropic efficiency of point a is 41% and 52%, respectively; and that of point b is 45% and 55%, respectively. With the increase of heat source temperature, the corresponding expander isentropic efficiency will increase when the exergy losses in the evaporator and expander are the same. In addition, comparing points a and b, lower evaporator pinch point temperature difference corresponds to higher expander isentropic efficiency when the exergy losses in the evaporator and expander are the same.



Figure 8 shows the relationship between the proportion of exergy loss in the expander and condenser at different expander isentropic efficiencies. When the heat source temperature is 373.15 K, there are two intersections at a, b on the curves in Figure 8a. The corresponding expander isentropic efficiency is about 80%. With the increase of expander isentropic efficiency, the exergy loss in the condenser is greater than that in the expander. When the heat source temperature goes up, Figure 8b,c show a similar trend, and the corresponding expander isentropic efficiency of points a and b is about 85%.


Figure 8. The influence of expander isentropic efficiency. (a)T5 = 373.15 K; (b) T5 = 413.15 K; (c) T5 = 423.15 K.
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The change of the heat source temperature and the expander isentropic efficiency will result in the change of the proportion of exergy loss in the condenser and expander. During the running periods of ORC, many factors will affect the working conditions of ORC and cause a change of the proportion of exergy loss in ORC.




4.2.2. The Heat Transfer Capability of ORC System


When the heat source temperature is set as 373.15 K, 413.15 K and 423.15 K, and the evaporator pinch point temperature difference is 5 K and 10 K, respectively, the variation of UAtot, the total heat transfer capability of ORC system with expander isentropic efficiency in the range of 30%~100% is shown in Figure 9a–c, respectively.


Figure 9. The influence of expander isentropic efficiency on UAtot. (a) UAtot when T5 = 373.15 K; (b) UAtot when T5 = 413.15 K; (c) UAtot when T5 = 423.15 K.
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It can be seen from Figure 9 that, at the three heat source temperatures, UAtot increases as expander isentropic efficiency goes up, but the increase is rather small. In accordance with the former calculated result, UAtot at the evaporator pinch point temperature difference of 5 K is larger than at 10 K. Since the variation of expander isentropic efficiency only affects the performance of condenser when the evaporating temperature remains unchanged, UAevp doesn’t change with expander isentropic efficiency. As expander isentropic efficiency goes up, the expander outlet temperature decreases slightly so the logarithmic mean temperature difference in the condenser decreases. Consequently, UAc increases and its proportion increases as well while the change is small on the whole.



It can be summarized from the above results that as expander isentropic efficiency increases, the total exergy loss of the ORC system decreases, but the total heat transfer capability increases. The proportion of exergy loss in the evaporator decreases as expander isentropic efficiency goes up and that of the condenser increases. Meanwhile, UAc increases with expander isentropic efficiency. The effect of expander isentropic efficiency on the condenser is relatively small.





4.3. The Influence of Cooling Water Temperature Rise


4.3.1. The Exergy Loss Distribution


When the isentropic efficiency of the expander is 80%, the relationships between the total exergy loss in ORC, the heat source input temperature and the cooling water temperature rise are shown in Figure 10. Obviously, the total exergy loss of the system reduces with the increase of cooling water temperature rise.


Figure 10. The total exergy loss with cooling water temperature rise.
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Figure 11 shows the relationship between the proportion of exergy loss in the expander and condenser with different cooling water temperature rise. There are two intersections (i.e., points a and b) in the curves in Figure 11a. The corresponding cooling water temperature rise for points a and b is about 5 K and 6 K, respectively. It can be seen that the change of cooling water temperature rise will also affect the proportion of exergy loss in the expander and condenser. The exergy loss in the expander is always greater than that in the condenser in the range of studied cooling water temperature rise in Figure 11b.


Figure 11. The influence of cooling water temperature rise. (a) T5 = 373.15 K; (b) T5 = 423.15 K.
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4.3.2. The Heat Transfer Capability of ORC System


When the heat source temperature is set as 373.15 K and 423.15 K, respectively, and the evaporator pinch point temperature difference is 5 K and 10 K respectively, Figure 12 shows the variation of total heat transfer capability and the variation of proportion of condenser heat transfer capability with different cooling water temperature rise. It can be seen from Figure 12 that at the same heat source temperatures and evaporator pinch point temperature differences, UAtot as well as the proportion of UAc increases with cooling water temperature rise increasing and the increase rate goes up simultaneously. Since the increase of cooling water temperature rise only decreases the logarithmic mean temperature difference in the condenser and the heat exchange in the condenser is unchanged, UAc increases consequently.


Figure 12. The influence of cooling water temperature rise on UA. (a) UAtot when T5 = 373.15 K; (b) UAtot when T5 = 423.15 K; (c) The proportion of UAc when T5 = 373.15 K; (d) The proportion of UAc when T5 = 423.15 K.
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It can be summarized from the above results that, as the cooling water temperature rise goes up, the total exergy loss of the system decreases while the total heat transfer capability of the system increases. Meanwhile, the proportions of condenser exergy loss decrease but the proportion of condenser heat transfer capability increases. So, balance should be sought between thermodynamic performance and economic performance.






5. Conclusions


This paper discussed the influence of heat source temperature, the evaporator pinch point temperature difference, the expander isentropic efficiency and the cooling water temperature rise on the exergy loss distribution and the heat transfer capability of the subcritical ORC system by using R245fa as the working fluid. The main conclusions can be summarized as follows:



The total exergy loss in ORC will increase with the rise of the heat source input temperature and will reduce with the increase of the expander isentropic efficiency. The magnitude of evaporator pinch point temperature difference almost does not affect the total exergy loss in ORC. A greater cooling water temperature rise will help to reduce the total exergy loss in ORC. Under a certain condition of the heat source temperature and the evaporator pinch point temperature difference, there exists a critical value of the expander isentropic efficiency. When the expander isentropic efficiency is smaller than the critical value, the exergy loss in the expander will be greater than that in the evaporator. For the condenser and expander, there also exists a critical value of the expander isentropic efficiency. The exergy loss in the condenser may exceed that in the expander. There exists a critical value of the cooling water temperature rise. When the cooling water temperature rise is higher than this critical value, the exergy loss in the expander will be greater than that in the condenser.



From an economic perspective, the total heat transfer capability of the ORC system will increase with the increase of the heat source input temperature and will reduce with the rise of evaporator pinch point temperature difference. The heat transfer capability of the condenser will increase with the increases of the expander isentropic efficiency and cooling water temperature rise, but the effect of the expander isentropic efficiency on the heat transfer ability of the condenser is relatively small.
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Nomenclature




	B
	the proportion of exergy loss



	E
	exergy (kW)



	h
	specific enthalpy(kJ·kg−1)



	[image: there is no content]
	exergy loss (kW)



	UA
	the heat transfer capability (kW/K)



	[image: there is no content]
	mass flow rate (kg s−1)



	[image: there is no content]
	the heat rate injected and rejected (kW)



	s
	specific entropy (kJ·kg−1)



	T
	temperature (K)



	Th
	the average temperature of waste heat source (K)



	Tl
	the average temperature of cooling water (K)



	[image: there is no content]
	power output or input (kW)







Greek symbols




	[image: there is no content]
	efficiency (dimensionless)







Subscripts




	c
	condenser



	evp
	evaporator



	g
	generator



	h
	waste heat source



	net
	net



	p
	pump



	s
	isentropic



	t
	expander



	th
	thermal



	tot
	total



	wf
	working fluid



	0
	reference state point



	1–8
	state points



	2s, 4s
	stat points for the ideal case
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