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Abstract: This paper has proposed a new hydro-pneumatic damper, allowing independent accumula-
tor pressure compressibility from the chamber pressure which enhances isolation performances due
its lower F-V hysteresis effect at moderate velocities. The system utilizes the generic hydraulic damper
with two hydro-pneumatic accumulators and four check valves in its design. To evaluate the active
suspension capability of proposed damper effectiveness, a 22-degrees-of-freedom (DOF), four-axle
truck model is integrated with a hydraulic control valve, which is built in an LMS-AME sim environ-
ment. Then, the model is exported as an S-function into Matlab/Simulink co-simulation platform
for the hydraulic servo-valve control input of a model predictive control (MPC) and proportional-
integral-derivative (PID) output signal. Simulation results show that the MPC and an additional
supply of fluid to the proposed damper provide better performances and an adaptive damping
capability is established. This work also showcases the development and results of a roll intercon-
nected suspension study to assess the proposed damper characteristics when it is interconnected.
The various advantages of the proposed-HPIS system over the well-known hydraulic interconnected
system (HIS) and hydro-pneumatic interconnected suspension (HPIS) system are studied.

Keywords: passive suspension; four-axle truck; hydro-pneumatic; hysteresis

1. Introduction
1.1. Introduction to Hysteresis

In the past decades, truck suspension researchers proposed many modifications
in pneumatic suspensions due to the major advantage of stiffness of the air-spring ac-
cording to internal pressure characteristics [1–4]. Quaglia and Sorli, Porumamila et al.,
and Nieto et al. have examined the auxiliary pneumatic tank integrated air suspension,
where the pneumatic pressure between the air-spring and tank is controlled by the valves
and pipes [5]. A double-acting type pneumatic cylinder system was proposed which is
able to provide variable stiffness and adjust the ride altitude independently by regulating
the chamber pressure of the pneumatic cylinder. But in practical usage, the proposed
suspension system in heavy trucks is limited due to cost, weight, reliability, and sealing
issues [6–8]. The hydro-pneumatic suspension is the one extensively used in heavy trucks
and according to Bauer [9], most of the tractor front axles were hydro-pneumatic-suspended
to provide comfort and vehicle handling. In the hydraulic damping system, the fluid stored
in the chambers provides elastic energy due to oil compressibility. And the factors of flow,
through orifices and pipes, sharp edges, restricting passages, losses in joints and bends,
blow-off valves and Coulomb friction, etc., are all involved in hysteresis effects [10,11].
By increasing the oil and gas compressibility, the energy accumulated in the compres-
sion/rebound chamber also increases, which results in an increase in the hysteresis loop
area [10,12–14].
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1.2. Literature Review

In general, most of the existing hydro-pneumatic system gas pressure is almost equal
to the respective chamber pressure because of its construction. Thus, at low compres-
sion/rebound piston velocity, the damping force will be the same and the width of the hys-
teresis between F-V curves will be much less. And at moderate velocities, the width
of the curve is increased due to air compressibility behavior. At the higher velocities,
the hysteresis effect is reduced due to sudden pressure changes. The moderate velocity
hysteresis effect can be reduced by injecting the fluid into the chambers through the hy-
draulic control valve and by appropriate control logic [15]. Apart from this, many other
designs of the hydro-pneumatic suspension system were evolved to improve the comfort
of the vehicles. Els presented a hydro-pneumatic-based, four-state semi-active suspension
which incorporates two damper packs with bypass valves and two gas accumulators.
Both the accumulators were connected with the set of solenoid valves and the damping
pack. By the solenoid valve switching, the spring and damping characteristics are var-
ied, allowing the ride handling and comfort mode to be obtained [16]. Two different
types of architectures of hydro-pneumatic-based, semi-active suspension to the quarter
car model [17]. The double suspension system (DSS) has two different sizes and pressure
accumulators, which are connected with the compression chamber of the double acting
cylinder through the dissimilar electro valves. In the activation damper system (ADS),
one electro valve is fitted in the common pipe to regulate the flux of one accumulator.
This variable damping-stiffness system with the effective control algorithm delivers better
comfort [5]. A pneumatic-based system was designed and proposed with independent
stiffness and height-leveling ability. The pneumatic spring contains a double-acting cylin-
der and two accumulators that are connected separately to the cylinder rebound and
compression chamber through similar orifices which again increases the hysteresis effect.
The high-pressure gas supplied from the tank is controlled by a separate regulator and fed
into the compression/rebound chambers of the pneumatic actuator [18]. The dual accumu-
lator connected parallel with a single acting cylinder of hydro-pneumatic suspension was
proposed by El-Tawab [19] to improve the comfort. Numerical simulation of the double
accumulator system provides better results than the conventional system. The modified
version of the dual accumulator type of hydro-pneumatic suspension system was presented
by the authors of [20]. The main and secondary accumulators provide stiffness effects
that are associated with an adjustable orifice to provide an additional damping effect [21].
When the piston moves up and down, the flow from the accumulator to chamber in and
out, respectively, is accomplished through the valve block. And it is concluded that the per-
formance can be enhanced considerably and optimized through the appropriate selection
of the dual chamber damper parameters [22]. Youqun Zhao presented non-linear stiffness
and damping with the compression and restoration valve system-based, hydro-pneumatic
suspension. A pareto artificial fish swarm algorithm was used to optimize the heave
centroid and pitch accelerations wherein the 4DOF half-vehicle model without a rolling
effect was considered for the investigation. Even though these designs provide comfort,
they are controlled by a solenoid control or adjustable orifice or controlled regulator and
control valve. Hence, additional modifications are required to reduce the hysteresis effect
in a passive hydro-pneumatic damper.

On the other side, the heavy trucks are involved in a high body roll, resulting in poor
handling and rollover accidents. Thus, research on interconnected suspension of heavy
trucks was also investigated from past decades. A multi-disciplinary approach of free
and forced vibrations of a vehicle was performed in the 4DOF half-car model for the hy-
draulically interconnected suspension (HIS) [23,24]. The behavior of the anti-roll-equipped
HIS system was investigated both by simulation and experimentation to identify the key
parameters of comfort. An anti-pitch HIS system for two- and three-axle heavy vehi-
cles was proposed by [25,26]. A pitch and roll independently tuned HIS system with
a 14 DOF model was proposed by [27,28] with various road and braking/steering maneu-
vers. The pressure inside the interconnection and chamber of HIS must be high enough
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to produce the desired force with limited space. The additional accumulator increases the to-
tal weight of the vehicle [29]. The pneumatic pitch interconnected suspension for the 4DOF
half-car model was modelled and optimized and it was reported that the pitch vibration is
greatly suppressed. Subsequently, the hydro-pneumatic interconnected suspension (HPIS)
system has also been investigated in the recent years [30–32]. The vehicle pitch, roll, bounce,
and wrap model properties of the four-wheel suspension strut vehicle was analyzed under
various types of HPIS configurations [32]. Overall (to our knowledge), the research area
of the interconnected suspension hysteresis effect of the hydraulic and hydro-pneumatic
system is still unexplored. Even though many research works have been available in auto-
motive electronics, it was observed that only very few research works have been performed
in HPIS systems [33–35].

The present work has therefore proposed a hydro-pneumatic, pressure-independent,
velocity-dependent damper with a lower hysteresis effect to heavy trucks with a simple
construction. The proposed systems were analyzed in two directions to assess the effective-
ness of the damper. 1. The proposed system stand-alone damper is compared with the PID
and MPC controlled hydro-pneumatic active suspension system to investigate the comfort
criterion. 2. The proposed stand-alone damper is compared with the hydraulic intercon-
nected (HIS) and hydro-pneumatic interconnected systems (HPIS) to identify the capability
and hysteresis effects in the interconnected studies.

2. Modeling and Hysteresis Analysis of Various Dampers

The hysteresis between the output parameter and input parameters is typically asym-
metric due to the fact that the input and output curves are shifted and upturned while
moving towards the opposite direction [36]. Hence, the correlation between the input
and output driving quantities (i.e., F-V) will be symmetric. Especially in the damping
of the suspension system, the hysteresis effect between the F-V plays a very important role
in the suspension control [37]. Thus, the flow through the piston orifice, accumulator, and
oil and gas compressibility is considered for the hysteresis study of Figure 1.
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The damper force can be calculated by

Fd = (P2. Ac)(P1. Ar) (1)
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2.1. Modeling of an Orifice

The orifice computes the flow rate through an orifice at a given pressure differential.
The utility is a double precision function that estimates the flow rate through an orifice
from the following inputs.

dh =
4A
Pw

(2)

In this case, the standard circular type piston orifice was used and assumed as the
same as the orifice diameter. Then, the volumetric flow rate is defined as:

q = Cq.A

√
2(∆P)

ρ
(3)

From the above relation, q/A infers the mean velocity of the fluid. In Equation (3),
the volumetric flow rate against the change in the pressure has an infinite gradient and is
physically impractical. The flow coefficient used is written as:

Cq = Cqmax.tanh
(

2.λ
λcrit

)
(4)

Here, the λ = Dh
ϑ .
√

2(∆P)
ρ ; for the λ ≥ λcrit, the values of Cq = Cqmax are given.

For low λ, the change in the pressure between the chambers of the piston is proportional.
Then, the flow rate through the piston orifice from the rebound to the compression chamber
Q12 is expressed as

Q12 = −Q21 = Cq A

√
2(P1 − P2)

ρ
.

ρ

ρ(0)
sign(P1 − P2) (5)

2.2. Modeling of an Accumulator

The accumulator is modeled considering that the gas pressure and hydraulic pressure
are equal, i.e.,

Pgc = PLL; Pgr = PLU (6)

Volume of the gas is calculated as:

Vgc =

(
Pac

Pgc

)1/γ

.Vac; Vgr =

(
Par

Pgr

)1/γ

.Var (7)

2.3. Modeling of an Chamber

Formula for calculating derivative pressure in terms of net flow rate and total volume

dP1

dt
=

B(P 1).∑i Q1(P1).
ρ(0)

ρ(P1)

∑i vi + vol0
(8)

The following Figure 2 depicts the velocity-force (F-V) and displacement-force (F-D)
diagram for various types of damper designs. Figure 2a depicts characteristics of non-linear
hydraulic dampers, for which the low-speed region hysteresis is significantly higher than
the other hydro-pneumatic systems. This is due to the end of compression and rebound
stroking the pressure of the fluid, making it higher in the compression and rebound
chambers, respectively. In the case of hydro-pneumatic system, gas is compressed and
provides elastic energy. Therefore, all the hydro-pneumatic system low-speed regions
were having a lower hysteresis effect. Figure 2b,c depicts the rebound chamber with
an accumulator and the compression chamber with an accumulator without a check valve
hydro-pneumatic damper model, respectively. The absence of the accumulator in either
side causes an abrupt increase/decrease in force in the high-speed region. Figure 2d depicts
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the dual accumulator hydro-pneumatic system. The presence of the dual accumulator
reduces the abrupt change in forces in the high-speed region. Also, there are no hysteresis
effects in F-V characteristics during high-speed regions of both compression and rebound
strokes (i.e., linear characteristics). But at the moderate velocities, the hysteresis loop is
formed. Hence, the particular shapes of each damper governs the specific performances
at particular frequencies and suspension controls [38–41]. If the particular F-V hysteresis
effect is reduced, it will be possible to obtain the significant performance enhancement
in the passive damper at a particular frequency range.
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Figure 2. Force vs. velocity and force vs. displacement of (a) hydraulic, (b) compression chamber
only, (c) rebound chamber only, (d) hydro-pneumatic.

3. Construction and Analysis of Pressure Independent and Velocity Dependent
Hydro-Pneumatic Damper

Figure 3 depicts the proposed chamber-pressure-independent and velocity-dependent
hydro-pneumatic damper. The flow between the accumulator and piston compression/rebound
chamber provides an additional damping effect and also the compression of the respective air
spring provides a stiffness effect to the particular chamber. The structure between accumulator
and chamber ensures the damping and stiffness characteristics. Unlike the existing hydro-
pneumatic system, the gas pressure of the air spring is not directly proportional to the chamber
hydraulic pressure. The difference between the upper (PLU)/lower (P LL) accumulator fluid and
rebound (P1)/compression chamber (P2) is positive and if the pressure exceeds the particular
check valve cracking pressure (Pcracki), then fluid flow from the accumulator to the respective
chamber will take place through check valves 2 (Q cv2) and 4 (Qcv4), respectively. If the difference
is negative and the variation exceeds the crack pressure of a particular check valve, then the flow
from compression/rebound chamber to lower/upper accumulator will take place through
check valves 1 (Qcv1) and 3 (Qcv3), respectively.
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3.1. Check Valve

Static fractional valve opening of the check valve is given by:

xvi =
∆Pi

Psati − Pcracki
(9)

Aco = xvi.Av.max (10)

If the ∆Pcvi is positive, the check valve will be open and the flow rate of the ith valve is

QCvi = ∆Pcvi.gradi (11)

The pressure drop of the check valves can be written as

∆Pcvi =
Q2

cviρ

2c2
d A2

coi
(12)

The flow rates from the accumulators to chambers:

Qac = Qcv1 −Qcv2 : Qar = Qcv3 −Qcv4; (13)

3.2. Working Principle

Check valve 1 supplies the flow rate of (Qcv1) to the accumulator when the ∆Pcv1 is
≤P1 − PLU − Pcrack1; check valve 2 supplies the flow rate of (Qcv2) to the rebound chamber
when the ∆Pcv2 is ≤PLU − P1 − Pcrack2, check valve 3 supplies the flow rate of (Qcv3) to the
accumulator when the ∆Pcv3 is ≤P2 − PLL − Pcrack3, check valve 4 supplies the flow rate
of (Qcv4) to the compression chamber when the ∆Pcv4 is ≤PLL − P2 − Pcrack4, respectively.

Mode 1: z > 0,
.
z < 0

In this mode, the piston is moving from zmax to the equilibrium position. The pressur-
ized fluid in the rebound chamber is pushed through the piston orifice (Q12) and the check
valves, so the damping of mode 1 is expressed as

2Q12 + Qcv1 −Qcv2 −Qcv3 + Qcv4 =
∣∣ .
z
∣∣(Ac − Ar) (14)

Mode 2: z < 0,
.
z < 0
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In this mode, the piston is below the equilibrium position and moves towards the com-
pression side. Then, the damping of mode 2 is expressed as

−2Q21 −Qcv1 + Qcv2 + Qcv3 −Qcv4 =
∣∣ .
z
∣∣(Ac − Ar) (15)

Mode 3: z < 0,
.
z > 0

In this mode, the piston moves from the compression side end to the equilibrium
position. Then, the fluid escapes from the compression chamber to the rebound chamber
flow rate of (Q21) and check valves. Then, the equation for mode 3 is

2Q21 −Qcv1 + Qcv2 + Qcv3 −Qcv4 =
∣∣ .
z
∣∣(Ac − Ar) (16)

Mode 4: z > 0,
.
z > 0

In this position, the piston is moved from equilibrium position to the rebound side
end. The working principle is very similar to mode 1. Hence, the equation of mode 4 is

2Q12 + Qcv1 −Qcv2 −Qcv3 + Qcv4 =
∣∣ .
z
∣∣(Ac − Ar) (17)

Here, the flow rates of the piston orifice and check valve play an important role in this
study. And the variation of the piston orifice flow rates makes a significant variation
in the damping values. Hence, the piston orifice is selected based on the required damping.
Thus, the piston orifice is kept constant during the various check valve flow rates analysis,
which is shown in Figure 4.
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In Figure 4, 0 L/min denotes no flow between chamber and accumulator through check
valves. From this plot, it is identified that the zero-flow model has a dead zone and hystere-
sis effects in low-speed regions. And there is no hysteresis effect on the hydro-pneumatic
system, when there is flow irrespective of flow rates. Figure 5 depicts the equivalent
damping constant of hydraulic, hydro-pneumatic, and proposed damper force with respect
to velocity plots. From this figure, it is identified that, at moderate velocities, the proposed
system is working better than the pure hydraulic and hydro-pneumatic without a check
valve system. In mode 3 at the 0.34 m/s, the force generated by hydraulic and hydro-
pneumatic systems without check valves and the proposed systems are 14,412, 11,007, and
15,067 N, respectively. Similarly, in mode 4, the forces of the three mentioned systems
are 25,842, 26,609, and 20,401 N, respectively. From modes 3 and 4, it is identified that
the proposed system has less variation in the respective modes.
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3.3. Influence of Check Valve

To identify the important characteristics of the vehicle and dampers, the 2DOF sus-
pension model is widely used in literature [42]. Hence, the 2DOF suspension model is used
to evaluate the influence of the check valve. The dynamic equation of the corresponding
sprung and unsprung mass model is expressed as

ms
..
zs = cs(t)

( .
zus −

.
zs
)
+ ks(t)(zus − zs) (18)

mus
..
zus = cs(t)

( .
zs −

.
zus
)
+ ks(t)(zs − zus) + cus(t)

( .
zr −

.
zus
)
+ kus(t)(zr − zus) (19)

where the values of ms, mus, cus, ks & kus are set as 2100 kg, 600 kg, 6000 Ns/m, 102,600 N/m,
and 180,000 N/m, respectively. Because of the proposed pressure-independent and velocity-
dependent hydro-pneumatic damper, an additional stiffness was generated, unlike a regular
damper and external mechanical spring combination. Thus, the above values considered
for the check valve influence the simulation along with the random signal input values
of −0.1 m min and 0.1 m max with the sample time of 0.1 s given as road input for this
investigation. As shown in Figure 6 and Table 1, a significant improvement in sprung mass
acceleration with the proposed system is achieved and compared with the hydro-pneumatic
and hydraulic dampers. Specifically, HPD acceleration is higher at moderate frequencies
and much lower at higher frequencies.
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Table 1. RMS value comparison of various dampers.

Parameters Hydraulic Hydro-Pneumatic Proposed

Sprung mass acceleration (m/s2) 4.37 6.57 4.36
Sprung mass displacement (m) 0.11 0.11 0.11
Suspension travel (m) 0.03 0.03 0.03
Tire load (kN) 2.92 2.91 2.91
Unsprung mass acceleration × 103 (m/s2) 2.10 2.10 2.10

Due to the sudden rise and drop of the input signal and a sudden variation in pressure,
the hydro-pneumatic system chamber pressure directly compresses the gas.
Hence, the sprung mass acceleration is increased. The proposed system RMS values
are 4.36 m/s2, 6.5725 m/s2, and 4.3689 m/s2 for the sprung mass acceleration, hydro-
pneumatic, and hydraulic damper, respectively. The sprung mass displacement, tire load,
and unsprung mass acceleration response of all the dampers were similar. Also, the pro-
posed passive HPD provides a significant improvement in suspension deflection over
the hydraulic and hydro-pneumatic systems, as illustrated in Figure 7.
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Figure 8 shows that the pressure comparison between the chamber and accumulator gas
pressure. It is indicated that in the hydro-pneumatic system, the gas pressures of accumulators
Pgr&Pgc increase with chamber pressures of P1&P2 due to the absence of check valves. But,
in the proposed system, the presence of check valves and the proposed construction creates
resistance against the flow between accumulator and chamber. Hence, the sudden variation
in pressure is avoided, resulting in sprung mass acceleration being suppressed.
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4. Truck Active Suspension

To design a heavy truck active suspension with the proposed HPD, the dynamic model
of the four-axle truck is established and its performances compared with the proposed
passive damper integrated trucks are further analyzed.

4.1. Vehicle Dynamic Truck Mathematical Model

In this section, a 22-DOF vehicle dynamic model was used to calculate the longitudinal,
lateral, vertical, roll, pitch, and yaw motions of a truck. Hence, the longitudinal, lateral, and
vertical tire ground forces are being considered for the modelling [43–46]. The dynamic
equation of the longitudinal, lateral, and vertical motions of the truck are expressed as

ms

( .
Vx +

.
θVz −

.
ψVy

)
= ∑8

i=1 Fxsi (20)

ms

( .
Vy +

.
ψVx −

.
ϕVz

)
= ∑8

i=1 Fysi (21)

ms

( .
Vz +

.
ϕVy −

.
θVx

)
= ∑8

i=1 Fzsi (22)

Longitudinal force transferred to sprung mass

Fxsi = Fxgicosθ − Fzgisinθ −mui

( .
Vxui +

.
θVzui −

.
ψVyui

)
(23)

Lateral force transferred to sprung mass

Fysi = Fygicosϕ + Fxgisinϕsinθ + Fzgisinϕcosθ −mui

( .
Vyui +

.
ψVxui −

.
ϕVzui

)
(24)

Vertical force transferred to sprung mass

Fzsi = ksizsdi + bsi
.
zsdi ± Fari + ui (25)
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Fari =
kari
2d

[
ϕ−

Zurj

2d

]
(26)

In this study, only the front two axles are steerable. So δ5−8 = 0
Tire—ground force in longitudinal direction

Fxgi = Fxwicosδi − Fywisinδi (27)

Tire—ground force in lateral direction

Fygi = Fxwisinδi + Fywicosδi (28)

Tire—ground force in vertical direction

Fzgi = ktizti (29)

Equation of roll motion

Ix
..
ϕ = (Fzs2 + Fzs4 + Fzs6 + Fzs8 − Fzs1 − Fzs3 − Fzs5 − Fzs7)d−∑8

i=1 Fysi.hr (30)

Equation of pitch motion

Iy
..
θ = −(Fzs1 + Fzs2)L1 − (Fzs3 + Fzs4)L3 + (Fzs5 + Fzs6)L4 + (Fzs7 + Fzs8)L2 + ∑8

i=1 Fxsi.hr (31)

Equation of yaw motion

Iz
..
ψ = (Fxs1 + Fxs3 + Fxs5 + Fxs7)d− (Fxs2 + Fxs4 + Fxs6 + Fxs8)d +

(
Fys1 + Fys2

)
L1 +

(
Fys3 + Fys4

)
L3

−
(

Fys5 + Fys6
)

L4 −
(

Fys7 + Fys8
)

L2
(32)

Equation of wheel rotation

Iwi
.

ωwi = −Rwi(Fxwi − Fzi fr)− Tbi (33)

Unsprung mass dynamic equation

mus

( .
Vzui +

.
ϕVyui −

.
θVxui

)
= Fxgicosϕsinθ − Fygisinϕ + Fzgicosϕcosθ − Fzsi (34)

4.2. Flow Rate through Hydraulic Control Valve

The equivalent orifice area of hydraulic servo valve ports of the pressure source, tank,
compression, and rebound chamber side are calculated by the following relations:

Qs = −Qcvr = Cqωxv

√
Ps − sgn(xv)∆P

ρ
(35)

Qt = −Qcvc = Cqωxv

√
Pt − sgn(xv)∆P

ρ
(36)

The fractional spool position and velocity are calculated by the following second-order
lag relations:

d2xv(t)
dt2 = 2ωnξ

dxv

dt
+ ω2

nxv(t) = ω2
nu(t) (37)

where ξ is the damping ratio and ωn is the natural frequency. If the control valve is
saturated on the upper-end side, pressurized fluid from the source or pump is connected
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to the upper chamber or rebound chamber and the compression chamber is connected
to the tank.

Qs = −Qcvr
Qcvc = −Qt

(38)

If the valve is saturated on the lower-end side, pressurized fluid from the source is con-
nected to the compression chamber and the rebound chamber is connected to the tank.

Qs = −Qcvc
Qcvr = −Qt

(39)

Here, the spool valve dead-band is assumed as zero. The hysteresis of the valve here
is defined as the widest separation between the flow rate through the control valve and
control signal of the valve characteristics with decreasing and increasing input. This hys-
teresis effect can be expressed in terms of a compensated flow coefficient, valve hysteresis
compensation, and input signal compensation parameters:

cv.com = k(xv)H
(

xv, d f

)
cv (40)

The control valve damping ratio for the hysteresis effect is assumed here to be 0.80.

4.3. Interconnected Suspension

The equivalent orifice area of hydraulic servo valve ports of the pressure source, tank,
compression, and rebound chamber side is calculated by the following relations. Each mode
of the dampers and the respective piston positions along with them are illustrated in Figure 9.
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Mode 1: z > 0,
.
z > 0

In this mode, the piston is moving from equilibrium position to rebound stroke
position and the fluid is discharged from the compression chamber to the rebound chamber
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through the piston orifice, hydro-pneumatic accumulators, and interconnected orifices. So,
the damping mode of mode 1 is expressed as

−QPoL −QIn1 + QLU + QIn2 + QLL =
∣∣ .
zL
∣∣(Ac − Ar) (41)

−QPoR + QIn1 + QRU−QIn2 + QRL =
∣∣ .
zR
∣∣(Ac − Ar) (42)

Mode 2: z > 0,
.
z < 0

QPoL + QIn1 −QLL −QIn2 =
∣∣ .
zL
∣∣(Ac − Ar) (43)

QPoR −QIn1 + QIn2 −QRL =
∣∣ .
zR
∣∣(Ac − Ar) (44)

Mode 3: z < 0,
.
z < 0

QPoL + QIn1 −QLU −QIn2 −QLL =
∣∣ .
zL
∣∣(Ac − Ar) (45)

QPoR −QIn1 −QRU + QIn2 −QRL =
∣∣ .
zR
∣∣(Ac − Ar) (46)

Mode 4: z < 0,
.
z > 0

−QPoL −QIn1 + QIn2 + QLL =
∣∣ .
zL
∣∣(Ac − Ar) (47)

−QPoR+QIn1 −QIn2 + QRL =
∣∣ .
zR
∣∣(Ac − Ar) (48)

Here, QLU , QLL, QRU and QRL are indicated as the flow rate from the chamber to the
left upper, lower, right upper, and lower accumulators, respectively. In the proposed-
HPIS, the flow rates of the interconnected system mode 1 is QLU = −Qcv1; QLL = −Qcv3;
QRU =−Qcv5; QRL =−Qcv7: for mode 2 QLU = QRU = 0; QLU = Qcv4; QRU = Qcv8: for mode
3 QLU = −Qcv2; QLU = −Qcv4; QRU = −Qcv6; QRU = −Qcv8: for mode 4 QLU = QRU = 0;
QLU = −Qcv3; QRU = −Qcv7. And For the HIS system the QLU , QLL, QRU and QRL are
equal to zero.

Here QPoL and QPoR are the flow rates through the left and right damper piston
orifice, respectively.

QIn1 = Cq A

√
2(P1 − P4)

ρ
.

ρ

ρ(0)
sign(P1 − P4) (49)

QIn2 = Cq A

√
2(P2 − P3)

ρ
.

ρ

ρ(0)
sign(P2 − P3) (50)

QPoL = Cq A

√
2(P1 − P2)

ρ
.

ρ

ρ(0)
sign(P1 − P2) (51)

QPoR = Cq A

√
2(P3 − P4)

ρ
.

ρ

ρ(0)
sign(P3 − P4) (52)

5. Identification, Control, and Co-Simulation
5.1. Co-Simulation

The overall co-simulation block diagram of the proposed active HPD suspension
with MPC control strategy and plant identification. The proposed HPD and hydraulic
control valve with four-axle truck suspension are modelled in LMS/AMESim software.
The 22DOF comprises vehicle body longitudinal, lateral, vertical, roll, pitch, and yaw
motions. Similarly, each of the wheels have both rotational and vertical movements,
represented in Figure 10a,b. Then, the model was exported to Matlab/Simulink environ-
ment as S-functions for the co-simulation, which is also a time-discrete block as shown
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in Figure 11. In this study, Matlab was used for controlling the hydraulic control valve
by implementing a MPC/PID in Matlab environment, whereas the AMESim was used
for complete non-linear truck simulation.
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5.2. Identification

The hydraulic control-valve-controlled, hydro-pneumatic-based active suspension
integrated linear discrete mathematical model is required for the MPC controller design.
For the MPC design, the state plant was identified through a simple identification method
and the respective input and output of the model were obtained from the AMESim non-
linear simulation. The identification was determined using Matlab, which adopted state
space methods for simulating the mathematical model. The identified system has a fitness
of 94.45%. The estimated model is expressed as

.
x(k + 1) = A1x(k) + B1u(k)+Ke(k) (53)

y(k) = C1x(k) + D1u(k) + e(k) (54)

The identified state space model is sufficiently accurate to mimic the dynamic response
of the truck model according to fit response. The estimated model is used for the MPC
controller design which is shown in Figure 11.

5.3. Controller Design

With respect to the proposed HPD force, with low damping force Fdi = Fdmin i, road
holding is prioritized, whereas with high damper force Fdi = Fdmax i, comfort becomes
stronger. The proposed damping force of the active suspension scheme is defined with
additional details to deal with the MPC method.

Fdmin i
∣∣ .
zsdi(k + i|k)

∣∣ ≤ |Fdi(k + i|k)| ≤ Fdmax i
∣∣ .
zsdi(k + i|k)

∣∣ (55)

And the controller constraints are

Fdmin i − Fdmax i
2

≤ ui(k + i|k) ≤ Fdmax i − Fdmin i
2

(56)

whereas the nominal damping force of the hydro-pneumatic system is Fdnom i =
Fdmin i+Fdmax i

2 .
Fdi(k + i|k) denotes the k sample of the ith damper force and

.
zsdi(k + i|k) denotes the k sample

of ith suspension deflection velocity.
At each time instant (k), the measured output acceleration is sampled to calculate

the plant output at time (k + 1) to optimize the function (Jk), which is expressed as

Jk = ∑P
i=1 q.(ŷ(k + i|k)− R(k + i|k))2 + ∑M−1

i=0 r.(∆ui(k + i|k))2 (57)

In the minimization of the quadratic cost function, MPC provides the optimal (u i) un-
til the (k + 1) time interval, when the control will be reiterated. In addition, measured and
unknown disturbances affect the estimation of output acceleration. Moreover, each term
in the weights will minimize (Jk), and suppress the system response as described by Equa-
tion (57). To obtain the robust enactments, except for the linear model used within MPC and
constrained set on ŷ(k + i|k), R(k + i|k), ∆ui(k + i|k), the horizons and weighing function
also influence the controller performances. And hence, several MPC tuning methods were
investigated to obtain appropriate values for improving the performance of the controller.
MPC tuning has a primary effect on exploratory parameters without precise calculation meth-
ods for the tuning of each parameter. Yuan and Garriga [47–49] listed optimizing functions
for horizons and weights. In the prediction horizon (P), if the numerical value increases,
the system response will be stable and the settling time will be longer. If the control hori-
zon value is high, the controller will be robust and requires larger computational power.
The error weighing output function (q) is adjusted using the manipulated variable (r)
by controlling the output. When the small change in (r) is penalized, the aggression
of the controller will be reduced.
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5.4. PID Controller

The MPC is compared with a common PID controller, hence, the PID controller is
implemented using the following relations [50,51];

e(k) = SP(k)− PV(k) (58)

u(k) = Kpe(k) + ui(k− 1) +
Kp

Ti

(
e(k) + e(k− 1)

2

)
∆T− Kp

Td
∆T

(PV(k)− PV(k− 1)) (59)

6. Results and Discussion

In this section, two different kinds of approaches are used to evaluate the effective-
ness of the HPD such as 1. The active suspension system study is performed to analyze
the effectiveness of the HPD when it is connected with the control valve and the additional
fluid pressure source. The proposed MPC and PID control scheme applied to the 22DOF
truck suspension system shown in Figure 11. The performance of the PID- and MPC-
controlled hydro-pneumatic active suspension system is compared against the proposed
passive suspension. The corresponding results are provided to verify the adaptability and
ability of HPD when the damping values are updated. 2. A roll interconnected suspension
study of this paper is used to assess the proposed HPD characteristics, when it is intercon-
nected. The performance of the proposed HPIS is compared with the existing HPIS and
HIS to identify the variation in responses.

Case 1:

To verify the active suspension effectiveness of the proposed HPD, the band limited
white noise value of 256 × 106 with the sample time of 0.01 s is used. According to ISO-
8608, road unevenness was mathematically calculated with respect to vehicle longitudinal
velocity and roughness grade [52], which can be expressed as

.
zr = −2πn00zrVx + 2πn0w(t)

√
Gq(n0)Vx (60)

where Gq(n0) represents the road roughness level, w(t) is the gauss white noise, and n00
and n0 are the cut-off and reference spatial frequency, respectively. Figures 12 and 13
show the sprung mass acceleration of time and frequency responses, respectively. Here,
the improvement of the MPC controlled system is 40% greater than the proposed passive
suspension. The sprung mass acceleration is set with much greater weight than the other
controller weights to enhance the ride comfort performance of the truck with the MPC
design. The PID controller is also tuned for the same performance index [53,54]. Hence,
the improvement of the sprung mass acceleration is much higher than conventional systems.
However, the new active HPD can achieve different damping by adjusting the hydraulic
control valves.

The additional supply and discharge from the chambers of HPD through control valve
creates a quick variation in the chamber pressure. Thus, the flow through the check valves
is reduced. At the same time, in the passive HPD, the pressure variation is as mentioned
in Figure 8. Therefore, the active HPD is more efficient than the proposed passive suspen-
sion systems. Figures 14 and 15 depict the time and frequency responses of the suspension
velocity of the truck, respectively. Although the suspension deflection of MPC is decreased
22% more than the passive suspension, there is also a significant increase in the deflection
velocity of the PID and MPC controlled systems than those in the passive suspension,
as shown in Table 2.
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Table 2. RMS value comparison of passive, PID, and MPC suspensions.

Parameter Passive PID MPC
PID %

of Improvement
than Passive

MPC %
of Improvement

than Passive

MPC %
of Improvement

than PID

Sprung mass acceleration (m/s2) 0.69 0.34 0.42 50.72 39.13 −23.52
Left suspension deflection (m) 0.022 0.022 0.018 - 18.18 18.18

Right suspension deflection (m) 0.022 0.022 0.017 - 22.72 22.72
Suspension velocity (m/s) 0.06 0.08 0.07 −33.33 −16.67 12.5

Case 2:

In this study, the left and right suspension of each axle are interconnected separately
through the orifice. Therefore, the anti-roll bar is not used in this study. The standalone
HIS, HPIS, and proposed-HPIS depict the passive or separate, hydraulically interconnected
suspension, hydro-pneumatic interconnected suspension, and proposed hydro-pneumatic
interconnected suspension, respectively [55]. The sinusoidal signal as expressed in Equation
(60) is given as an input to the vehicle wheels with various phase shifts. For the first axle
right, second axle left, third axle right, and fourth axle left, respectively, the sine inputs
are given with the phase shift of 90 degrees and for remaining wheels, the input is given
without any phase shift.

zr(t ) = A.sin
(
ω + ϕp ) (61)

Here, zr denotes the road vertical displacement, A refers to the amplitude, is the angular
velocity, and ϕp is phase shift. The time and frequency responses of

.
Vx,

.
Vy,

.
Vz,

..
ϕ,

..
θ,

..
ψ are

provided to verify the performance improvement/deterioration of the proposed system.
The plot of the sum of the flow rate with respect to the interconnected orifice and piston
orifice are provided to justify the proposed HPD ability, when it is interconnected.

Figure 16a–c depicts the time response of truck body longitudinal, lateral, and vertical
accelerations, respectively. Figure 16d–f depicts the frequency response of the truck body
longitudinal, lateral, and vertical accelerations, respectively. It is clearly indicated that
longitudinal acceleration of all the systems were very similar. The maximum

.
Vy values

of 0.0077 m/s2 are produced by the standalone system and HPIS produces a low RMS
acceleration value of 0.0052 m/s2, which is shown in the time and frequency response
in Figure 16b,e. When comparing the maximum vertical acceleration of both HIS and
standalone systems, the latter one provides better results, which are shown in Figure 16c,f.
In the interconnected system, the hydraulic fluid flows to the low-pressure side through
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interconnected orifices. By establishing the flow of hydraulic fluid to the low-pressure side,
the damping constant of the IS will be reduced more than standalone system. And due
to the accumulator pre-charge gas pressure, the maintained pressure of hydro-pneumatic
systems will be higher than the HIS. Therefore, the change of flow rate of both HPIS through
interconnected orifices will be lesser than HIS. Higher damping will be maintained in both
HPIS systems. And, hence, in both HPIS systems, the vertical acceleration RMS values are
less than the HIS.
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Figure 17a–c depicts the time response of the truck body roll, pitch, and yaw acceler-
ation, respectively. Figure 17d–f depicts the frequency response of truck body roll, pitch,
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and yaw acceleration, respectively. It is identified that the proposed HPIS RMS roll acceler-
ation value is 0.2689 m/s2, which is better than the HIS and standalone hydro-pneumatic
systems. This is because the flow through the interconnected orifice of HIS suspension will
be significantly higher than HPIS. From the Figure 17b,e, for the pitch acceleration of time
and frequency responses, the roll interconnected suspension system is not influencing
the pitch motions of a vehicle. The yaw acceleration of standalone system is higher than
all the systems, which are shown in Figure 17c,f. The HPIS is providing a lower RMS
value of 0.6323 rad/s2 and when compared to the standalone system, 63% were improved
as shown in Table 3.
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of truck body yaw acceleration.
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Table 3. RMS values comparison of the interconnected suspension system.

Parameters Standalone HIS HPIS Proposed-HPIS

Longitudinal acceleration (m/s2) 0.18 0.18 0.18 0.18
Lateral acceleration (m/s2) 0.01 0.01 0.01 0.01
Vertical acceleration (m/s2) 3.37 3.73 3.30 3.02
Roll acceleration (rad/s2) 0.39 0.40 0.90 0.27
Pitch acceleration (rad/s2) 9.94 9.94 10.43 9.94
Yaw acceleration (rad/s2) 1.71 1.11 0.36 0.97

Figure 18 shows the plot of the sum of the flow rate to the compression cham-
ber and interconnected orifice flow rate of HIS, HPIS, and the proposed damper HPIS.
Here, the sum of the flow rate HIS denotes flow from the chamber through the piston
orifice and interconnected orifice. And the sum of the flow rate of HPIS denotes the flow
rate from the chamber, hydro-pneumatic accumulator, and interconnected orifice. The flow
through the interconnected orifice of both HPIS systems is very similar in characteristics
during the flow in and out with respect to the total flow rate of the compression/rebound
chambers of the damper (i.e., less width). But the HIS system interconnected orifice flow
rate has the asymmetric characteristics with respect to the sum of the flow rate. Due to this
characteristic, the performance of the lateral acceleration of both HPIS is significantly better
than HIS.
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Figure 18. Sum of the flow rate at the compression chamber vs. interconnected orifice.

Figure 19 depicts the flow rate of the piston orifice with respect to the sum of the flow
rate of the compression chamber. Here, the proposed HPIS and HPIS characteristics are very
similar during filling and discharging of the chamber (i.e., a comparatively lower hysteresis
effect). In the HPIS system, a considerable amount of fluid flows to the hydro-pneumatic
accumulator, and hence, the slope of the HIS is lower than the HPIS systems. Therefore,
the flow through the piston orifice of HIS is typically high, and thus the vertical damp-
ing of HIS is reduced. Therefore, the vertical and yaw acceleration of HIS is higher than
the HPIS. In addition to this, both the HPIS characteristics are very similar in Figures 18 and 19.
It is evident that the proposed pressure-independent, velocity-dependent hydro-pneumatic
system is able to perform in interconnected systems without affecting the existing HPIS
characteristics.
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7. Conclusions

The proposed work describes and proposes a novel hydro-pneumatic chamber pressure-
independent, velocity-dependent damper to suppress vehicle vibration effectively by reducing
the F-V hysteresis effect. For the numerical investigation, the corresponding modeling of HPD
and truck with the essential parameters was considered. Overall, the following conclusions
can be drawn.

1. From the passive systems analysis, the sprung mass acceleration of 33.64% is sup-
pressed by the proposed HPD better than the well-known existing HPD. Also, rattle
space and tire load performance improvement of the proposed HPD is more significant
than the hydraulic damper.

2. From the active suspension investigation, simply designed MPC and PID mitigate
the sprung mass acceleration of the heavy truck of 39.8% and 50.4%, respectively.
In addition, the conflict parameter of suspension deflection of the standalone active
system was improved to 22% more than the passive HPD vehicle. It is evident that
the proposed active HPD is capable of working in a truck active suspension scheme.

3. Moreover, from the interconnected investigation, it was illustrated that there is
a marginal improvement in heave and pitch acceleration of the proposed HPIS sys-
tem over existing HIS and HPIS. In addition, roll acceleration is improved to 70.1%
more than the existing HPIS with the compromise of 62.4% in yaw acceleration.
Hence, the proposed HPD can be implemented into practical scenarios.
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Abbreviations

Simulation Parameters

Pa 5.3 MPa
vol0 50 cm3

dQPoi
dt 12 L/min

Pcracki 0.5 MPa
gradi 1 L/min/bar
PLL, PLU 7 MPa
ms 16,000 kg
mus 500 kg
cus 100,000 Ns/m
ksi 74,000 (F), 82,000 (R) N/m
kus 400,000 N/m
kari 80,000 Nm/rad
2d 2160 mm
L1 2900 mm
L2 3200 mm
L3 1170 mm
L4 1820 mm

Nomenclature

Parameters Units Description

Ac, Ar m2 cross sectional area of piston in compression and
rebound chamber side

P1, P2 MPa rebound and compression chamber pressure
Pgc, Pgr MPa Gas pressure of upper and lower accumulator

Vgc, Vgr m3 Volume of the gas in compression and rebound
chamber side accumulator

Vac, Var m3 Volume of the accumulator in compression and
rebound chamber side

Psati MPa ith check valve saturation pressure
Pcracki MPa ith check valve cracking pressure
xvi % Fractional valve opening of the valve
∆Pcvi MPa Pressure drop of ith check valve
Qs, Qt L/min Flow rate from source and tank orifice
dh m Hydraulic diameter of orifice
Pw m Wet perimeter of orifice
A m2 cross sectional area of orifice
Cq - flow co-efficient
λ - flow number
ϑ m2/s kinematic viscosity
λcrit - critical flow number
ρ kg/m3 density
ω m2 Valve area gradient

Fxgi, Fygi, Fzgi N
Longitudinal, lateral and vertical forces of ith

tire-ground contact forces

Fxsi,Fysi,Fzsi N
Longitudinal, lateral and vertical force transferred
to the sprung mass at ith suspension mounting

Fxwi,Fywi,Fzwi N ith longitudinal, lateral and vertical tire force
Iwi kg. m2 Moment of inertia of the wheel
Fzi N Vertical of load of wheel
fr - Rolling resistance
Rwi m Wheel radius
Tbi Nm Braking torque
δi rad Wheel steer angle
kti, cti N/m, Ns/m ith tire stiffness and damping constant
zti m ith tire deflection
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Vzgi m/s vertical velocity of ith tire-ground contact forces
Ms kg Truck sprung mass
Vx, Vy, Vz m/s Longitudinal, lateral and vertical velocity

zsdi,
.
zsdi m, m/s

Relative displacement and velocity of sprung and
unsprung mass at ith suspension mounting
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