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Abstract: A conventional dynamic vibration absorber based on resonance effect can hardly satisfy
the requirement for low-frequency and broadband vibration control in actual engineering. Combined
with passive and nonlinear vibration absorption strategy, this study employed nonlinear characteris-
tics of the magnetic force, bistable structure to establish the dynamic model of the main system with
a bistable vibration absorber. The nonlinear motion states of the structure under different excitation
conditions were analyzed to explore the inherent relation between the chaotic and large amplitude
motion and the vibration absorber’s operating performance. The effect laws of the structural parame-
ters on the dynamic characteristics of the nonlinear vibration absorber and the main system were
developed to obtain the optimal parameter settings in the case of resonance and off-resonance of the
main system. These results provide an insightful theoretical foundation for the optimal design of the

nonlinear vibration absorber.
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1. Introduction

A traditional passive vibration attenuation system mainly utilizes certain materials
or damping elements, such as a rubber shock absorber, metal spring or air spring, for
counteracting the vibration force; however, the natural frequency can hardly be lowered,
on account of the contradiction between low rigidity and the static bearing capacity [1-3].
Recently, for low-frequency vibration control, scholars mainly adopt an air spring, variable-
stiffness spring or multi-level vibration reduction system [4-6]. Despite effective reduction
of the natural frequency of the vibration reduction system, these vibration reduction mea-
sures can hardly be extensively applied in actual projects because of the complex structure,
the high cost, the great energy consumption and the addition of a control system [7].

In order to address the issue of a traditional vibration absorber not being applicable to
a low-frequency environment, some scholars have introduced nonlinear elastic elements
into vibration absorbing systems and designed a kind of nonlinear absorber. By setting
reasonable parameters, the dynamic characteristics of the nonlinear vibration absorber
are subjected to static load, so it can keep low stiffness while maintaining large bearing
capacity, thereby achieving vibration absorption at low or ultra-low frequencies. Virgin et al.
designed a nonlinear vibration absorber, which can achieve the preset dynamic stiffness,
under a given static loading condition, while the constraint of deformation is based on the
geometric nonlinearity of large-deformation elastic elements [8]. Guest focused on thin
cylindrical shell structures which can show interesting bistable behavior [9]. Zhao et al.
investigated the coupled modeling method and free vibration characteristics of a graphene
nanoplatelet (GPL)-reinforced blade—disk rotor system in which the blade has a pre-twist
angle and a setting angle [10,11]. Moreover, they presented an investigation on the coupled
modeling and vibration behaviors of a spinning assembled cylindrical shell-plate structure.
The method of hypothesis modes was adopted to obtain the free vibration results of the
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assembled cylindrical shell-plate structure [12]. Using Timoshenko’s and Ashwell’s ap-
proaches, Nicassio developed an interpretation of the bistable shapes, in terms of principal
and anticlastic curvatures [13]. Kremer and Liu employed a nonlinear absorber for en-
ergy collection and examined the vibration-absorbing and energy-collecting performance
of the absorber, under instantaneous response conditions via computer simulation, and
they experimentally validated the simulation results [14,15]. By improving the single-
pendulum nonlinear vibration damping system, scholars successively put forward an
inverted-pendulum, transverse-pendulum, X-pendulum and conical-pendulum ultra-low-
frequency horizontal vibration absorption system that can achieve a resonance period, from
several seconds to dozens of seconds [16-21]. Further, Shapiro et al. used a symmetrical-
torsion-bar spring, multi-level vibration-isolation absorber, a yield cylinder (Euler spring)
and a negative-rigidness spring to realize passive absorption of low-frequency vibration, in
a vertical direction [22-24]. Zhao et al. investigated the free vibration of a rotating function-
ally graded (FG), pre-twisted blade-shaft assembly reinforced with graphene nanoplatelets
(GPLs) based on the coupled model proposed in this paper [25]. Moreover, they devel-
oped a super-parametric shell element to establish the rotating cylindrical shell model by
employing the finite element method. Considering parameter uncertainties, the dynamic
response of the rotating cylindrical shell is carried out [26]. Yan et al. presented a method to
easily and rapidly design bistable buckled beams subjected to a transverse point force [27].

In this study, based on passive and nonlinear vibration absorption strategy, a magnetic
bistable vibration-absorbing structure was established by introducing a nonlinear mag-
netic force and changing the dynamic characteristics of the magnetic suspension vibration
absorber. The dynamic model for the main system with a bistable vibration-absorbing
structure was constructed. Through numerical simulation, the influencing rules of large
amplitude motion and structural parameters (namely, the tuning frequency ratio f, the
mass ratio y, the nonlinear intensity  and the damping coefficient of the vibration ab-
sorber y1) were studied, and the parameter setting for improving the vibration absorber’s
operating efficiency was concluded when the main system was under resonance and
off-resonance states.

2. System Vibration Model
2.1. Dynamic Model

Figure 1 displays two steady-state forms of the bistable unit model. The model consists
of two mutually exclusive permanent magnets and a bistable cantilever beam vibrator.
The cantilever beam is made up of Aluminum (Al) materials. A magnet is fixed at the
end of the cantilever, which is opposite to the other fixed magnet. The repulsive force
between two magnets forms a bistable structure. Because of the repulsion between the
two magnets, when the whole system is at rest, three equilibrium positions are formed. By
following the horizontal straight line that passes through the center of the fixed magnet
on the right as the datum, the three equilibrium positions lie along this horizontal straight
line, above and below the straight line, respectively. Among these three positions, the
equilibrium position on the horizontal straight line is the unstable equilibrium position.
This is because some tiny turbulence can cause the shift of the system due to large repulsive
force. Excluding the unstable equilibrium position, the other two positions are referred to as
stable equilibrium positions, which constitute the bistable structure of the cantilever beam.
The frequency resonance bandwidth of the bistable vibration system exceeds that of the
linear vibration system. This is due to the fact that only when the natural frequency of the
system, wn, is equal to or close to the external excitation frequency, w, can the linear system
produce the forced vibration. Bistable vibration can not only generate forced vibration at a
frequency of wy but also produce sub-resonance at a frequency of w/n or ultra-harmonic
vibration at a frequency of nw and even aperiodic vibration. The broadband frequency
of the bistable resonance can effectively overcome the problem of too narrow resonant
frequency bandwidth in the traditional linear vibration system.
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Figure 1. The bistable structural unit.

Figure 2 displays the mechanical model of the main system with a bistable vibration
absorber, in which m; and m; are the equivalent masses of the permanent magnets and the
main system, respectively; c; and c; are the damping coefficients of the absorber and the
main system, respectively; k; is the stiffness of the main spring; Y and Z are the absolute dis-
placements of the main system and the absorber, respectively; X =Y — Z denotes the relative
displacement between the absorber and the main system; dU/dX = —k; X + k3X3 denotes
the bistable spring restoring force of the absorber (U is the elastic potential energy of the
nonlinear spring, k; is the linear stiffness coefficient, k3 is the nonlinear stiffness coefficient
of the bistable absorber); P denotes the excitation force, applied to the main system.
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Figure 2. Mechanical model of the main system.

The governing equation of the system can be written as:
ml(X+Y)+C1X*k1X+k3X3IO @)

maY + Y + koY — 1 X + k1 X — k3 X3 = Pysin(Qr) @)

By conducting nondimensionalization on Equations (1) and (2), the following expres-
sion can be obtained:

X 4214 p) fox’ — (L4 ) fPx+ (1+ p) f2px° = 270y’ —y = —psin(wt)  (3)

Y 427y +y = 2ufnx’ + pfix — pf?px’ = psin(wt) )

where x’ = X/wz; o X/w%; y'= Y/wz; Yy = Y/w%; w% = ki/my; w% = ky/my; t de-
notes the dimensionless time (f = Tw,); p denotes the excitation amplitude (p = Py/k2);
w denotes the excitation frequency (w = )/ wp); y denotes the mass ratio (u = mq/my);
f denotes the tuning frequency ratio (f = wj/wy); B denotes the nonlinear intensity
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(B = k3/k1); 71 denotes the damping ratio of the absorber (y; = ¢1/2mywi); and 77
denotes the damping ratio of the main system (v = c2/2maws).

2.2. Experimental Validation

In order to validate the dynamic model established in this research, the testbench was
installed, and the corresponding experiment was conducted. The testbench consisted of
the base, the upper cover which acted as the main system and the bolts between them. The
pretighting torque could be adjusted by a torque wrench, shown in Figure 3. The vibration
absorber was fixed on the top of the upper cover to suppress the vibration. The vibration
absorber contained the beam, which acted as the spring component, and the permanent
magnets, depicted in Figure 3. Two permanent magnets were used in the vibration absorber.
One was pasted at the end of beam, the other was attached on the steel wall. The beam is
made of aluminum alloy to reduce the effect of the beam’s mass. An accelerometer was
attached at the end of the beam, and the system was stimulated by a hammer with a force
sensor. According to the collected data, the direct frequency response function (FRF) at the
end of the beam was determined with the Metalmax system. The experimental result is
shown in Figure 3. From the experimental FRE, the first nature frequency is 629 Hz.
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Figure 3. Experimental process. (a) Pretighting torque adjustment; (b) Dynamic test of experimental
setup; (c) Experimental result.
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The dynamic parameters of the interface between the upper cover and the base can
be determined with the Yoshimura integral method. According to the dynamic model
established in this research, the theoretical result of the first nature frequency is calculated
as 611 Hz. The error between the experimental result and the theoretical one is 3%. The
experimental result is slightly greater than the theoretical. That is because the nonlinearity
of the magnetic force is ignored in the nature frequency calculation. The nature frequency
calculation must be a linear calculation process with the nonlinear factor ignored. The
actual stiffness factor is greater than that in the calculation, which causes the actual nature
frequency to be greater than that in the calculation. However, the error between them is
relatively small, and the dynamic model in this research is validated.

3. Analysis of Dynamic Parameters

In order to investigate the dynamic response of the bistable vibration absorber and
the main system under harmonic excitation, the dimensionless Equations (3) and (4)
were solved, using Simulink simulation to sweep frequency and amplitude, in terms
of fundamental excitation frequency and the amplitude of the system. The simulation
parameters were § = 1.0, u = 0.3, f = 1.0, y1 = 0.05, 72 = 0.05, and the initial value of the
system [x x” y y'] was set to [0 0 0 0].

3.1. Effects of the Excitation Frequency on the Response Characteristics of the Vibration Absorber
and the Main System

Figure 4 shows the bifurcation phenomenon of the vibration absorber and the main
system at an excitation amplitude of p = 0.01, p = 0.15 and p = 0.5. As shown in Figure 4a
(excitation amplitude p = 0.01), the absorber never overcame the potential barrier in the
whole excitation frequency range, while there was only slight motion around the equilib-
rium point x = —1. In Figure 4b (excitation amplitude p = 0.15), when excitation frequency
w = 0-0.5, the absorber performed slight motion at and around the equilibrium point
x = —1; when w = 0.7-1.7, the absorber could overcome the potential barrier and showed
large amplitude motion between two equilibrium points, while the main system also per-
formed large amplitude motion; when w > 1.7, the system began to show slight motion.
Compared with Figure 4b (p = 0.15) and Figure 4c (p = 0.5), the large amplitude motion
frequency of the absorber and the main system decreased, and the frequency band of the
large amplitude motion became wider as the excitation amplitude increased. However,
as the excitation frequency further increased, the absorber changed its state from large
amplitude motion to slight motion around an equilibrium point.

(a)

Figure 4. Cont.
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Figure 4. Bifurcation of the vibration absorber (on the left side) and the main system (on the right
side) along excitation frequency at different excitation amplitudes. (a) Excitation amplitude p = 0.01;
(b) Excitation amplitude p = 0.15; (c) Excitation amplitude p = 0.5.

To visually display the change in the system motion characteristics, the corresponding
system phase diagrams at excitation frequency w = 2 and excitation amplitude p = 0.1
and 0.5 are plotted in Figure 5. It can be observed that, at a constant excitation frequency,
the vibration absorber and main system changed from slight periodic motion to large
amplitude chaotic motion with excitation amplitude increasing.
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Figure 5. Cont.
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Figure 5. Phase diagrams of the vibration absorber (on the left side) and the main system (on the
right side) at different excitation amplitudes. (a) w =2, p =0.15; (b) w =2, p = 0.5.

3.2. Effects of the Excitation Amplitude on the Response Characteristics of the Vibration Absorber
and the Main System

Figure 6 shows the bifurcations of the vibration absorber and the main system with
the excitation amplitude when the excitation frequency is w =0.1, w =05 w=1, w =2
and w = 3.5. As shown in Figure 6a (w = 0.1), even at a quite low excitation frequency, the
absorber can cross the potential barrier from an equilibrium point to another equilibrium
point, while the main system executes slight motion around the equilibrium point. In
contrast, as shown in Figure 6b—d, as the excitation frequency increased, the absorber
performed slight motion around the equilibrium point, and the main system executed a
slight motion around the zero-equilibrium point. As the excitation amplitude increased,
both the absorber and the main system performed large amplitude chaotic or period
motions. Moreover, as the excitation frequency increased, the required excitation amplitude
for the absorber and the main system to perform large amplitude motions first decreased
and then increased. As shown in Figure 6e (w = 3.5), as the excitation frequency increased
to a certain value, the absorber failed in overcoming the potential barrier and executed only
slight motion around the equilibrium point x = —1, while the main system also performed
slight motion at any excitation amplitude.

3
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o oo - . wm owsmeomes  essmeesserse] L
2 >
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Figure 6. Cont.
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Figure 6. Bifurcation of the vibration absorber (on the left side) and the main system (on the right
side) along excitation amplitude at different excitation frequencies. (a) Excitation frequency w = 0.1;
(b) Excitation frequency w = 0.5; (c) Excitation frequency w = 1; (d) Excitation frequency w = 2;
(e) Excitation frequency w = 3.5.



Appl. Sci. 2023,13, 878

90f17

When the excitation amplitude remained constant (p = 0.7) and the excitation frequency
changed (w =0.1, w =2 and w = 3), phase diagrams of the system are shown in Figure 7. The
vibration absorber and main system first performed slight periodic motion, then executed
large amplitude chaotic motion and finally changed to slight period motion.
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Figure 7. Phase diagrams of the absorber (on the left side) and the main system (on the right side) at
different excitation frequencies. (a) p=0.7, w =0.1; (b) p=0.7, w =2; () p=0.7, w = 3.

4. Effects of the Structural Parameters

To achieve a favorable vibration damping effect, various optimal parameters should be
determined to ensure that the vibration absorber could operate under the optimal condition.
Regarding the design of an absorber, the resonance, when the excitation frequency is close
to the natural frequency of the main system, is most dangerous; at that time, the damping
should first be ensured. Therefore, in the case of resonance of the main system, the
vibration absorber should maximize the damping effect to minimize the amplitude of
the main system; in the case of off-resonance of the main system, the vibration absorber
should not only maintain a low amplitude of the main system but also maximize its own
amplitude. Based on the above optimization condition, the vibration absorber’s optimal
parameters are analyzed in resonance and off-resonance.
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4.1. Tuning Frequency Ratio f

The present simulation parameters are set as follows: p = 1.0, u = 0.3, 71 = 0.025
and 7, = 0.025. Figure 8a shows the system response amplitude in relation to the tuning
frequency ratio f, in the case of resonance of the main system at w = 1.0. Overall, the main
system and the vibration absorber first decreased and then remained constant as f changed.
According to the optimization condition of resonance, the amplitude of the main system
should be minimized, so the optimal tuning frequency ratio f was set at 1.4-2.0. Taking the
condition f = 1.7 as an example, Figure 8b shows the phase diagram of the main system,
which shows that the main system executed slight periodic motion while the vibration
absorber was operating at a high efficiency.

25¢
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Figure 8. Response amplitude of two vibrators and phase diagram of the main system in the case of
resonance w = 1.0. (a) Response amplitude; (b) Phase diagram (f = 1.7).

In the case of off-resonance of the main system at an off-resonance excitation fre-
quency w = 0.6, the system response amplitude as f changed is shown in Figure 9a. When
f =0.2-0.6, the main system performed lower amplitude motion while the amplitude of
the vibration absorber was higher; when f > 0.8, the absorber performed slight motion.
According to the optimization condition of off-resonance, the vibration absorber should not
only maintain a low amplitude of the main system but also maximize its own amplitude,
so the optimal tuning frequency ratio f was determined at 0.2-0.6. Taking f = 0.5 as an
example, the phase diagram of the vibration absorber and the main system was plotted in
Figure 9b. The absorber performed a large chaotic motion, while the main system moved
in a small amplitude.
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Figure 9. Response amplitude and phase diagram of two vibrators in the case of off-resonance w = 0.6.
(a) Response amplitude; (b) Phase diagram (f = 0.5).
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Figure 10a shows the system response amplitude in relation to the increasing f at
an off-resonance excitation frequency w = 1.6. Apparently, the optimal value of f was
determined to be 0.8-1.0. Figure 10b displays the phase diagrams of two vibrators at f = 0.9.
It can be observed that the vibration absorber could overcome the potential barrier and
performed large amplitude chaotic motion, while the main system executed a slight motion.
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Main system
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Figure 10. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w =1.6. (a) Response amplitude; (b) Phase diagram (f = 0.9).

4.2. Mass Ratio p

In this section, the effects of the mass ratio y# on the dynamic responses of the vibration
absorber and the main system are investigated. According to the analysis results, presented
in Section 4.1, the simulation parameter f can be set as follows: when w = 1.0, f was set at
1.5; when w = 0.6, f was set at 0.25; when w = 1.6, f was set at 1.0, during which g = 1.0,
71 = 0.025 and 1y, = 0.025.

Figure 11a shows the response amplitude of the vibration absorber and the main
system in relation to the mass ratio, y, in the case of main system resonance w = 1.0. It can
be observed that when y > 0.2, the main system amplitude decreased to the minimum and
converged to a constant value. Thus, the range of optimal mass ratio u was determined as
0.2-0.5. Figure 11b shows the phase diagram of the main system at u = 0.4, with which it is
evident that the main system performed periodic motion with slight amplitude.
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Figure 11. Response amplitude of two vibrators and phase diagram of main system in the case of
resonance w = 1.0. (a) Response amplitude; (b) Phase diagram ( = 0.4).
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Response amplitude
o

Figure 12 shows the response amplitude of the vibration absorber and the main system
as p increases and the related phase diagram at an off-resonance excitation frequency
w =0.6. As shown in Figure 12a, the absorber was always performing large amplitude
motion, and the main system executed slight motion. The amplitude of the absorber de-
creased gradually and finally stabilized, while the amplitude of the main system increased
steadily and finally converged to a constant value. Therefore, the optimal mass ratio u’s
range was determined as 0.01-0.5. Meanwhile, the phase diagrams of the absorber and the
main system at u = 0.2 (within a range of 0.01-0.50) were plotted, as shown in Figure 12b.
It can be observed that the absorber executed large amplitude chaotic motion and the main
system performed slight motion.
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Figure 12. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w = 0.6. (a) Response amplitude; (b) Phase diagram (4 = 0.2).

Figure 13 shows the response amplitude of the vibration absorber and the main system
as p increases and the related phase diagram at an off-resonance excitation frequency
w = 1.6. As shown in Figure 13a, when the mass ratio y varied within the range of 0.1-0.6,
the absorber executed large amplitude motion, and the main system performed slight
motion. As the mass ratio y > 0.8, the absorber and the main system performed slight
motions. Apparently, according to the optimization condition of off-resonance, the range
of optimal mass ratio 4 was determined as 0.1-0.6. Figure 13b is the phase diagram of the
absorber and the main system at # = 0.4. The main system performed slight motion, and
the absorber showed bifurcation and overcame the potential barrier many times, executing
large amplitude chaotic motion.
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Figure 13. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w = 1.6. (a) Response amplitude; (b) Phase diagram (4 = 0.4).
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4.3. Nonlinear Intensity

Based on the simulation results, as presented in Sections 4.1 and 4.2, some reasonable
parameters are listed below when the amplitude of the vibration absorber was lower than
that of the main system. When w = 1.0, the other parameters can be set as follows: y = 0.35,
f=1.5,v1=0.025 and 7, = 0.025; when w = 0.6, the other parameters can be fixed as follows:
u=0.3,f=0.25, v, =0.025, 7, = 0.025; when w = 1.6, the other parameters can be fixed as
follows: u =0.3, f = 1.0, y1 = 0.025, v, = 0.025.

As shown in Figure 14a, in the case of system resonance w = 1.0, when nonlinear
intensity B < 1, the amplitude of the main system and the vibration absorber varied slightly;
when § > 1, the two vibrators moved unstably and exhibited high sensitivity. Therefore,
the optimal range of 8, corresponding to the minimum amplitude of the main system, was
determined as 0.1-1. Figure 14b shows the response characteristics of the main system
when = 0.7; the main system performed slight periodic motion.
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Figure 14. Response amplitude of two vibrators and phase diagram of main system in the case of
resonance w = 1.0. (a) Response amplitude; (b) Phase diagram (8 = 0.7).

Figure 15a shows the variation of the response amplitude of two vibrators at off-
resonance excitation frequency w = 0.6. As f3 increased, the main system performed
slight and stable motion, while the vibration absorber executed large amplitude motion
with decreasing amplitude. According to the optimization condition of off-resonance, the
optimal range of 8 was then determined as 0.10-0.40. Figure 15b shows the phase diagrams
of the vibration absorber and the main system, at 8 = 0.3. The absorber performed large
amplitude periodic motion, while the main system performed slight periodic motion with
clearly decreasing amplitude.
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Figure 15. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w = 0.6. (a) Response amplitude; (b) Phase diagram (8 = 0.3).
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Response amplitude

Figure 16a shows the variation of the response amplitude of two vibrators at an
excitation frequency of 1.6. It can be observed that the amplitude of the vibration absorber
was initially lower when g = 0.01-0.60, then became sensitive to § fluctuations within
a range of 0.60-0.80 and finally gradually decreased when § > 0.8. According to the
optimization condition, the optimal range of § was determined as 0.80-1.00. Figure 16b
shows the phase diagrams of the vibration absorber and the main system at § = 0.9. The
absorber showed bifurcation many times and performed large amplitude chaotic motion,
while the main system executed slight motion.
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Figure 16. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w = 1.6. (a) Response amplitude; (b) Phase diagram (8 = 0.9).

4.4. Damping Ratio of the Vibration Absorber 7y

Based on the above simulation results, the present parameters are set below. When
w = 1.0, the parameters are set as follows: u = 0.35, f = 1.5, 7, = 0.025 and B = 0.8; when
w = 0.6, the parameters are set as follows: u = 0.3, f = 0.25, 7, = 0.025 and 8 = 0.2; when
w = 1.6, the parameters are set as follows: = 0.3, f = 1.0, 7, =0.025 and S =0.9.

Figure 17a shows the response amplitude of the main system and the vibration ab-
sorber in the case of resonance w = 1.0. Apparently, when 71 = 0, the amplitude of the main
system and the absorber reached the maximum and then gradually decreased; as the 4
increased to over 0.025, the amplitude no longer changed. Therefore, the optimal range of
1 was determined as 0.025-0.50. Figure 17b shows the phase diagram of the main system,
when 7 = 0.05. It is evident that the main system executed slight periodic motion.
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resonance w = 1.0. (a) Response amplitude; (b) Phase diagram (1 = 0.05).

02

03



Appl. Sci. 2023,13, 878

15 of 17

Response amplitude

Response amplitude
~

N
o

o

Figure 18a shows the response amplitude of two vibrators in the case of off-resonance
w = 0.6. Apparently, the amplitude of the main system was slight and almost remained
unchanged, while the amplitude of the absorber reached a maximum at y; = 0.01, then
gradually decreased and finally converged to a constant value at y; > 0.3. Therefore, the
optimal damping ratio of the absorber should be set as y; = 0.01. Figure 18b shows the
phase diagrams of two vibrators. The main system demonstrated small amplitude, while
the absorber executed large amplitude.

1.5 T T T T T T T
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Figure 18. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w = 0.6. (a) Response amplitude; (b) Phase diagram (y; = 0.01).

Figure 19a shows the response amplitude of the main system and the vibration ab-
sorber at an excitation frequency w = 1.6. It can be observed that the amplitude of two
vibrators became smoother. The amplitude of the main system was low, while the ampli-
tude of the absorber was high. Accordingly, the optimal damping ratio was determined as
71 = 0. Figure 19b shows the phase diagrams of two vibrators at y; = 0, which show that
the absorber executed large amplitude chaotic motion and the main system moved with
small amplitude.
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Figure 19. Response amplitude and phase diagram of two vibrators in the case of off-resonance
w = 1.6. (a) Response amplitude; (b) Phase diagram (1 = 0).

5. Conclusions

This study focused on a main system with a bistable vibration absorber to establish
the dynamic equations and investigate the dynamic characteristics of the bistable vibration
absorber under harmonic excitation. In addition, the effects of the excitation frequency
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and the excitation amplitude on the system bifurcation and the structural parameters on
the bistable absorber’s performance were examined in depth with numerical simulation.
The nonlinear vibration absorber can overcome the potential barrier and perform large
amplitude chaotic motion at low frequency by analyzing the bifurcation. This contributes to
achieving a wider frequency broadband damping effect. Moreover, the performance of the
nonlinear vibration absorber is quite sensitive to the change of its own structural parameters.
The vibration amplitude of the main system resonance could decrease gradually through
structural parameter optimization of the tuning frequency ratio f, the mass ratio y, the
nonlinear intensity § and the damping ratio <. In the case of off-resonance, the optimal
parameter settings corresponding to the lower amplitude of the main system and the higher
amplitude of the vibration absorber can be obtained to improve power generation. The
optimal parameter is helpful for improving the performance of the vibration absorber. In
the future, the damper can be analyzed on random excitation, which can improve the
damping capacity of the vibration absorber under random excitation.
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