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Abstract: Many rooms struggle with the absorption of low-frequency sound due to its long wave-
lengths. The integration of existing solutions into these spaces is often challenging due to their
intricate installations and large depths. To address this problem, a new type of resonance absorber
has been developed: the Distributed Mode Absorber (DMA). It consists of a thin vibrating front
panel and a volume of enclosed air behind it. This straightforward structure can be utilized to
create acoustically functional furniture that can be seamlessly incorporated into rooms. This article is
devoted to the structural optimization of the DMA front panel, using the Acoustic Black Hole (ABH)
effect known within structural dynamics. A numerical model is constructed using a Finite Element
Analysis (FEA) and examined numerically. Several geometric parameters of the ABH are studied
with regard to their influence on the vibrations of the front panel. Prototypes are developed and
manufactured based on these insights. The quality of the numerical model is verified during the
subsequent validation. Finally, the sound absorption of the improved DMA is compared with that of
the reference DMA.

Keywords: acoustic black hole; finite element modeling; sound absorption; resonance absorber;
modal analysis; meta structure; parametric study

1. Introduction

Appropriate room acoustics has increased in importance in daily life. A suitable
reverberation time must be ensured for speech intelligibility or the appropriate sound
reinforcement of the room. Recommended reverberation times are defined in standards
such as DIN 18041 [1]. These reverberation times can be adjusted by treating rooms with
various absorbers, e.g., porous or resonant absorbers [2]. In addition, combinations of
porous and resonant absorbers can also be used for improving transmission loss for noise
suppression [3]. Low-frequency sound poses unique challenges when it comes to noise
control and acoustic treatment. Unlike higher frequencies, low-frequency sound waves
possess longer wavelengths and greater energy, making them more difficult to effectively
absorb and attenuate. This leads, for porous materials, to a requirement for very thick
absorbing structures which is not practical for many applications. To overcome this issue,
the commonly preferred absorber types for low-frequency sound absorption are resonant
absorbers. Specifically, panel absorbers are a possibility to achieve low-frequency absorp-
tion, while keeping the installation space low. To work efficiently, panel absorbers usually
need to have a significant surface area to achieve low-frequency sound absorption [4].
Its principle is based on using resonant frequencies of the vibrating membrane or panel for
dissipating the incident sound energy [5]. For this reason, resonance absorbers are effective
at a narrow frequency bandwidth in the vicinity of small numbers of modes (mostly, first
mode). To further improve panel absorbers, its possible to make use of the multimodal
structural vibrations a panel shows under pressure excitation. Concepts for this kind of
absorber have been studied for several years, such as VPRs (Verbund Platten Resonators) [4]
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and DMAs (Distributed Mode Absorbers) [6–9]. It has been shown theoretically [4] and
practically [9] that increasing the number of excitable modes leads to an increase in the
sound absorption. This study is devoted to the inclusion of Acoustic Black Holes to panel
absorbers for improving the low-frequency sound absorption performance.

The Acoustic Black Hole (ABH) is a moderately recent phenomenon to control the
vibrational behavior of plates and beams. It is based on the theoretical findings of
Mironov [10]. When structure-borne sound is propagating in a flexural wave, a power-law-
shaped profile (wedges) improves the damping behaviour significantly. The waves are
entering the indentation, and successively slow down due to decreasing material thickness.
For an infinitesimally thin material, this ultimately results in a fully absorptive system.
However, there always needs to be a truncation in practice. The use of thin damping
layers on this wedge has been suggested to increase the effectiveness of ABH designs for
damping flexural vibrations [11,12]. It is also possible to extend the power-law profile to
generate two-dimensional tapered indentations, which are also referred to as 2D ABH in
circular [13,14] or elliptical forms [15]. Coupled systems consisting of ABH embedded pan-
els and air back cavities have recently been studied numerically and experimentally [16–18].
ABH has been successfully applied for vibration and noise reduction in structures [19,20].

ABH can be designed to perform better for selected frequency ranges. Local ABH
modes have been found to be dominant in the low-frequency performance of absorption in
the structural response [21–23]. Below the first mode of ABH, the structural response has
been claimed to be similar to a plate of uniform thickness, and thus, the first mode of ABH
is considered to be the cut-on frequency [19,24,25]. At higher frequencies, the effectiveness
of ABH increases due to the increase in the modal density and overlaps [21]. In order
to tune the cut-on frequency, adjusting the size of the Acoustic Black Hole is the basic
design option. The effects of different geometrical parameters and their coupling has been
studied for a 1D ABH beam by Shepherd [26] and Hook [23]. Alternatively, tuned mass
dampers [27] or active control patches [28,29] can be used for improving the low-frequency
behaviour. Du et al. [30] investigated the effects of ABH parameters such as size, orientation,
number, residual thickness and damping layer on the sound insulation of circular plates.
The experimental and numerical results showed that the circular plate containing a single
ABH in the center position can enhance the transmission loss. It has also been claimed that
the orientation of the ABH side has a small effect on the sound transmission loss of the
studied plate. Liang et al. [31] investigated the mid- and low-frequency performance of
plates embedded with an array of ABHs. The energy focalization and sound radiation were
investigated using FE models. This resulted in the better energy-gathering performance of
the plate with the embedded ABH array compared to the plates embedding a large ABH or
a single ABH.

This paper focuses on improving the sound absorption of panels using a single 2D
acoustic black hole. It is aimed at enhancing the modal behaviour of a panel absorber to
increase the mode density of the absorber and benefit from local ABH modes. This paper
is organized as follows: Section 2 contains the details of the investigation case and the
numerical modeling procedure including Acoustic Black Hole generation, the meshing
details and boundary and loading conditions. The results of the parametric analyses on the
position, residual thickness and size of the ABH are given in Section 3. The experimental
validations including the vibration and sound absorption measurements are presented
in Section 4.

2. Numerical Modeling
2.1. Geometry Definition

A Distributed Mode Absorber (DMA) consists of a vibrating panel and an enclosed air
volume behind the panel. In the scope of this study, the panel is modeled without the frame
to observe only the vibrating region. It is created as a surface object (2D shell) starting
from the origin with the dimensions in the x and y directions. The volume for the back
cavity filled with air is created, starting from the panel area extruding from the depth in
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the negative z direction. The already existing housings from previous works regarding
Distributed Mode Absorbers (DMAs) [7,9] were used. The front panels of the presented
prototypes are made from High Pressure Laminate (HPL) material with a thickness of h0 =
3 mm. Therefore, the model dimensions need to match the dimensions of these. The front
panel is Lx = 0.5 m long and Ly = 0.4 m wide. With the same area, the air volume is created
with a depth of hBC = 0.12 m. The DMA geometry is shown in Figure 1.�����������	�
� ������������������������������������ �
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Figure 1. Distributed Mode Absorber (DMA) geometry as it is modeled in the Finite Element Analyses
Software. Blue represents the front panel, green represents the back cavity.

2.2. Acoustic Black Hole Geometry

For this work, the 2D Acoustic Black Hole (ABH) approach of Bowyer et al. [13] was
used. The typical power-law shape is rotated around its lowest point, creating a circular
indentation in the plate. This geometry leads to a set of four variable parameters:

1. r⃗0—position of the ABH;
2. a—radius of the ABH;
3. m—shape of the ABH;
4. hres—residual thickness of the ABH

The values for the thickness h(x, y) are calculated in Cartesian coordinates with
Equations (1)–(3) with radius a, panel thickness h0, residual thickness hres, power-law
exponent m and the distance from the center of the ABH to the current position |⃗r′|.

h(x, y) =
h0 − hres

am · |⃗r′|m + hres for |⃗r′| ≤ a (1)

h(x, y) = h0 for |⃗r′| ≥ a (2)

|⃗r′| = |⃗r − r⃗0| with r⃗ =
(

x
y

)
, r⃗0 =

(
x0
y0

)
(3)

2.3. Material Properties

The first paper on the ABH effect by Mironov [10] already showed that a maximum
reduction in the thickness must be aimed for. Considering this, 3 mm thick High-Pressure
Laminate (HPL) is selected as a panel material for the study. It is known from previous
studies [6,7] that this thickness without modification has low performance as a DMA
front panel. This configuration thickness makes it possible to produce an ABH with a
residual thickness hres = 0.3 mm using a CNC machine for furniture construction. This
corresponds to a factor of hres

h0
= 1

10 , which enables the ABH to significantly influence the
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wave propagation on the panel. The material properties used in the numerical modeling
are presented in Table 1.

Table 1. Material properties and geometry parameters used in ANSYS for modeling the HPL front
plate of the DMA.

Material Property HPL 3 mm

Young’s Modulus E/GPa 10
Poisson’s Ratio ν 0.4

Density ρ/kg m−3 1470
Loss Factor ζ/% 2.54

For modeling the air inside the back cavity, the standard material air was chosen from
the ANSYS library. Its properties are shown in Table 2.

Table 2. Properties of air used for modeling in the FE simulations.

Material Property Air

Temperature T/K 295.15
Density ρ/kg m−3 1.225

Speed of Sound c/m s−1 346.250
Viscosity η/kg m−1 s−1 1.789 × 10−5

2.4. Meshing

The numerical modeling of the DMA with the ABH optimized front panel was done
with a Finite Element Analysis (FEA) using ANSYS Mechanical. The model was created
using a multi-physics approach by combining acoustic and mechanical elements in a single
model. For simulating the front panel behavior, quadrilateral 2D shell elements were used.
The choice of thickness and panel material influences the flexural wave velocity, which
determines the required resolution of the mesh. In the area of the ABH, a finer mesh is
required due to the decreasing wavelengths. It is recommended to use at least ten shell
elements per flexural wavelength for accurate results [32]. For a residual thickness of the
ABH hABH = h0 · 1

10 = 0.3 mm, the smallest flexural wavelength λflex of a plate is computed
by Equation (4) from [33], with Young‘s modulus E, density ρ, Poisson’s ratio ν from Table 1
and the upper frequency limit ωu = 2π fu = 2π·500 Hz of the analysis.

λflex = 2π 4

√
Eh2

res
12ρω2

u(1 − ν2)
(4)

The required length for the shell elements is calculated with Equation (5). The resulting
shell element length of lshell was rounded so that it is an integer divisor of the panel
height Ly.

lshell = 8 mm ≤ λflex
10

≈ 9.22 mm (5)

For simulating the air back cavity, hexagonal 3D elements were used. Acoustic el-
ements are chosen to simulate the stiffness and losses introduced by the enclosed air in
the back cavity. It is required to have at least ten elements per wavelength for the chosen
acoustic simulation with selected ANSYS element type FLUID220, cf. [32]. The maximum
edge length lsolid of a solid acoustic element is calculated by Equation (6), with upper
frequency limit fu, its wavelength λ fu = 0.483 m and the speed of sound c = 343 ms−1.
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lsolid = 5 · lshell = 40 mm ≤
λ fu

10
=

c
10 fu

= 48.3 mm (6)

A multiple of five times the shell element size was chosen for the fluid element size,
to ensure good interaction between the mechanical and acoustical domain. The depth was
chosen to fit four elements inside the back cavity. This leads to hexagonal elements with an
edge length of lsolid,x = 40 mm, lsolid,y = 40 mm and lsolid,z = 30 mm.

2.5. Boundary and Loading Conditions

The DMA’s resonant panels are attached to a frame that is fixed to a housing with
screws. This leads to the assumption of a fixed support boundary condition at all four
edges of the panel for the model.

To simplify the computation, the panel is driven by a uniform harmonic pressure of
p̂ = 1 Pa normal to the panel surface. This simplification corresponds to a plane wave that
hits the surface vertically with an SPL = 94.5 dB. This condition is e.g., achieved in the far
field of a centered mono-pole sound source.

The panel motion is coupled with the air in the back cavity. The numerical coupling
between the panel (solid) and the air (fluid) is done using the ANSYS Fluid–Solid Interface.
The Fluid–Solid Interface also closes the air volume on the front side. The back cavity
(BC) housing is made of 19 mm MDF for the side walls and 30 mm MDF for the rear wall.
This prevents the housing from vibrating. They are simulated as a rigid wall, so, a perfect
reflection boundary with reflection coefficient Γ = 1 is used. The modeling approach is
depicted in Figure 2. 

2 

 

 
 
 
 
 

Figure 2. Model details: Red represents the areal loading force in negative z-direction, the black
lines represent the clamped/fixed support boundary condition for the front plate, yellow represents
the Fluid–Solid Interface between the two physics regions, grey represents the rigid wall boundary
condition for the air volume.



Appl. Sci. 2024, 14, 1338 6 of 20

3. Simulation Results

A parametric study on ABH design was performed to show and understand the effect
of ABH variations on the panel behaviour. Therefore, different positions, sizes and depths
were modeled and analyzed. The results are evaluated and the most promising design
option was selected for manufacturing and validating the numerical analysis.

The aim of this study is to improve the diffuse sound absorption αS of the DMA.
The diffuse sound absorption αS is measured according to the standard DIN EN 20354 [34]
inside a reverberant chamber. Due to the statistical nature of this method, various in-
fluences e.g., edge diffraction, non-diffuseness and the Sabine formulation can lead to
values of αS > 1 [2]. To set a benchmark for the sound absorption results, a target curve
is developed in the following. From various studies e.g., [4] it is known that porous and
Helmholtz absorbers are sufficient for high-frequency sound absorption. For targeting
specific low-frequency absorption, the classical panel absorbers and Helmholtz resonators
are an established option. These systems are widely commercially available. The cor-
responding absorption coefficients are shown in Figure 3 for one example per category.
However, broad-band low-frequency absorption is rarely found among commercially avail-
able absorbers. The goal of this study is to improve the sound absorption in the gap from
50 Hz < f < 250 Hz between the widely available absorber types. The desired frequency-
dependent absorption coefficient is displayed in Figure 3 as the DMA target (passive).

63 125 250 500 1k 2k 4k
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.
α
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DMA Target (passive)

Porous Absorber - Basotech 50mm

Helmholtz Absorber - Trikustik R6,4D3 with 50mm porous material

Plate Absorber - Greenacoustic DEBASS

Figure 3. Comparison of the diffuse sound absorption αS of different absorber types using examples
available on the market including DMA target absorption curve.

From the target curve for the sound absorption, some parameters for the mechanical
FE simulation of the DMA can be derived. The highest frequency to be analyzed was set to
be fu = 500 Hz, which determines the FE size of the model. The identification of sound
absorption takes place in the logarithmic frequency domain [34]. To save calculation time
in the low frequencies, the numerical FE analysis was performed in the linear frequency
domain with frequency steps of ∆ f = 5 Hz. This is possible because the behavior of the
DMA panel at low frequencies is determined by the first mode, where no significant change
is to be expected due to the ABH.

Mechel [35] showed that the absorption behaviour of a vibrating panel in front of an
enclosed air volume is dependent on incident, reflected and scattered sound pressure as
well as the spatial distribution of the panel velocity. Therefore, it was decided to evaluate
the simulation results via the frequency response of the arithmetic mean velocity vx,y( f ) for
the z-component of the whole vibrating surface. The calculation is done via Equation (7),
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where n is the total number of elements on the surface and ⃗|vz,i|( f ) is the amplitude of the
element velocity in the z-direction.

vx,y( f ) =
1
n

n

∑
i=1

⃗|vz,i|( f ) (7)

The resulting graphs are evaluated by comparing the vx,y( f ) of the panels with the
embedded ABH to the reference panel. If the mean velocity of the ABH panel exceeds the
mean velocity of the reference panel at some frequencies, the sound absorption is expected
to be increased at the same frequencies. This way, the target curve shown in Figure 3
defines the frequencies of interest in evaluating the different simulations. Additionally,
an equal spacing on the logarithmic frequency axis of the modal peaks is considered best.

The ABH geometry is dependent on four main parameters. Formulas (1)–(3) presented
in the previous chapter show the relationships between the parameters. While the panel
thickness h0 is predestined by the material choice for the front plate, the residual height
hres, radius a and power-law factor m are free to be chosen by the designer. Additionally,
the location of the ABH geometry is varied and analyzed in the following parametric
analyses of the mechanical behavior. All the parameters are varied independently to study
the influence of each parameter.

Based on the conclusions of Bowyer et al. [13] and Unruh et al. [36], an initial parameter
set was chosen to optimize the DMA panel. The selection was made in such a way that
the ABH most probable has a significant influence on the structural dynamics of the
carrier plate. The parameters, displayed in Table 3, and their effects on the panel are then
weighed up.

Table 3. Initial Acoustic Black Hole parameters used in the simulations.

Parameter Initial ABH

Residual thickness hABH/mm 0.1
Radius a/m 0.1

Power-law factor m 4

3.1. Position

The ABH effect exerts a significant influence on the flexural wave behavior of its
carrier. This is primarily manifested through a reduction in the wave propagation speed
cflex in the area of the ABH, which consequently leads to a decrease in the wavelengths
λflex and an increase in the amplitude Anx ,ny within this area. This leads to a drastic shift
in the tensions of the panel, which is expressed through changed mode shapes. Given
these impacts, the positioning of the ABH is of great importance and is thus the primary
parameter to be analyzed.

The initial ABH presented in Table 3 is moved around in a grid of 3 × 3 positions with
a distance of 10% of the panel dimensions, as shown in Figure 4a. The starting point P11
is the center of the panel, for which the contour of the ABH with a radius a = 10 cm is
represented in the figure by the dashed circle. The whole circular ABH structure is shifted,
with the thinnest point in the center located at the specified position.

The investigations conducted in this section were performed in the absence of the air
cavity, so the Modal Superposition Solver was used instead of the Full Method Harmonic
Response Solver in ANSYS. This approach facilitated the illustration of mode shapes across
all the modes, inclusive of the symmetric even modes, which would have been otherwise
suppressed at the ABH positions on the symmetry lines.

A frequency response is considered superior to another if it shows an increase in the
normalized mean surface velocity vx,y

p ( f ). In addition, the responses with the most even
frequency spacing of the modal peaks on the logarithmic frequency axis are favored.
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Figure 4. Representations for the position of the ABH: (a) Sketch of 9 different positions for finding
the best ABH placement. The dashed circle represents the contour of the ABH for position P11.
(b) CAD rendering of ABH with radius a = 0.13 m located at position P22.

The evaluation of the simulation outcomes needs to be split into smaller subsets.
The partitioning is achieved by assigning the results of the three axes, commencing from the
center. The sequence of analysis begins with the x-axis, followed by the y-axis, and finally,
the diagonal axis. The best results of these preliminary analyses are then compared in a
further graph.

3.1.1. X-Axis

The normalized mean surface velocity vx,y results from placing the ABH centered on
the y-axis and moving it to different positions on the x-axis are shown in Figure 5 (P11, P21,
P31). The blue dots at the top of the graph represent the first four modal frequencies of the
reference panel f1,1 = 84 Hz, f2,1 = 147 Hz, f1,2 = 192 Hz and f3,1 = 250 Hz. The dashed
line represents the normalized mean surface velocity vx,y( f ) of the reference panel without
an ABH. Due to the symmetry of the mode shapes for f2,1 and f1,2, they do not appear on
the frequency response. However, the mode shapes for f1,1 and f3,1 are unsymmetrical;
therefore, they are visible in the plotted frequency response.

It can be seen from the graph that the position of the ABH has much influence on the
frequency response of the normalized mean surface velocity vx,y. In general, the desired
effect of increasing the surface velocity vx,y is achieved for all three positions. However,
there are multiple effects introduced by the ABH. The first to mention is the increase in the
frequency of the fundamental mode f1,1 ≈ 85 Hz with a position further away from the
center. Because the aim is low-frequency improvement, this effect is not desired. The second
peak in vx,y( f ) of the ABH panels is at the same frequency for all three configurations.
This occurs due to a new modal frequency which is introduced by the ABH structure itself.
The thin material inside the ABH is vibrating in the first circular mode; this frequency
fABH ≈ 120 Hz is also known as the cut-on frequency. Therefore, it does not depend on
the position and needs to be investigated separately. The changes seen at the second panel
mode f2,1 ≈ 150 Hz indicate the ability of the configuration to disturb the symmetry of
the panel.

Previous research [9] has found that breaking the panel symmetry can be beneficial
for improving the sound absorption. This effect also determines the selection of the best
configuration from those shown here. Taking the above arguments into account, position
P21 is selected as the best choice of the configurations shown in Figure 5.

Figure 4. Representations for the position of the ABH: (a) Sketch of 9 different positions for finding
the best ABH placement. The dashed circle represents the contour of the ABH for position P11.
(b) CAD rendering of ABH with radius a = 0.13 m located at position P22.

The evaluation of the simulation outcomes needs to be split into smaller subsets.
The partitioning is achieved by assigning the results of the three axes, commencing from the
center. The sequence of analysis begins with the x-axis, followed by the y-axis, and finally,
the diagonal axis. The best results of these preliminary analyses are then compared in a
further graph.

3.1.1. X-Axis

The normalized mean surface velocity vx,y results from placing the ABH centered on
the y-axis and moving it to different positions on the x-axis are shown in Figure 5 (P11, P21,
P31). The blue dots at the top of the graph represent the first four modal frequencies of the
reference panel f1,1 = 84 Hz, f2,1 = 147 Hz, f1,2 = 192 Hz and f3,1 = 250 Hz. The dashed
line represents the normalized mean surface velocity vx,y( f ) of the reference panel without
an ABH. Due to the symmetry of the mode shapes for f2,1 and f1,2, they do not appear on
the frequency response. However, the mode shapes for f1,1 and f3,1 are unsymmetrical;
therefore, they are visible in the plotted frequency response.

It can be seen from the graph that the position of the ABH has much influence on the
frequency response of the normalized mean surface velocity vx,y. In general, the desired
effect of increasing the surface velocity vx,y is achieved for all three positions. However,
there are multiple effects introduced by the ABH. The first to mention is the increase in the
frequency of the fundamental mode f1,1 ≈ 85 Hz with a position further away from the
center. Because the aim is low-frequency improvement, this effect is not desired. The second
peak in vx,y( f ) of the ABH panels is at the same frequency for all three configurations.
This occurs due to a new modal frequency which is introduced by the ABH structure itself.
The thin material inside the ABH is vibrating in the first circular mode; this frequency
fABH ≈ 120 Hz is also known as the cut-on frequency. Therefore, it does not depend on
the position and needs to be investigated separately. The changes seen at the second panel
mode f2,1 ≈ 150 Hz indicate the ability of the configuration to disturb the symmetry of
the panel.

Previous research [9] has found that breaking the panel symmetry can be beneficial
for improving the sound absorption. This effect also determines the selection of the best
configuration from those shown here. Taking the above arguments into account, position
P21 is selected as the best choice of the configurations shown in Figure 5.
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Figure 5. Comparison of the normalised mean surface velocity vx,y
p ( f ) for the x-row of different ABH

positions P11, P21, P31.

3.1.2. Y-Axis

For the second subset of positions in Figure 6, the ABH was placed in the center of
the x-axis, but moved in the y-direction of the panel (P11, P12, P13). The resonance peaks
f1,1 ≈ 85 Hz and fABH ≈ 120 Hz exhibit similar effects to those shown in Figure 5. However,
due to a change in direction, the excited even mode shifts from the first peak f2,1 ≈ 150 Hz
to the second peak f1,2 ≈ 190 Hz. The positioning of the ABH more towards the outer side
still results in an increase in the frequency. On the other hand, placing the ABH at the
center of the x-axis leads to a decrease in the normalized mean surface velocity vx,y at the
third panel resonance frequency f3,1 ≈ 250 Hz, regardless of the investigated positions on
the y-axis (P11, P12, P13).
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Figure 6. Comparison of the normalized mean surface velocity vx,y
p ( f ) for the y-row of different ABH

positions P11, P12, P13.
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In respect to the previous descriptions, the response of position P12 proves to be
the best in Figure 6. It shows a moderate frequency shift for f1,1 ≈ 85 Hz. For P12, the
emphasized even mode f1,2 ≈ 190 Hz appears at a lower frequency compared to P13.

3.1.3. Diagonal Axis

In Figure 7, the ABH was shifted from the center of the panel towards the edge in a
diagonal direction (P11, P22, P33).
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Figure 7. Comparison of the normalized mean surface velocity vx,y
p ( f ) for the diagonal row of

different ABH positions P11, P22, P33.

The closer the ABH is positioned to the center, the less the shifting of the fundamental
resonance frequency f1,1 ≈ 85 Hz, affirming the same principle as before. The ABH mode
also creates a resonant peak in the response at the same frequency fABH ≈ 120 Hz as already
seen in Figures 5 and 6. At position P22, the frequency response exhibits noticeable peaks
at both even modal frequencies, f2,1 ≈ 150 Hz and f1,2 ≈ 190 Hz, as observed with the
reference panel modes. This results in a significant improvement in the normalized mean
surface velocity vx,y between 125 Hz < f < 250 Hz compared to the response at position
P11 and P33. On the other hand, placing the ABH at position P33 leads to the suppression
of the even modes f2,1 ≈ 150 Hz and f1,2 ≈ 190 Hz. However, it also creates high and
narrow peaks above frequencies greater than 250 Hz. It is important to note that these
peaks do not align with the objective of this study, which aims to achieve a more evenly
distributed arrangement of resonant peaks on the logarithmic frequency axis.

Referring to the descriptions from Figure 7, the best choice is position P22. It enables
both even modes f2,1 ≈ 150 Hz and f1,2 ≈ 190 Hz significantly better than the other
two positions and in an even frequency distance. The shifting of the fundamental mode
f1,1 ≈ 85 Hz is moderate. In addition, P22 incorporates modal peaks for high frequencies
f > 250 Hz.

3.1.4. Comparison of the Best Positions

Creating more asymmetry by placing the ABH further away from the center does not
improve the system’s frequency response in general. It is much more a question of the right
placement on the panel than a measure of absolute distances. For this reason, the best three
positions, P12, P21 and P22, from the previous graphs, are compared in Figure 8.
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Figure 8. Comparison of the normalized mean surface velocity vx,y
p ( f ) at the three best ABH positions

P12, P21, P22.

The most effective normalized mean surface velocity vx,y frequency response is ob-
served when the ABH is positioned at P22. At this location, both even modes, f2,1 ≈ 150 Hz
and f1,2 ≈ 190 Hz, are excited in a manner similar to the single excitation observed at
positions P12 and P21. As a result, the resonance peaks are evenly distributed along the log-
arithmic frequency axis. Considering the circular ABH mode fABH ≈ 120 Hz, the average
distance between the peaks below f < 200 Hz is approximately one third of an octave. This
characteristic enables the DMA to effectively absorb sound in a uniformly spaced manner.

3.1.5. Mode Shapes

The mode shapes of even modes are usually of a symmetric pattern. Because the sum
of the velocities cancel out over the whole panel area, these modes do not appear in the
frequency response of the normalized mean surface velocity vx,y( f ). With the asymmetric
placement of an ABH, it is possible to activate the lower even modes. The simulations of
the mode shapes presented in the following were conducted without the air back cavity
by the ANSYS Modal Superposition Solver. In Figure 9, the mode shapes of the first four
modes f1,1 = 84 Hz, f2,1 = 147 Hz, f1,2 = 192 Hz and f3,1 = 250 Hz are shown for the
reference panel.

(a) Mode 1 - f1,1 = 84 Hz. (b) Mode 2 - f2,1 = 147 Hz. (c) Mode 3 - f1,2 = 192 Hz. (d) Mode 4 - f3,1 = 250 Hz.

Figure 9. First four mode shapes for the uniform reference panel.

The mode shapes for placing the ABH at the best position P22 are shown in Figure 10.
The impact of the Acoustic Black Hole on the panel is recognizable for all four mode shapes.
The peak amplitudes are shifted towards the center of the ABH as intended. While the
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basic shape for the first two modes is only deformed, the velocity of the third and fourth
modes is bundled in the area of the ABH.

(a) Mode 1 - f1,1 = 89 Hz. (b) Mode 2 - f2,1 = 141 Hz. (c) Mode 3 - f1,2 = 189 Hz. (d) Mode 4 - f3,1 = 248 Hz.

Figure 10. First four mode shapes for the panel ABH (a = 0.1 m and hABH = 0.1 mm) at position P22.

3.2. Residual Thickness

The manufacturing process of the two-dimensional Acoustic Black Hole (ABH) geom-
etry on a thin panel with its parabolic shape is a non-trivial task. To achieve an exact result,
Computerized Numerical Control (CNC) machining is required. However, even with an
accurate machine, an endlessly thin structure is not achievable. Therefore, the thickest but
still efficient design must be selected. Figure 11 depicts the normalized mean surface veloc-
ity vx,y( f ) for the same ABH configuration, with radius a = 0.1 m and power-law exponent
m = 4 placed on the center position P11. The residual thickness hABH ∈ {0.1; 0.3; 0.6} mm
is varied to evaluate its effect on the vibration characteristics of the panel. Position P11 was
chosen for this analysis to suppress the positive effects of asymmetrical placement shown
in the previous Section 3.1.
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Figure 11. Comparison of the normalized mean surface velocity vx,y
p ( f ) of three different residual

heights at position P11.

The suppression of the even modes results in the outstanding first mode f1,1 ≈ 85 Hz
in all three curves, as shown in Figure 11. The resonant peaks for the higher frequencies are
therefore attributable to the circular mode fABH of the ABH. The curve for hABH = 0.1 mm
shows a peak at the first mode of the ABH geometry around fABH,0.1 mm ≈ 120 Hz.
The curve for hABH = 0.3 mm shows the same ABH mode but at a higher frequency
fABH,0.3 mm ≈ 195 Hz. For the curve of the hABH = 0.6 mm, the frequency of the first ABH
mode is found at even higher frequencies, hence, it is not visible in the figure. This makes
hABH = 0.6 mm not suitable for improving the DMA panel in the target frequency range.
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The results of this section indicate that the thinner the structure gets in the middle, the more
suitable it becomes in terms of evenly distributed modes within the targeted frequency
range. But on the other hand, with a thicker ABH, easier manufacturing and more stability
are reached. The practical solution is to select the compromise and move on with a residual
thickness of hABH = 0.3 mm.

3.3. Size

The cut-on frequency fABH of Acoustic Black Holes is essential for its efficiency. For
smaller ABH radii, the cut-on frequency increases. For this study, three different-sized
ABHs were modeled. For the target frequency range and the used panel properties [37], the
cut-on frequency fABH for a 2D ABH with radius a < 0.07 m was shown to not appear in
the target frequency range. For three radii a ∈ 0.07; 0.1; 0.13 m, the simulated mean surface
velocities vx,y( f ) are shown in Figure 12.
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Figure 12. Comparison of the normalized mean surface velocity vx,y
p ( f ) of different sized ABH for

three different radii.

The graph shows that the larger the ABH gets, the bigger its impact is. The even
modes, which are activated through the unsymmetrical placement of the ABH, indicate
this effect quite well. The small ABH with radius a = 0.07 m has a quite high cut-on
frequency fABH,a=7cm ≈ 380 Hz so the effects seen in Figure 12 are mostly due to breaking
the panel symmetry at those frequencies f2,1 ≈ 140 Hz and f1,2 ≈ 180 Hz. On the other
hand, the simulations of the two bigger ABHs show a similar normalized mean surface
velocity at these modes f2,1 ≈ 140 Hz and f1,2 ≈ 180 Hz, which is significantly higher
compared to the smaller ABH. For higher frequencies, the velocity of the a = 0.13 m ABH
is higher. In addition, the ABH circular mode, responsible for the cut-on frequency fABH ≈
125 Hz, is in between the fundamental mode f1,1 ≈ 105 Hz and the second panel mode
f2,1 ≈ 140 Hz. Based on this analysis, it was chosen to manufacture the small ABH with
radius a = 0.07 m and the big ABH with radius a = 0.13 m to verify whether the predictions
of the FE model generally hold up in practice.

4. Experimental Validation

The experimental validation process was performed in two sections. First, the vibration
responses of the modeled structures were measured in the anechoic chamber. Afterwards,
the sound absorption performance of the built structures were measured in standard
reverberation room measurements.
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4.1. Surface Vibration Measurements

A set of measurements were performed in TU Dresden’s Anechoic chamber for the
validation of the numerical models. Therefore, a studio monitor (GENELEC 8250A) was
located at two meters’ distance (d = 2 m) from a specimen in the anechoic chamber. It was
used in its full frequency range to send acoustic waves to generate oscillations at the panel
surface. Rigid frames were built for holding the manufactured front panels. The front
panels were interchanged to obtain the effect of the structural characteristics, while the
back volume depth was kept as 120 mm. The responses of the front panels were measured
with an MMF KS95B.100 mini-accelerometer in four positions, as shown in Figure 13.

 

3 

 

Figure 13. Surface vibration measurement setup.

In order to check the approaching sound pressure on the front surface, a measurement
microphone B&K type 4188 was used. The measured vibration response was divided by
the approaching sound pressure in order to obtain the response for the unit sound pressure,
as in the simulation case. The experimental results are presented in comparison with
the simulation results in Figures 14–16 that follow. The simulation results were achieved
through multiple fitting iterations of the model. Ultimately, the geometric parameters in the
FEM have been set to panel thickness h0 = 2.9 mm and residual thickness hABH = 0.35 mm.

Figures 14–16 show that the predictions of the FEA are in good qualitative agreement
with the measurements. While the quality of the quantitative part of the frequency response
differs for each measurement position, the prediction of the modal frequencies is sufficient.
All of the measurement results show that there is larger damping in the actual structures
than the models, since the tip of the frequency peaks are more rounded. The difference
in the first frequency for the HPL 3 mm panel was thought to be caused by screwing the
front panels tighter, which eventually created a preload on the panel surfaces. Breaking
the symmetry effect is noticeable for the designs where the ABH is located off from the
center. In general, the prediction quality of the numerical model is more accurate if the
selected point is away from the ABH. The differences in the frequency responses can be
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caused by topological effects from the manufacturing process that could not be modeled.
However, a qualitative description of the acceleration is nevertheless possible for all designs.
Furthermore, an agreement of the frequency values can be seen.
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Figure 14. Comparison of the simulated and measured normalised acceleration a
p at 4 points for the

reference panel.
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Figure 15. Comparison of the simulated and measured normalised acceleration a
p at 4 points for the

panel with ABH of radius a = 0.07 m at position P22.
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Figure 16. Comparison of the simulated and measured normalised acceleration a
p at 4 points for the

panel with ABH of radius a = 0.13 m at position P22.

4.2. Sound Absorption Measurements

The sound absorption measurements were performed in a reverberant room that was
built according to the ISO 354 standard [34]. The sound absorption performance of uniform
HPL 3 mm and a panel with a large ABH (with a = 0.13 m at P22) were investigated.
Therefore, 42 units for each case were manufactured and measured in the reverberant room
(with volume V = 195 m3) of TU Dresden, as shown in Figure 17. Three omnidirectional
sound sources and six measurement microphones were used during the measurements.
The calculated sound absorption are depicted in Figure 18 in 1/24 octave bands.

Figure 17. Measurement setup in the reverberant room.
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Figure 18. Measured diffuse sound absorption curves of panels. Reference panel measurements
(green lines), ABH panel measurements (blue lines) and target curve (dashed line).

It can be seen from the curves that the absorber with the uniform HPL 3 mm panels
have absorption peaks at three positions for the selected frequency range. The numerical
results have higher vibration amplitudes for those frequency regions as well. However,
the levels of absorption are not very high. On the other hand, the effect of including the ABH
in the panel can be clearly seen. The sound absorption values are higher than the uniform
panel, especially in the 90–170 Hz region, as expected from the numerical simulations.

5. Discussion

The findings of this study reveal that the strategic placement of a two-dimensional
Acoustic Black Hole (ABH) off-center on a Distributed Mode Absorber (DMA) front panel
enhances its efficacy through several mechanisms.

Primarily, the mode shapes undergo a smooth shift towards the ABH, resulting in the
acoustic activation of symmetrical even panel modes. Notably, the first two modes, f2,1 and
f1,2, are of paramount importance in the investigated prototypes. The gradual thickness
change within the circular power-law indentation minimizes internal reflections, ensuring
a smooth adjustment of modal crest positions. In contrast to an abrupt thickness change [9],
the ABH panel achieves a more coherent distribution of flexural waves.

Another advantageous effect contributing to the improved low-frequency absorption
is the introduction of a new modal frequency fABH by the ABH structure. This allows for the
creation of a modal frequency situated between the fundamental panel mode f1,1 and the
second panel mode f2,1, representing the most significant inter-modal frequency spacing.

While the study did not explicitly verify the Acoustic Black Hole effect in terms
of the internal flexural wave field, the utilization of the ABH shape for the indentation
demonstrates substantial potential for enhancing the panel vibration behavior of DMAs at
low frequencies. It is noteworthy that the influence of internal flexural wave reflections at
the edge of the ABH remains a topic for further investigation in subsequent studies.

6. Conclusions

In this paper, the improvements of the sound absorption performance of panel ab-
sorbers including Acoustic Black Holes were numerically and experimentally investigated.
A detailed numerical modeling study was performed and the effects of the Acoustic Black
Hole position, residual thickness and size were evaluated.

Numerical analyses showed that creating asymmetry on the panels by moving the
ABH further away from the center does not lead to a direct improvement in the frequency
response of the system. It was seen that the positioning according to a denser mode
distribution would improve the panel behavior. For the evaluated case, putting the center
of the ABH into the panels at 60%, this position leads to the best design for frequency
distribution. The thinner residual thickness was found to be better in the numerical
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analysis. However, it was not possible to carve panels down to this thickness; therefore,
the experimental studies were conducted with designs with a 0.3 mm residual thickness.
Considering the size of the ABH, it can be summarized that the larger the ABH gets,
the bigger its impact is.

The experimental studies showed that the presented numerical approach is accurate
for determining the vibro-acoustic behavior of panel absorbers incorporating a single ABH
indentation. The sound absorption measurements reveal that it is possible to improve the
low-frequency sound absorption performance of the panels by including an ABH structure.
The sound absorption levels and the number of absorption peaks have been increased with
a proper ABH design.

The integration of ABH structures into panel absorbers is a promising concept for
advancing their low-frequency sound absorption capabilities. The systematic investigation
of ABH design parameters together with their experimental validation contributes to the
ongoing pursuit of compact low frequency absorbers. It should be also noted that the
performance for the selected case was not superior, since it was known that a thinner
uniform panel would have been a better choice. It is therefore necessary to carry out further
studies that push the ABH concept to the limits of production facilities.
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