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Abstract: Compared to traditional centrifugal pumps, magnetic pumps are widely used in industries
such as chemical, pharmaceutical, and petroleum due to their characteristics of leakage-free operation
and the ability to transport toxic and corrosive fluids. However, the efficiency of magnetic pumps is
relatively low. Improving the efficiency of pumps helps to reduce energy loss and lower industrial
costs. In this study, a magnetic pump was chosen as the research subject. The study aims to improve
the efficiency and stability of the magnetic pump by optimizing the impeller blades based on the
load curve. A combined approach of a numerical simulation and experimental verification was
used to investigate the impact of the anterior loading point (AL), posterior loading point (PL), and
slope (SL) in the blade loading curve on the pump’s performance. The slope, which had the most
significant impact on pump performance, was selected as the dependent variable to analyze the
internal pressure pulsation and main shaft radial force of the magnetic pump. The research found
that the hydraulic performance test results of the magnetic pump were in good agreement with the
simulation results. When efficiency is used as the optimization objective, the anterior loading point
should be moved as far back as possible, and the posterior loading point should be moved as far
forward as possible. Through the study of internal pressure fluctuations and radial forces within the
pump, the radial force distribution is sequentially as follows: the anterior loading method, posterior
loading method, and middle loading method at a rated flow rate. The maximum pressure pulsation
amplitude was near the volute casing diffuser area. Compared to the original pump, the optimized
magnetic pump showed a 5.05% improvement in hydraulic efficiency under the rated conditions.
This research contributes to enhancing the performance and efficiency of magnetic pumps, making
them more suitable for various industrial applications.

Keywords: magnetic pump; optimization; load curve; pressure pulsation; radial force

MSC: 76U05

1. Introduction

In industries such as the chemical, biopharmaceutical, and petroleum ones, centrifugal
pumps are commonly used to transport hazardous materials that are toxic and corrosive.
However, traditional centrifugal pumps are designed with mechanical seals which creates a
risk of leakage. Magnetic pumps achieve complete leak-free operation by using a magnetic
drive to connect the prime mover and the working machine while isolating them with a
containment shell [1]. This design replaces the dynamic seals found in traditional pumps
with static seals [2].

As the core component of the magnetic pump, the design of the impeller blade directly
affects the performance of the magnetic pump. The inverse problem design method of
the impeller is to calculate the blade shape through reverse iteration given the blade
load distribution, and only a few parameters need to be controlled to design the three-
dimensional shape of the blade. The design cycle is short, and the dependence on experience
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is low [3]. Blade load design is generally based on the inverse problem design of ternary
theory, which is mostly used in the field of compressors. WU [4] first proposed the theory
of three-dimensional flow, which has been widely applied in the design of turbomachinery
internationally. Afterwards, with the development of CFD technology, the design of
impellers became more convenient and efficient [5]. The shape design of load curves
is diverse. Zhang and Zhao [6] selected a centrifugal pump for the proposed inverse
methods to verify the reliability and accuracy of both inverse problem models, and research
has found that inverse problem design methods can design more accurate centrifugal
pump impeller models. Wang et al. [7] proposed a simple kinematic equation based on a
reverse design for the secondary flow phenomenon in centrifugal pumps, which effectively
controls the distribution of rotational gradients and suppresses the secondary flow, thereby
expanding the efficient range of the pump, improving flow uniformity, and suppressing
pressure fluctuations. Lu et al. [8] presented a modified inverse design method. In the new
method, after a series of physical and mathematical simplifications, a sail-like constrained
area is proposed, which can be used to configure different runner blade shapes. Through
comparative analysis using the target runner blade, it was found that the maximum
efficiency improvement reached 1.6%, while the head improvement was about 10%. Xu
et al. [9] compared the hydraulic efficiency, flow field characteristics, pressure pulsation,
etc., of two types of impellers by changing the blade load. The hydraulic characteristics
and pressure pulsation were significantly affected by the blade load. The efficiency of the
impeller increases with the increase in the load, and the pressure pulsation and radial force
also increase. Zhu et al. [10] conducted the multi-objective optimization of centrifugal
pump impellers using a three-dimensional inverse design method, taking the blade load,
blade lean, and meridional channel shape as the optimization parameters, and research
found that the runner with a negative blade lean has better stability than the runner with a
positive blade lean.

Magnetic pumps belong to rotating machinery, and their internal flow is affected by
the dynamic and static interference between the rotating impeller and the pump body [11].
This has a certain impact on the stable operation of the unit. For ordinary centrifugal
pumps, the generation of pressure pulsation mainly comes from the vibration and noise
caused by the blade sweeping over the pump body tongue, and the shape of the blade
determines the speed and direction of the fluid flowing out of the impeller.

Therefore, the influence of impeller blade parameters on pressure pulsation cannot be
ignored [12]. Many scholars have done a lot of research on this. Yang et al. [13] established a
compressible model using the Tait equation to consider the impact of water compressibility
on the numerical simulation process of hydraulic machinery. Through the combination
of experimental and numerical simulation methods, it was found that the compressibility
of water can affect the amplitude of pressure fluctuations at certain discrete frequencies,
especially at the impeller outlet and volute tongue, where obvious jet wake and interactions
between moving and stationary blades occur. Yang et al. [14] investigated the inter-stage
difference of internal flow field distribution and the pressure pulsation characteristics inside
a typical three-stage ESP. Then, a comparative analysis of the flow fields inside the impellers,
diffusers, and chambers under different flow conditions was performed. The results show
that the pressure pulsations caused by the interference phenomenon can seriously threaten
the operational stability of ESP by inducing vibration and noise. Zhang et al. [15] used
the Delayed Separation Eddy Simulation (DDES) method to study the transient flow and
pressure pulsation of low-specific speed centrifugal pumps under stall conditions. This
method can effectively capture the jet wake basin, and the volute structure has a significant
impact on the evolution of the stall vortex structure. Cui et al. [16] presented the hub
cutting of the impeller to suppress the rotor–stator interference between the blade and
volute tongue in a high-speed centrifugal pump with double volutes. The flow fields in the
centrifugal pumps with four hub-cutting angles were numerically simulated to investigate
the influence on the internal flow and pressure pulsation. The results show what is under
the design flow rate. The pressure pulsation intensity at the volute and the unsteady radial
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force of the hub-cutting pumps are smaller than that of the prototype pump due to the flow
improvement. In addition, the maximum and average values of the unsteady radial force
decrease with the increase of the cutting angle.

According to the above literature analysis, many scholars have conducted extensive
research on the optimization and internal flow mechanism of magnetic pumps, but have
not analyzed the effects of the anterior loading point, posterior loading point, and slope
on the performance of magnetic pumps based on blade load theory, or explored the laws
of blade load curves. Therefore, this article mainly studies a magnetic pump. Based on
the blade load curve, the impeller structure was optimized and analyzed to explore the
influence of the impeller structure on the external characteristic energy of the pump. The
influence of the internal pressure pulsation and axial radial force on the impeller before
and after optimization was analyzed.

2. Numerical Simulation and Experiment
2.1. Theoretical Basis

In this research, various load distribution patterns are designed for cylindrical blades
based on the blade load curve to explore various characteristic parameters in the blade
load, namely the influences of the anterior loading point (AL), posterior loading point (PL),
and slope (SL) on the pump’s efficiency, head, internal flow, and other characteristics. The
blade load curve is shown in Figure 1.
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Figure 1. Distribution curve of blade load.

The blade load distribution is closely related to the velocity circulation and the rela-
tionship as follows:

p+ − p− =
2π

z
ρωm

∂(rVθ)

∂m
(1)

In the above equation, p+ represents the static pressure on the pressure surface of the
blade and p− donates the static pressure on the suction surface of the blade, both in Pa
(pascals); z is the number of blades; ρ is the fluid density; ωm is the relative velocity on the
blade surface in m/s (meters per second); rVθ represents the velocity circulation in m2/s;
and m is the relative length along the streamline blade (with a range of values from 0 to 1).

From the above equation, it can be seen that the pressure difference between the blade
pressure surface and the suction surface is directly proportional to the ∂(νθr)

∂m , which is
denoted as ‘Blade Loading’ for the convenience of the design:

B′ =
∂(νθr)

∂m
(2)

The blade load curve is typically simplified to a three-segment curve, with three
parameters defined to control the curve: the AL, PL, and SL. Based on the load curve,
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the three-dimensional shape of the blade can be solved iteratively using the blade profile
differential equation, as given by the equation:

d f =
ωr2 − rVθ

Vmr2 ds (3)

where f represents the blade wrap angle; ω is the angular velocity of the impeller; r is the
radius of the blade node; Vθ is the circumferential velocity at that node; Vm is the axial
velocity component; and s represents the length along the axial streamline.

2.2. Physical Model and Computational Domain Model

A cylindrical vane magnetic pump with a specific speed of 92.7 r/min was selected as
the research object; its main components consisted of the impeller, volute, back gap, front
pump chamber, rear pump chamber circulation circuit, the inner hole of the impeller shaft,
as well as inlet and outlet tubes, which are shown in Figure 2. The flow rate and head are
the basic indicators for the application scenario of the magnetic pumps. On this basis, the
spatial size of the pump’s working environment affects our consideration of the parameters
such as the speed and diameter, hence the main design parameters of the magnetic pump
are shown in Table 1.
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Table 1. Main parameters of the magnetic pump.

Parameter Symbol Value Unit

Design flow rate Q 50 m3/h
Design speed n 2900 r/min

Head H 32 m
Shaft power P 7.5 kW

Inner diameter D 85 mm
Number of impeller blades Z1 6 /

Wrap angle Z2 100 ◦

2.3. Grid Generation

The number of grids is a significant factor that affects the accuracy of the numerical
simulation results. To verify the influence of the grid number on the numerical simulation
results, six sets of grid numbers are selected to validate the influence of the mesh count
on the numerical simulation results. The pump’s head and efficiency values essentially
stabilize when the total mesh count exceeds 2.5 million, as shown in Table 2. At this
point, the impact of changes in the number of grids on the simulation results can be
ignored. Therefore, a total mesh count of 2,484,601 is ultimately selected for the subsequent
simulation calculations.
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Table 2. Validation of grid independence.

Component Grid 1 Grid 2 Grid 3 Grid 4 Grid 5 Grid 6

The number of grids 1,060,773 1,720,188 1,929,446 2,484,601 2,882,167 3,372,629
H(m) 35.88 35.94 35.98 36.09 36.12 36.14
η(%) 74.64 74.39 74.42 74.5 74.48 74.49

Structured grids are used for all fluid domain models for their excellent adaptability to
flow domain models with variations in length and width, especially for small domains like
gap clearances. The global grid quality exceeds 0.2. The total computational fluid domain
for the numerical simulation contains six parts: the impeller, volute, back gap, and inlet
and outlet tubes. Figure 3 shows the computational domains and mesh details.
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3. Research Methods
3.1. Numerical Simulation

The numerical simulation for the magnetic pump was conducted by the ANSYS CFX.
The SST k-w turbulence model was chosen which can simulate the flow phenomenon near
the wall surface better. The liquid phase was water at 25 ◦C during the research object.
The impeller flow region and the impeller shaft inner bore region were part of the rotating
domain, while other regions such as the front and rear pump chambers, volute region,
and inlet and outlet section were parts of the stationary domain in the entire pump flow
field. Static stationary interfaces and dynamic stationary interfaces are defined based on
the states of these domains, respectively. The inlet and outlet boundary conditions were
set to the pressure and flow rate for solving, respectively. This article maintains the inlet
pressure and pump speed as fixed values, and achieves numerical simulation of different
working conditions by changing the value of the outlet flow rate.

3.2. Experimental Verification

The experimental and numerical simulations for the original model were carried
out based on the settings mentioned above to measure the head and efficiency of the
magnetic pump. The experimental equipment was adjusted to the measured operating
condition and kept running for 30 min, then the output signal was collected for 10 s and
averaged, and the results were analyzed using a computer data acquisition and processing
system to plot performance curves. The hardware system employed NI’s PXI system and
a multifunction dynamic data acquisition card, while the software system utilized NI’s
LabVIEW suite for collecting various performance parameters of the pump. The sensors
involved in the experiment include flow meters, pressure sensors, and torque meters.
The data collected in the experiment were analyzed using uncertainty standards and the
measurement range of the pressure gauge was −0.1~1.5 MPa, with an allowable error
of ±0.0256 MPa. The measurement range of the flow meter was 10–100 m3/h and its
allowable error was ±1.5 m3/h. The measurement range of the torque meter was 0–200 nm
and its allowable error was ±1 nm. The uncertainty analysis formula is shown below [17].
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This article collected signals continuously for 10 s under stable experimental conditions and
calculated the average based on the number of times collected. Figures 4 and 5 illustrate
the schematic diagram of the test system and the test platform.

y = f (x1, x2, · · · , xN) (4)

y = Y =
1
n

n

∑
k=1

f (x1,k, x2,k, · · · , xN,k) (5)
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Figure 6 shows the experimental external characteristic curves and numerical simu-
lation values for the magnetic pump at various flow points under a rated speed. At the
rated flow rate (Qd), the relative error between the experiment (34.23 m) and numerical
simulation (33.31 m) values for head was 2.7%.

The results indicate that the numerical simulation can only estimate the hydraulic loss,
mechanical loss, and volume loss, which inevitably leads to errors, and the simulation val-
ues are often higher than the experimental values. So the simulation results exhibit a good
agreement with the experimental results and the optimization was based on this impeller.
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Due to the fact that the numerical simulation only calculates the hydraulic efficiency of
the entire flow field of the pump, while the efficiency of the magnetic pump unit is obtained
by multiplying through sets of efficiency; the formula is as follows:

ηunit = ηpump·ηmotor (6)

ηpump = ηhydraulic·ηtransmission·ηmachinery (7)

At the rated flow point, the Unit efficiency (ηunit) is 65.15% and pump efficiency
(ηpump) is 71.36%. According to Equation (6), the motor efficiency (ηmotor) can be obtained
as 91.3%. This is consistent with the efficiency of the motor with a power of 11 kW and
model YE2-160M1-2P. The pump mechanical efficiency (ηmachinery) is 95%, and the magnetic
transmission efficiency of the magnetic pump is 95%.

According to the experimental values, it can be seen that under the rated flow rate, the
efficiency of the pump unit obtained from the experiment is 65.15%, while the hydraulic
efficiency calculated from the simulation is 76.87%. According to the above formula, the
efficiency of the simulated pump unit can be calculated as:

ηsimulation = 76.87% × 95%×
95% × 91.3% = 63.27%

(8)

The efficiency error value is around 2.9%, which is consistent with the efficiency of the
test unit. According to the comparison of the head and efficiency values, the simulation
calculation results are reliable.

3.3. Optimal Design of Impeller

This study focuses on a cylindrical blade magnetic pump with a specific speed of 92.7.
The research considers different loading schemes for the impeller. The range for the anterior
loading point is (0.2, 0.5), the range for the posterior loading point is (0.5, 0.8), and the slope
is varied among −0.5, −1, 0, 1, and 2. The experimental design first selected different AL
schemes (Scheme 1, 2, 14, 15, 18, and 19) with a PL of 0.6 and SL of 1 and 2. It was found
that the efficiency of the front loading point was at a higher value when it was moved back,
and the efficiency peak was at an AL of 0.4. Under these conditions, data with different PL
or SL values were calculated for single factor analysis, and the following 19 schemes were
generated according to this method, while the remaining components of the pump were
kept unchanged. The numerical simulations were conducted to obtain the simulated head
and efficiency for each loading scheme, as presented in Table 3. To determine how each
characteristic parameter of the load curve affects the pump’s external characteristics and to
accurately understand the variations in the pump’s external characteristics under different
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loading schemes, this study investigates the impact of these three characteristic parameters
on the internal flow and hydraulic performance of the pump.

Table 3. Simulation value of impeller efficiency of part of scheme.

AL PL SL 1.0Q·η(%) 1.0Q·H/(m)

1 0.2 0.6 1 78.79 32.95
2 0.2 0.6 2 78.87 32.93
3 0.2 0.8 −1 77.27 34.73
4 0.2 0.8 −0.5 77.72 35.27
5 0.2 0.8 0 78.88 32.52
6 0.2 0.8 1 79.47 32.61
7 0.3 0.7 1 79.37 32.89
8 0.3 0.7 2 79.51 32.66
9 0.4 0.5 −1 78.56 34.1

10 0.4 0.5 0 78.8 33.15
11 0.4 0.5 2 79.6 33.58
12 0.4 0.6 −1 78.0 35.55
13 0.4 0.6 0 79.02 32.95
14 0.4 0.6 1 79.23 32.96
15 0.4 0.6 2 79.53 33.12
16 0.4 0.7 1 79.42 32.95
17 0.4 0.7 2 79.36 32.93
18 0.5 0.6 1 78.64 34.73
19 0.5 0.6 2 78.59 35.27

To explore the effects of the AL, PL, and SL on the performance of magnetic pumps, a
scheme with a different value and the two same values was selected for analysis. Figure 7
shows the distribution of the blade load curves at different anterior loading points, impellers
2, 15, and 19 were selected for analysis, whose ALs were 0.2, 0.4, and 0.5, and the PL and SL
were 0.6 and 2, respectively. It can be observed that changes in the anterior loading point
have a significant impact on the front part of the blade, while the differences in the load
curve for the rear part of the blade are relatively small. Figure 8 displays the numerical
simulation results for impeller 2, impeller 15, and impeller 19 at different flow points. At
0.6Qd, the variations in efficiency and head values are relatively small for all schemes.
In the range of 0.8Qd to 1.0Qd, the highest efficiency values in the sequence are impeller
15, impeller 2, and impeller 19, and the highest head values in the sequence are impeller
19, impeller 15, and impeller 2. At high flow rates, impeller 15 experiences the greatest
decrease in efficiency, and impeller 2 has the highest efficiency, while impeller 19 achieves
the maximum head value. Since the pumps typically operate near the rated conditions, the
study focuses on the variations in the range of 0.8Qd to 1.2Qd. When the anterior loading
point is moved backward, the efficiency increases. However, when the anterior loading
point is at 0.5, there is a sudden drop in efficiency, and impeller 19 achieves the maximum
head value. Therefore, it is recommended to keep the anterior loading point as close to
0.4 as possible and move it backward during the design process.
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To analyze the impact of the posterior loading points on the external characteristics
of the pump, the posterior loading points were taken as 0.5, 0.6, and 0.7, respectively. The
anterior loading points remained unchanged at 0.4, with slopes of 2 for impellers 11, 15,
and 17. Figure 9 displays the blade load curve schemes at different posterior loading points.
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Figure 10 shows the external characteristic curves for impellers 11, 15, and 17 obtained
from numerical simulations. Based on the curves in the figure, it can be observed that
the influence of the posterior loading point on the pump’s external characteristics exhibits
greater fluctuations compared to the anterior loading point. In the range of 0.6Qd to 0.8Qd,
when the posterior loading point is moved backward, there is a slight increase in efficiency.
However, within the flow range of 1.0Qd to 1.2Qd, the highest efficiency values in the
sequence are for impellers 11, 17, and 15, and the head values are in the order of impellers
11, 15, and 17. The posterior loading point has a greater impact on the head values than the
anterior loading point and has a relatively smaller effect on the efficiency values. To strike
a balance between the head and efficiency values, it is recommended to set the posterior
loading point at 0.5.

According to the simulation calculation results in the previous section, the influence
of the slope on the pump performance is greater than that of the anterior and posterior
loading points. Therefore, the slope is chosen as the subject of an in-depth analysis of
the internal flow within impellers 3, 4, 5, and 6. In these cases, the anterior and posterior
loading points are both set at 0.2 and 0.8, while the slopes are set to −1, −0.5, 0, and 1,
respectively. The distribution of the load curve is shown in Figure 11, where the SL is less
than 0 and the maximum load distribution is located near the leading edge of the relative
streamline of the blade, which is called anterior loading. Similarly, when the SL is greater
than 0, it is called posterior loading; when the SL is equal to 0, it is called middle loading.
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Tables 4 and 5, respectively, show the impacts of the load curve with different SLs on
the efficiency and head of the pump under different operating conditions. When the SL is
less than 0, the pump efficiency is significantly lower, while the head is higher. With an
increase in the slope, both the efficiency and head values improve across various operating
conditions. When the SL is equal to 0, there is a noticeable increase in efficiency and a
significant decrease in the head values. When the SL is greater than 0, as the slope increases,
the high-efficiency region shifts forward. When operating near 1.0Qd, both the efficiency
and head values increase. The sign of the slope (positive or negative) plays a decisive role
in the impeller efficiency. According to the blade profile equation, the larger the circulation,
the smaller the blade wrap angle. When the SL is a positive value, the blade wrap angle
is larger, and when the SL is a negative value, the blade wrap angle is smaller. If the
blade wrap angle is too large, it can result in the elongation of the impeller flow path and
increased losses along the path which leads to a reduction in the pump efficiency and head.
Therefore, it is advisable to select an appropriate slope value for the load curve during the
design phase.

Table 4. Simulation value of impeller efficiency of each scheme.

AL PL SL 0.6Q/(%) 0.8Q/(%) 1.0Q/(%) 1.2Q/(%) 1.4Q/(%) 1.6Q(%)

3 0.2 0.8 −1 65.15 72.63 77.27 79.49 79.03 76.33
4 0.2 0.8 −0.5 65.05 73.08 77.72 80.06 80.2 78.65
5 0.2 0.8 0 67.69 74.83 78.88 80.73 80.57 77.86
6 0.2 0.8 1 67.78 75.28 79.47 81.24 80.42 76.92
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Table 5. Simulation value of impeller head for each scheme.

AL PL SL 0.6Q/(%) 0.8Q/(%) 1.0Q(%) 1.2Q/(%) 1.4Q/(%) 1.6Q(%)

3 0.2 0.8 −1 36.47 36.33 34.73 32.6 28.87 24.98
4 0.2 0.8 −0.5 37.15 36.93 35.27 33.646 30.24 26.85
5 0.2 0.8 0 34.37 33.66 32.52 30.56 27.6 23.84
6 0.2 0.8 1 34.47 33.88 32.61 30.39 26.78 22.47

Through steady calculations, the external characteristic curves for the four impellers
of the magnetic pump are obtained at different flow conditions, as shown in Figure 12.
Impeller 4 exhibits the highest head curve values at full flow conditions, followed by
impeller 3, and impeller 6 has nearly identical head values at low flow rates with impeller
5, which shows a noticeable decrease in head values at high flow rates. In terms of
efficiency, impeller 6 achieves the highest efficiency near the rated flow rate (0.8Qd to
1.2Qd), with a significant decrease in efficiency in off-design conditions. Impeller 5 follows,
with efficiency trends that are generally consistent with impeller 6. Impeller 4 has lower
efficiency values at low flow rates, and efficiency decreases more slowly at high flow rates.
When the flow rate exceeds 1.4Qd, impeller 4 gradually surpasses the three other impellers
in efficiency. However, impeller 3 consistently exhibits the lowest efficiency values across
all flow conditions.

Mathematics 2024, 12, x FOR PEER REVIEW 11 of 17 
 

 

increase in the slope, both the efficiency and head values improve across various operating 
conditions. When the SL is equal to 0, there is a noticeable increase in efficiency and a 
significant decrease in the head values. When the SL is greater than 0, as the slope in-
creases, the high-efficiency region shifts forward. When operating near 1.0Qd, both the 
efficiency and head values increase. The sign of the slope (positive or negative) plays a 
decisive role in the impeller efficiency. According to the blade profile equation, the larger 
the circulation, the smaller the blade wrap angle. When the SL is a positive value, the blade 
wrap angle is larger, and when the SL is a negative value, the blade wrap angle is smaller. 
If the blade wrap angle is too large, it can result in the elongation of the impeller flow path 
and increased losses along the path which leads to a reduction in the pump efficiency and 
head. Therefore, it is advisable to select an appropriate slope value for the load curve dur-
ing the design phase. 

Table 4. Simulation value of impeller efficiency of each scheme. 

 AL PL SL 0.6Q/(%) 0.8Q/(%) 1.0Q/(%) 1.2Q/(%) 1.4Q/(%) 1.6Q(%) 
3 0.2 0.8 −1 65.15 72.63 77.27 79.49 79.03 76.33 
4 0.2 0.8 −0.5 65.05 73.08 77.72 80.06 80.2 78.65 
5 0.2 0.8 0 67.69 74.83 78.88 80.73 80.57 77.86 
6 0.2 0.8 1 67.78 75.28 79.47 81.24 80.42 76.92 

Table 5. Simulation value of impeller head for each scheme. 

 AL PL SL 0.6Q/(%) 0.8Q/(%) 1.0Q(%) 1.2Q/(%) 1.4Q/(%) 1.6Q(%) 
3 0.2 0.8 −1 36.47 36.33 34.73 32.6 28.87 24.98 
4 0.2 0.8 −0.5 37.15 36.93 35.27 33.646 30.24 26.85 
5 0.2 0.8 0 34.37 33.66 32.52 30.56 27.6 23.84 
6 0.2 0.8 1 34.47 33.88 32.61 30.39 26.78 22.47 

Through steady calculations, the external characteristic curves for the four impellers 
of the magnetic pump are obtained at different flow conditions, as shown in Figure 12. 
Impeller 4 exhibits the highest head curve values at full flow conditions, followed by im-
peller 3, and impeller 6 has nearly identical head values at low flow rates with impeller 5, 
which shows a noticeable decrease in head values at high flow rates. In terms of efficiency, 
impeller 6 achieves the highest efficiency near the rated flow rate (0.8Qd to 1.2Qd), with a 
significant decrease in efficiency in off-design conditions. Impeller 5 follows, with effi-
ciency trends that are generally consistent with impeller 6. Impeller 4 has lower efficiency 
values at low flow rates, and efficiency decreases more slowly at high flow rates. When 
the flow rate exceeds 1.4Qd, impeller 4 gradually surpasses the three other impellers in 
efficiency. However, impeller 3 consistently exhibits the lowest efficiency values across all 
flow conditions. 

(Q-η )                 (Q-H)
 Impeller 3  Impeller 3 
 Impeller 4  Impeller 4  
 Impeller 5  Impeller 5
 Impeller 6  Impeller 6

0.6 0.8 1.0 1.2 1.4 1.6

64

68

72

76

80

84

Q/Qd

ηη
η


(%

)

20

25

30

35

40
 H
η(m

)

 

Figure 12. Performance curves of pumps under different slopes.

3.4. Comparative Analysis of Optimization Results

Based on the above rules, impeller 11, with an anterior loading point (AL) of 0.4,
a posterior loading point (PL) of 0.5, and a slope (SL) of 2, was initially selected as the
optimized impeller, as shown in Figure 13. Impeller 11 consistently exhibited significantly
higher hydraulic efficiency under all working conditions compared to the original impeller.
The most significant improvement in efficiency is observed at the rated operating condition,
with an increase of 5.05%. While the optimized impeller experiences a slight reduction in
head, it remains within the design specifications.
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4. Analysis of Unsteady Internal Flow in Impeller Based on Blade Load Curve

During the operation of the pump, vibrations caused by the interaction between the
impeller and the volute affect the strength of the impeller to some extent. As analyzed in
the previous sections, the slope of the blade loading curve has a significant impact on the
pump’s external performance. However, it is not known whether the internal pressure
pulsation characteristics of the pump are affected. Therefore, impellers 3, 5, and 6 with
different slope values of the loading curve (−1, 0, 1) are selected for unsteady numerical
calculations to investigate the patterns of pressure pulsation and radial force. Based on this,
a comparative analysis of non-steady internal flow is conducted between the optimized
impeller and the original pump impeller.

To study the patterns of pressure pulsation inside the magnetic pump’s dynamic and
static rotor components, monitoring points are identified at various locations. Specifically,
two points are taken on the pressure surface and suction surface of the impeller blades
separately and denoted as P1 and P4, respectively. A monitoring point, P2, is defined in the
second cross-section of the volute, and another monitoring point, P3, is set at the tongue.
This setup is illustrated in Figure 14.
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Due to significant differences in pressure levels at various monitoring points within
the flow domain, the dimensionless coefficient Cp which is defined as the pressure pulsation
coefficient is introduced to facilitate the measurement of the pulsation levels, and its formula
is as follows:

Cp =
p − p

0.5ρu2
2

(9)

where p is the static pressure value at that location, in Pa; p is the average static pressure
value during that period, in Pa; ρ is the fluid density, in kg/m3; and u2

2 is the circumferential
velocity value at the outlet of the impeller, in m/s.

u2 =
πD2n

60
(10)

where D2 is the impeller outer diameter, in meters, and n is the impeller rotational speed,
in r/min.

The volute generates a certain radial force during the operation of the pump. If the
radial force acting on the impeller is too large, it may affect the stable operation and lifespan
of the pump. Therefore, it is necessary to analyze the radial forces on the impeller.

The radial forces on the blade surface can be divided into horizontal and vertical
components. In CFD numerical simulation software, the impeller rotates around the Y-axis.
Therefore, the horizontal and vertical components of the forces Fx and Fz are extracted from
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the blade surface in the X and Z directions, respectively. The radial force is then calculated
using the formula for the resultant radial force:

F =
√

F2
x + F2

z (11)

where Fx is the resultant radial force on the blade surface in the X-axis direction, and Fz is
the resultant force on the blade surface in the Z-axis direction.

4.1. Comparative Analysis of Pressure Pulsation

Based on the analysis of the pressure pulsation inside the pump in Figure 14, it can be
observed that the maximum amplitude of pressure pulsation mainly occurs at the impeller
outlet, near the diffuser, and at the second cross-section of the volute casing. Therefore,
monitoring points P1, P2, P3, and P4 are selected for the analysis of non-steady pressure
pulsation under various operating conditions (0.8Qd, 1.0Qd, and 1.2Qd) for both the original
pump and impeller 11.

Figure 15 illustrates the variation in the pulsation amplitude at these four monitoring
points for different flow rates. Monitoring points P1 and P2 are located at the back and
front surfaces of the impeller outlet. For the original pump, the pulsation variations are
stronger across all three flow rates compared to impeller 11. As the flow rate increases,
the pulsation amplitude decreases, and the pulsations become smoother. When the pump
operates at low flow rates, the flow velocity inside the impeller decreases, which leads to
an unsteady flow, an increase in pressure, and the rise in the pulsation amplitude.
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Figure 15. Time domain diagram of pressure pulsation in pumps.

At monitoring points P2 and P3, the amplitude of impeller 11 under various operating
conditions is slightly higher than that of the original pump, which is contrary to the
pulsation pattern in the impeller basin. Impeller 11 has a lower head compared to the
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original pump, resulting in higher flow velocities exiting the impeller. The fluid impacts
the diffuser at a high speed which leads to pulsations. Most of this flow is directed toward
the outlet of the volute, with a smaller portion entering the interior of the volute and
subsequently flowing out.

Further analysis based on the frequency domain plots of pulsations for the original
pump and impeller 11 reveals some interesting findings, as shown in Figure 16. At mon-
itoring point P1, the original pump exhibits higher pulsation amplitudes compared to
impeller 11, while at monitoring point P4, the pulsation amplitudes are lower for impeller
11. At low flow rates, the impeller is significantly affected by shaft frequency harmonics.
Beyond one times the shaft frequency, the pulsation amplitudes gradually decrease, and
impeller 11 consistently exhibits lower pulsation amplitudes compared to the original
pump’s impeller. As the flow rate increases, the amplitudes of shaft frequency harmonics
decrease, and the primary frequency of pressure pulsation becomes one times the shaft
frequency. Analyzing the pulsation curves from monitoring points P1 and P4 within the
impeller flow domain reveals that the lowest pulsation amplitudes are observed at the
rated flow rate, while at off-design flow rates, the pulsation peaks are generally larger.
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Figure 16. Frequency domain diagram of pressure pulsation in pumps.

In the volute flow domain, monitoring points P2 and P3 exhibit primary frequencies
corresponding to the blade passing frequency. The pulse of monitoring point P3 at the
tongue is mainly caused by impact, which is related to the operating flow. At 0.8Qd, the
pulsation peak at P3 for impeller 11 is approximately 2.1 times that of the original pump’s
impeller, while it is approximately 1.5 times that of the original pump at the rated flow rate.
The pulsation amplitudes at monitoring point P2 increase with the increase in the flow rates,
as the increase in the flow velocity at the impeller outlet and the area of the volute section
at this point is smaller, which results in a higher pressure distribution. Comparing the
pulsation amplitudes at monitoring points P2 and P3 under various operating conditions, it
can be observed that P3 consistently has the highest amplitudes. This is because the tongue
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is influenced by both the dynamic and static interference from the impeller and the impact
of the fluid expelled by the impeller.

4.2. Comparative Analysis of Radial Force Distribution

Figure 17 shows the radial force distribution of the original pump impeller and
impeller 11 at three different flow rates. Both exhibit the smallest radial force distribution
at the rated flow rate. The maximum radial force component is 11.9 N for the original
pump and 11.72 N for impeller 11 at the rated flow rate. In theory, the design of the volute
section should ensure that the fluid velocity and pressure inside the volute are evenly and
axially symmetrically distributed, only at the rated flow rate. When the pump operates
at off-design conditions, the radial forces on the impeller increase significantly. At 0.8Qd,
the maximum radial force components for the original pump and impeller 11 are 62.64 N
and 54.83 N, respectively, which are approximately six times higher than the rated flow
rate. At 1.2Qd, the maximum radial force components for the original pump and impeller
11 are 56.88 N and 62.21 N, respectively. Changes in the velocity and direction of the
fluid happen inside the volute and at the outlet of the impeller, resulting in impacts and
increased pressure in the diffuser section. This disruption of axial symmetry in the volute
casing flow domain leads to a significant increase in radial forces. Impeller 11 exhibits a
substantial increase in radial forces at high flow rates, which is related to the design flaw in
the blade loading. The impeller designed with blade loading has a narrow high-efficiency
region, causing a significant drop in performance at high flow rates. It is recommended to
operate impellers designed with blade loading at the rated flow rate and low flow rates.
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5. Conclusions

(1) This article is based on the blade load theory to reverse design the magnetic pump,
providing a new method to increase the efficiency of the magnetic pump and reduce energy
loss in production. The specific conclusion is as follows: If efficiency is chosen as the
optimization objective, the anterior loading point should be moved as far back as possible,
while the posterior loading point should be moved as far forward as possible, but the value
of m should not exceed 0.5. The SL of the loading curve has the most significant impact
on pump performance. When the SL is less than 0, the efficiency of the magnetic pump is
the lowest, and the head is the highest. As the SL increases, both the head and efficiency
curves of the pump increase. But an excessive SL can lead to an excessive blade wrap angle
which forms axial vortices, leading to a decrease in efficiency.

(2) In the impeller flow domain, the pulsation is mainly influenced by the shaft
frequency and its harmonics. The pulsation magnitude on the suction surface of the blade
is generally much smaller than on the pressure surface, and the pulsation magnitude
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increases significantly with the radius of the blade. The maximum pulsation magnitude in
the impeller flow domain is near the exit of the blade working surface. In the volute casing
flow domain, the pulsation is mainly at the blade-pass frequency. With an increase in the
volute casing section, the pulsation magnitude gradually decreases until it increases again
at the diffuser section. Therefore, when designing a cylindrical impeller, a rear-loading
approach should be adopted, meaning the blade loading curve slope should be greater
than 0.

(3) At low flow rates, the impeller is significantly affected by the shaft frequency and its
harmonics. Beyond one times the shaft frequency, the pressure pulsation amplitude slowly
decreases. As the flow rate increases, the influence of the shaft frequency harmonics on the
pulsation amplitude weakens, and it is mainly affected by the fundamental frequency. The
magnitude of the radial force is directly proportional to the flow rate. Therefore, impellers
optimized for blade loading should avoid operating at high flow rates.
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