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Abstract: Torsional vibration of the automotive driveline has significant influence on driving comfort.
This study investigates the influence of clutch nonlinear behaviors on the torsional vibration of the
driveline with numerical and experimental methods. A generic automobile powertrain model with
7 degrees of freedom is proposed considering the transient engine torque, the nonlinear character-
istics of multi-stage clutch and tire slip. Taking a commercial vehicle as an example, the dynamic
behaviors and inherent characteristics of the driveline system are calculated and analyzed. Based
on the proposed model, the influences of the clutch parameters on driveline torsional vibration
are investigated. In order to validate the proposed model and the analytical results, an optimized
clutch is designed and the experiments of torsional vibration are conducted with the prototype and
the optimized clutch. The analytical and experimental results demonstrate that an increase in the
first end-stop angle and the main-stage hysteresis or a decrease in the second end-stop angle and
the main-stage stiffness of the clutch can effectively suppress driveline torsional vibration during
vehicle accelerating.
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1. Introduction

The torsional vibration of a powertrain system has significant influence on drivers’
comfort and usually takes place during vehicle accelerating [1,2]. The vibration of the
driveline can be transmitted through connecting structures between the chassis and vehicle
body, arousing abnormal vibration and booming noise in the cabin [3]. The torsional
resonance is usually considered related to the natural frequencies of the driveline between
25 and 100 Hz [4]. When an automobile accelerates from low speed to high speed, it is
equivalent to applying an up-sweep frequency excitation to the driveline system [5,6].
During this process, certain driveline components violently vibrate beyond the balance
speed if passing through the critical speed [7]. Many researchers have investigated this
problem and attribute it to the crude operation of the engine and the undamped driveline
system. However, improving engine performance or redesigning the whole drivetrain
system will greatly increase development costs, especially when the vehicle is already
prototyped. The optimal design of clutch parameters can be an alternative and low-cost
approach to mitigating driveline vibration [8,9]. Consequently, it is important to investigate
the nonlinear behavior of the clutch and its influence on driveline torsional vibration.

Modeling of the powertrain system has been studied in the past years. Crowther and
Zhang [10] modeled the direct, geared, branched, grounded and gear-mesh elements of
the driveline and developed a six-degree-of-freedom (6DOF) dynamic model by assem-
bling these elements. They researched the low-frequency transients of clutch engagement
stick-slip and gear backlash. To analyze the influence of clutch parameters on gear rattles,
Wei [11], Shangguan [12] and Yucesan et al. [13] developed powertrain models including a
multi-stage clutch model and a contact model of geared teeth. A nonlinear 4DOF drivetrain
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model considering the characteristics of friction clutch was proposed in Ref. [14] for sup-
pressing car starting judder. Wei et al. [11] also discussed the modeling method of transient
engine torque in his research, and Rezeka [15] and Wu et al. [16] developed the approach to
evaluating the instantaneous friction in internal combustion engines. In Ref. [17], Bartram
and Mavros analyzed the effects of road friction on driveline vibration by comparing the
simulation results among four different boundary conditions of tires.

Idehara [8] and Liu et al. [9] analyzed the influences of clutch parameters on the
torsional vibration of the drivetrain with nonlinear models. They concluded that increasing
the friction moment of the clutch could reduce the vibration amplitude of the gearbox, and
a decrease in clutch stiffness would lower the natural frequency of the powertrain system.
Jurmu [18], Yang [19] and Steinel et al. [20] studied the utilization of torsional vibration
absorbers (TVAs) in suppressing vehicle driveline resonance. The nonlinear vibration of
a multi-stage clutch damper was analyzed in Refs. [21–24]. They developed simplified
single- or double-DOF driveline models with piecewise linear stiffness and hysteresis
and calculated the frequency response function of the vibration system through analytical
methods, such as the KB method, HBM and IHB. It indicated that when the system had
hardening characteristics of stiffness, the amplitude–frequency curve would bend to the
right at the transition angle, and the peak amplitude of the resonant region would decrease.

In previous research, the established models usually simplify the nonlinearities so
that they cannot precisely capture the transient behaviors of the automobile driveline, and
the investigations of clutch parameter influences are mainly concentrated on the stiffness
and damping, which does not reveal the effects of end-stops and the cross-area vibration
of the clutch damper. This research proposes a generic driveline model considering im-
portant nonlinearities of the driveline components and focuses on the influences of clutch
nonlinear characteristics on the driveline torsional vibration. The article is organized as
follows. Firstly, a generic nonlinear driveline model with 7 degrees of freedom is developed.
Taking a light-loaded commercial automobile as an example, the experiment of driveline
torsional vibration is set up to validate the model. Then, the dynamic behaviors and natural
characteristics of the driveline system are calculated and analyzed with numerical methods.
Based on the proposed model, the influences of the clutch parameters on the driveline
oscillation are analyzed. According to the analytical results, a revised multi-stage clutch
with optimized stiffness and end-stops is designed and tested to validate the analytical
results. Finally, conclusions are drawn in Section 7.

2. Analytical Model of Powertrain System
2.1. Driveline Model

To investigate the torsional vibration of the powertrain system, a seven-degree-of-
freedom (7DOF) nonlinear model is developed, as shown in Figure 1. Here, Ji and θi
i(i = 1, 2, · · · , 7) represent the moments of inertia and the angular displacements of dif-
ferent components, respectively. The subscripts i(i = 1, 2, · · · , 7) represent the engine, the
driving part of clutch, the sum of the driven part of clutch and transmission, driveshafts,
the sum of final drive and differential, driving wheels and vehicle body, respectively. The
notations ks and H represent the stiffness and hysteresis of the clutch damper, respectively.
The stiffness and viscous damping coefficients of different connecting shafts are represented
by kij and cij (i = 3, 4, 5; j = i + 1), respectively. Te denotes the transient output torque of
engine. Tc is the torque of clutch friction plates. Td denotes the torque of clutch damper. Tt
represents the driving torque of wheels and Tr is the resistant torque.



Machines 2022, 10, 819 3 of 18

Machines 2022, 10, x FOR PEER REVIEW 3 of 17 
 

 

𝐉𝛉 + 𝐂𝛉 + 𝐊𝛉 = 𝐓  (1)

where 𝐉, 𝐂, 𝐊, 𝛉 and 𝐓 are inertia matrix, damping matrix, stiffness matrix, angular 
displacement vector and torque vector, respectively. They are expressed as follows: 

𝐉 =
⎣⎢⎢
⎢⎢⎢
⎡𝐽 0 0 0 0 0 00 𝐽 0 0 0 0 00 0 𝐽 0 0 0 00 0 0 𝐽 0 0 00 0 0 0 𝐽 0 00 0 0 0 0 𝐽 00 0 0 0 0 0 𝐽 ⎦⎥⎥

⎥⎥⎥
⎤

, 𝐂 =
⎣⎢⎢
⎢⎢⎢
⎡0 0 0 0 0 0 00 0 0 0 0 0 00 0 𝑐 −𝑐 0 0 00 0 −𝑐 𝑐 + 𝑐 −𝑐 0 00 0 0 −𝑐 𝑐 + 𝑐 −𝑐 00 0 0 0 −𝑐 𝑐 00 0 0 0 0 0 0⎦⎥⎥

⎥⎥⎥
⎤

, 

𝐊 =
⎣⎢⎢
⎢⎢⎢
⎡0 0 0 0 0 0 00 0 0 0 0 0 00 0 𝑘 −𝑘 0 0 00 0 −𝑘 𝑘 + 𝑘 −𝑘 0 00 0 0 −𝑘 𝑘 + 𝑘 −𝑘 00 0 0 0 −𝑘 𝑘 00 0 0 0 0 0 0⎦⎥⎥

⎥⎥⎥
⎤
, 𝛉 =

⎣⎢⎢
⎢⎢⎢
⎡𝜃𝜃𝜃𝜃𝜃𝜃𝜃 ⎦⎥⎥

⎥⎥⎥
⎤
, 𝐓 =

⎣⎢⎢
⎢⎢⎢
⎡𝑇 − 𝑇𝑇 − 𝑇𝑇00−𝑇𝑇 − 𝑇 ⎦⎥⎥

⎥⎥⎥
⎤
. 

 
Figure 1. Dynamic model of the driveline system for analyzing the torsional vibration. 

2.2. Transient Engine Torque 
As the power source of the drivetrain, the output torque of the engine is primarily 

composed of gas torque, inertia torque and friction torque. Figure 2a illustrates the motion 
of crank-link mechanism and the applied loads. Taking the top dead point as the coordi-
nate origin, the displacement of piston 𝑥  is derived as: 𝑥 = 𝑟 1−cos𝛼 +1/𝜆 1−cos𝛽   (2)𝛽 = arcsin 𝜆sin𝛼   (3)

where 𝑟 is the crank radius, 𝑙 is the connecting rod length, 𝜆 = 𝑟/𝑙 is a scale factor, 𝛼 
is the crankshaft angle and 𝛽 is the intersection angle between connecting rod and cylin-
der longitudinal axis. Considering the McLaughlin expansion, the velocity 𝑥  and accel-
eration 𝑥  of piston can be expressed as: 𝑥 = 𝑟𝜔 sin𝜔𝑡+𝜆/2sin2𝜔𝑡   (4)𝑥 = 𝑟𝜔 cos𝜔𝑡+𝜆cos2𝜔𝑡   (5)

where 𝜔 is the angular velocity of crankshaft. The gas force 𝐹  and the inertia force 𝐹  
applied to piston are: 𝐹 = 𝜋𝐷4 𝑃  (6)𝐹 = −𝑚 𝑟𝜔 cos𝜔𝑡+𝜆cos2𝜔𝑡   (7)

Figure 1. Dynamic model of the driveline system for analyzing the torsional vibration.

According to the D’Alembert principle, the differential equations of the model are
given as:

J
..
θ+ C

.
θ+ Kθ = T (1)

where J, C, K, θ and T are inertia matrix, damping matrix, stiffness matrix, angular
displacement vector and torque vector, respectively. They are expressed as follows:

J =



J1 0 0 0 0 0 0
0 J2 0 0 0 0 0
0 0 J3 0 0 0 0
0 0 0 J4 0 0 0
0 0 0 0 J5 0 0
0 0 0 0 0 J6 0
0 0 0 0 0 0 J7


, C =



0 0 0 0 0 0 0
0 0 0 0 0 0 0
0 0 c34 −c34 0 0 0
0 0 −c34 c34 + c45 −c45 0 0
0 0 0 −c45 c45 + c56 −c56 0
0 0 0 0 −c56 c56 0
0 0 0 0 0 0 0


,

K =



0 0 0 0 0 0 0
0 0 0 0 0 0 0
0 0 k34 −k34 0 0 0
0 0 −k34 k34 + k45 −k45 0 0
0 0 0 −k45 k45 + k56 −k56 0
0 0 0 0 −k56 k56 0
0 0 0 0 0 0 0


, θ =



θ1
θ2
θ3
θ4
θ5
θ6
θ7


, T =



Te − Tc
Tc − Td

Td
0
0
−Tt

Tt − Tr


.

2.2. Transient Engine Torque

As the power source of the drivetrain, the output torque of the engine is primarily
composed of gas torque, inertia torque and friction torque. Figure 2a illustrates the motion
of crank-link mechanism and the applied loads. Taking the top dead point as the coordinate
origin, the displacement of piston xp is derived as:

xp = r[(1− cos α) + 1/λ(1− cos β)] (2)

β = arcsin(λ sin α) (3)

where r is the crank radius, l is the connecting rod length, λ = r/l is a scale factor, α is
the crankshaft angle and β is the intersection angle between connecting rod and cylinder
longitudinal axis. Considering the McLaughlin expansion, the velocity

.
xp and acceleration

..
xp of piston can be expressed as:

.
xp = rω(sin ωt + λ/2 sin 2ωt) (4)

..
xp = rω2(cos ωt + λ cos 2ωt) (5)

where ω is the angular velocity of crankshaft. The gas force Feg and the inertia force Fei
applied to piston are:

Feg =
πD2

4
Pg (6)

Fei = −mirω2(cos ωt + λ cos 2ωt) (7)
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where D is the internal diameter of cylinder, Pg is the gas pressure inside the cylinder, and
mi is the translational mass of piston and connecting rod. Utilizing Equations (2)–(7), the
gas torque Teg and the inertia torque Tei of one cylinder are given as:

Teg = Fegr sin(α + β)/ cos β (8)

Tei = Feir sin(α + β)/ cos β (9)

The friction torque of engine is complicated and consisting of multiple items. Here, it
is calculated by the Rezeka–Henein [15,16] method, and the equation is given as:

Te f = −
(

Tf 1 + Tf 2 + Tf 3 + Tf 4 + Tf 5 + Tf 6

)
(10)

where Tf 1 is the ring viscous lubrication friction torque, Tf 2 is the ring mixed lubrication
friction torque, Tf 3 is the piston skirt friction torque, Tf 4 is the valve train friction torque,
Tf 5 is the auxiliaries and unloaded bearing friction torque and Tf 6 is the loaded bearing
friction torque. They are expressed as:

Tf 1 = a1
[
µ(rω|K|)

(
Pe + Pg

)
w0
]0.5D(n0 + 0.4nc)r|K| (11)

Tf 2 = a2πDncwc
(

Pe + Pg
)
(1−|sin α|)r|K| (12)

Tf 3 = a3µ
ωrK
ho

DLsr|K| (13)

Tf 4 = a4nvFsr|K|/
√

ω (14)

Tf 5 = a5µω (15)

Tf 6 = a6
πD2

4
rcPg|cos α|/

√
ω (16)

K = sin α + λ sin α cos α/
√

1− (λ sin α)2 (17)

where ai(i = 1, 2, . . . , 6) are the fitting coefficients, µ is the oil-film viscosity, Pe is the contact
pressure of the oil ring, w0 is the oil ring width, n0 is the number of oil rings, wc is the
compressing ring width, nc is the number of the compressing rings, ho is the oil-film
thickness, Ls is the piston skirt length, nv is the number of valves of one cylinder, Fs is the
valve spring load and rc is the average radius of journal bearings.

Figure 2b displays the calculated torque of one cylinder when the engine is at idle
speed (750 rpm). Summarizing the gas, inertia and friction torques of each cylinder, the
total output torque of a four-cylinder/four-stroke engine Te can be derived as:

Te =
4

∑
j=1

(
Teg(j) + Tei(j) + Te f (j)

)
(18)

where j represents the jth cylinder.
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Figure 2. Transient model of engine. (a) Loads and motion of piston and crank−link mechanism;
(b) transient torque of one cylinder at 750 rpm.

2.3. Nonlinear Clutch Model
2.3.1. Clutch Friction Model

Figure 3 shows the structure of the multi-stage clutch. When the clutch is engaged, the
friction plate is pressed by press plates of clutch driving part, and the power of the engine
is transmitted to downstream driveline through friction torque. The engaged clutch may
switch in stick or slip states in practice, which depends on the value of the transmitting
torque. In stick state, the maximum torque the clutch can transmit Tst is given as:

Tst = µ0NsRmF (19)

where µ0 is the static friction coefficient, Ns is the number of friction surfaces, F is the
pressing force and Rm is the equivalent friction radius, which can be determined by the
clutch inner radius ri and outer radius ro:

Rm =
2
(
r3

o − r3
i
)

3
(
r2

o − r2
i
) (20)

When the driving and driven parts of the clutch rotate relatively, the clutch turns to the
slip state. The maximum sliding torque Tsl can be derived by replacing the static friction
coefficient µ0 with the dynamic friction coefficient µs in Eq. (19). Then, the stick-slip model
of the clutch is expressed as [14]:

Tc =


Tslsign

( .
θ1 −

.
θ2

)
i f
∣∣∣ .
θ1 −

.
θ2

∣∣∣ ≥ εtol

Tstsign
(
Tp
)

i f
∣∣∣ .
θ1 −

.
θ2

∣∣∣< εtol ,|Tp| ≥ Tst

Tp i f
∣∣∣ .
θ1 −

.
θ2
∣∣< εtol ,|Tp

∣∣ < Tst

(21)

where εtol is a small tolerance value, which is designed to define the operation states of
clutch in case of simulation instability. In Equation (21), the transmitting torque Tp can be
expressed as Equation (22) or Equation (23):

Tp1(n) = −J1
..
θ1(n−1) + Te(n) (22)

Tp2(n) = J2
..
θ2(n−1) + Td(n) (23)
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where the subscripts n and (n− 1) represent the nth and (n− 1)th numerical calculation
step, respectively. In theory, the values of Tp obtained by Equations (22) and (23) should be
the same, but actually there is a slight difference between them because of the numerical cal-
culation errors. In order to alleviate the errors, the average value of Equations (22) and (23)
will be perceived as the calculated value of Tp, and that is:

Tp(n) =
(

Tp1(n) + Tp2(n)

)
/2 (24)
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stage spring; 4. Friction plate; 5. Spring window of second stage spring; 6. Spring window of third
stage spring.)

2.3.2. Model of the Multi-Stage Clutch Damper

As shown in Figure 3, there are three stages of springs in the clutch damper which
form three stages of stiffness of the clutch, and the multi-stage hysteresis torque is formed
by damping plates inside the clutch hub. The nonlinear torsional characteristics of a
three-stage clutch damper in terms of the transmission torque Td versus the relative angle
δ(δ = θ2 − θ3) can be expressed as piecewise-linear functions, as shown in Figure 4. The
torque transmitted through the clutch damper consists of the spring torque TS and the
friction torque TH . They are given as [11,12,25,26]:

Td = TS + TH (25)

TS =



ks1Φp1 + ks2
(
Φp2 −Φp1

)
+ ks3

(
δ−Φp2

)
δ > Φp2

ks1Φp1 + ks2
(
δ−Φp1

)
Φp1 < δ ≤ Φp2

ks1δ −Φn1 ≤ δ ≤ Φp1

−ks1Φn1 + ks2(δ + Φn1) −Φn2 ≤ δ < −Φn1

ks1Φn1 − ks2(Φn2 −Φn1) + ks3(δ + Φn2) δ < −Φn2

(26)

TH =



H1/2 + (H2 − H1) + 2/π·(H3 − H2)arctan
(

σ
.
δ
) .

δ > 0, δ > Φp2

H1/2 + 2/π·(H2 − H1)arctan
(

σ
.
δ
) .

δ > 0, Φp1 < δ ≤ Φp2

H1/π·arctan
(

σ
.
δ
)

(
.
δ > 0, δ ≤ Φp1)

∣∣∣∣∣∣( .
δ < 0, δ ≥ −Φn1)

−H1/2 + 2/π·(H2 − H1)arctan
(

σ
.
δ
) .

δ < 0,−Φn2 ≤ δ < −Φn1

−H1/2− (H2 − H1) + 2/π·(H3 − H2)arctan
(

σ
.
δ
) .

δ < 0, δ < −Φn2

(27)

where ks1, ks2 and ks3 are the first, second and third stages of stiffness, respectively,
H1, H2,H3 are the first, second and third stages of hysteresis, respectively, Φp1, Φp2 are the
first and second stage end-stops for the positive side, respectively, and Φn1, Φn2 are the
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first and second stage end-stops for the negative side, respectively. The item arctan
(

σ
.
δ
)

is the smoothing function for different stages of hysteresis in case of sudden jump and
discontinuity when

.
δ is near zero. The value of smoothing index σ is set to 500.
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2.4. Tire Slip Model

The fixed relaxation length model mentioned by Bartram [17] is adopted to describe
tire slip behavior. In this transient model, the driving torque of the tire Tt has a linear
correlation with the localized slip ratio κt at the contact patch, expressed as:

Tt = CFxκtRw (28)

where CFx is the slip stiffness of tire, and Rw is the rolling radius of driving wheel. The
localized slip ratio κt is established as the first order lagging of slip rate sw, given as:

Sx
.
κt + κtVb = swVb (29)

sw =

.
θ6Rw −Vb

Vb
(30)

where Sx represents the longitudinal tire relaxation length, and Vb represents the transla-
tional velocity of the car body.

2.5. Resistance Torque

When a vehicle drives on a flat road, the resistance torque Tr is mainly composed of the
rolling resistance of wheels Trr and the aerodynamic resistance Tra. It can be expressed as:

Tr = Trr + Tra (31)

Trr = mg f Rw (32)

Tra = 0.5CD AρV2
b Rw (33)

f = 0.0076 + 0.000056Vb (34)

where m is the total mass of the vehicle, f is the rolling resistance coefficient, CD is the
aerodynamic resistance coefficient, A is the windward area and ρ is the air density.
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3. Experimental Validations of 7DOF Powertrain Model
3.1. Experiment Setup

In order to validate the proposed model, we take a light-loaded commercial vehicle
(equipped with a four-cylinder diesel engine and a six-speed manual transmission) as an
example to set up the experiment of torsional vibration. Figure 5 illustrates the layout
of sensors and the equipment of the experiment. Four magnetic sensors are utilized to
measure the angular velocities of flywheel, gearbox input shaft, gearbox output shaft and
final drive input shaft. To monitor the sound and vibration in the cabin, a microphone
is located beside the driver’s right ear and a PCB acceleration sensor is mounted on the
driver’s seat rail. The experiment is conducted under the fourth gear WOT (wide-open
throttle) condition. The statistics during vehicle accelerating from 900 rpm to 3000 rpm are
collected by LMS SCADAS system and processed in the software Testlab 18. The sampling
frequency for velocity and noise signals is 51,200 Hz, and for vibration signals it is 2048 Hz.
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SCADAS system; (c) acceleration sensor; (d) microphone; (e–h) magnetic sensors for measuring speed.

3.2. Model Validation

Based on the proposed model, a numerical simulation is performed with the R-K
method. The model parameters are listed in the Appendix A. Table A1. Figure 6 shows
the measured and the calculated results in time domain. It is shown in Figure 6a that the
measured velocities of the gearbox input shaft, gearbox output shaft and final drive input
shaft undergo strong fluctuations at 4–6 s, which indicates torsional resonance occurs at the
downstream driveline during vehicle accelerating. The calculated results in Figure 6b show
the same accelerating tendency and speed fluctuating phenomenon as the experimental
data. The relative velocities through the clutch damper are shown in Figure 7a. It is seen
that the numerical results coincide well with the measured results in the resonance region.
By performing STFT (short time Fourier transform) to the velocity data, the second-order
speed fluctuation of the gearbox input shaft versus engine speed is extracted, as shown
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in Figure 7b. According to the experimental results, it can be observed that the critical
speed of the driveline is 1630 rpm (54.33 Hz), and the peak amplitude of the second-order
speed fluctuation is 159.15 rpm. Figure 7b also compares the numerical results with the
experimental results. It is seen that the model errors are −1.55% for predicting the critical
speed and +6.98% for predicting the peak amplitude, which validates the precision of the
proposed model.
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speeds of the experiment; (b) calculated speeds of the simulation.
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4. Natural Characteristics of Driveline System

To obtain the natural characteristics of the driveline system, the driveline model
shown in Figure 1 is linearized. The engine inertia J1 and clutch driving part inertia J2
are considered as one whole J12. Then, a modal analysis is carried out. The results are
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shown in Figure 8. It is seen that the calculated fourth eigenvalue of the driveline (52.92 Hz)
corresponds to the measured natural frequency (54.33 Hz), and its modal shape is also
consistent with the experimental results.
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Figure 8. Modes of the driveline system.

In order to research the effects of the driveline parameters on the eigenvalue of the
driveline, a sensitivity analysis is implemented according to Equation (35), given as [3,27]:

∂ωi
∂pm

= − 1
2ωi

θT
i

(
ω2

i
∂J

∂pm
− ∂K

∂pm

)
θi (35)

where ωi represents the ith natural frequency of the system, pm represents structure param-
eters and θi is the corresponding eigenvector, which has been regularized with θT

i Jθi = 1.
According to Equation (35), the sensitivity of ωi to the inertia parameter Jm and the stiffness
parameter km can be expressed as:

∂ωi
∂Jm

= −
ω2

i θ
T
i

∂J
∂Jm

θi

2ωi
= −ωi(θi)

2
m

2
(36)

∂ωi
∂km

=
θT

i
∂K
∂km

θi

2ωi
=

[
(θi)m − (θi)m+1

]2
2ωi

(37)

where (θi)m is the mth element of θi.
With Equations (36) and (37), the sensitivities of the fourth eigenvalue to the inertia

and stiffness parameters are calculated, as shown in Figure 9a. It can be seen that ω4 is
significantly influenced by inertias J3,J4 and J5 with negative correlations and influenced
by stiffness parameters ks2 and k56 with positive correlations. Figure 9b illustrates the
variation of ω4 when the sensitive parameters are adjusted within the manufacturable
ranges. It can be seen that the fourth natural frequency varies between 45 Hz and 60 Hz.
The influences of sensitive parameters on the eigenvalue are limited, so it is difficult to
move the eigenvalue out of the work range of engine (33.3–100 Hz). Therefore, methods for
suppressing the driveline oscillation are needed.
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sensitive parameters on the 4th natural frequency.

5. Influence of Clutch Parameters on the Torsional Vibration

Considering the clutch damper generally works in the main stage (the second stage)
during vehicle accelerating, the nonlinear behavior of clutch and the influences of the
second stage clutch parameters (Φp2, Φp1, ks2, H2, Tst) on the torsional vibration of the
driveline are investigated. The second-order speed fluctuation of transmission is considered
as a measurement of the driveline torsional vibration.

Figure 10a shows the influence of the second end-stop angle Φp2 on the torsional
vibration of driveline. It indicates that the oscillation amplitude in the resonance region
is reduced with the decrease of Φp2.The nonlinear behaviors of the clutch damper can be
observed in the upper envelopes of the relative angle of the clutch damper, as shown in
Figure 10b. The envelope curves are calculated with Hilbert transform method [28]. It is
seen that the relative angle of the clutch damper does not reach the second end-stop in
baseline situation (Φp2 = 16

◦
). However, with the decrease of the second end-stop angle,

the fluctuated angle starts to cross the transition angle Φp2 and oscillate between the second
and the third stage stiffness regions. Hence, the clutch damper behaves by hardening
nonlinear type vibration characteristics, especially when Φp2 is less than 14◦. The envelope
curve bends to right side (higher speed side) at the transition angle Φp2, which results in a
decrease of the resonant amplitude and a rise of the critical speed. The smaller Φp2, the
smaller the resonant amplitude and the higher the critical speed.

Figure 11a illustrates the effect of the first end-stop angle Φp1 on the torsional vibration
of drivetrain. It can be seen that the oscillation amplitude in the resonance region is reduced
with the increasing of Φp1, which is similar to the situation when reducing Φp2. With the
increment of the first end-stop angle, the mean angular displacement of the clutch damper
is increased, and the hardening type nonlinear vibration of clutch damper occurs, as shown
in Figure 11b. The envelope curve bends to the right side at the transition angle Φp2 (16◦),
suppressing the resonant amplitude of the driveline.

Figure 12 indicates the influence of the second stage stiffness ks2 on the torsional
vibration of the drivetrain. It is observed that the oscillation amplitude in the resonance
region decreases with the descent of the stiffness since a softer clutch damper can better
isolate the torque fluctuation of the engine. It is also seen that the natural frequency
becomes higher with the increasing of the stiffness, which is consistent with the analytical
results in Section 4.
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Figure 10. Influence of the second end−stop angle Φp2 on the torsional vibration of driveline.
(a) Second−order speed fluctuation of transmission; (b) upper envelope of the relative angle of the
clutch (baseline: the black solid curve).
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Figure 11. Influence of the first end−stop angle Φp1 on the torsional vibration of driveline.
(a) Second−order speed fluctuation of transmission; (b) upper envelope of the relative angle of
the clutch (baseline: the black solid curve).

Figure 13a shows the effect of the hysteresis of second stage H2 on the torsional
vibration of drivetrain. It illustrates that the vibration amplitude in the resonant area
is gradually mitigated with the increasing of the hysteresis since greater damping can
dissipate the vibrational energy within a smaller number of oscillations. However, it can be
observed in Figure 13b that the torsional vibration of the driveline is magnified under the
high frequency excitation of the engine when the hysteresis of the clutch increases.
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Figure 12. Influence of the second stage stiffness ks2 on the torsional vibration of driveline.
(a) Second−order speed fluctuation of transmission; (b) upper envelope of the relative angle of
the clutch (baseline: the black solid curve).
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Figure 13. Influence of the second stage hysteresis H2 on the torsional vibration of driveline.
(a) Second−order speed fluctuation of transmission; (b) partial enlarged view (baseline: the black
solid curve).

Figure 14 indicates the influence of the maximum friction of the clutch Tst on the
torsional vibration of drivetrain. It can be seen that the maximum friction influences the
vibration amplitude at the critical speed, and the peak value is slightly increased with the
increasing of the maximum friction. Additionally, the variation of the maximum friction
has almost no impact on the powertrain vibration at other speeds.
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Figure 14. Influence of the maximum friction Tst on the torsional vibration of driveline.
(a) Second−order speed fluctuation of transmission; (b) partial enlarged view (baseline: the black
solid curve).

6. Applications
6.1. Design of an Optimized Clutch

According to the analyzed results in Section 5, the clutch parameters have significant
influence on the torsional vibration of the drivetrain system. In order to evaluate the
effectiveness of the nonlinear vibration characteristics of the clutch on attenuating driveline
resonance, we take the tested vehicle as an example to optimize the clutch parameters. Con-
sidering the preservation of the isolation performances of the clutch under idle conditions
and high-speed conditions, the optimization problem is finally determined as follows:

Min Ψ
(
ks2, Φp2

)
s.t. ks2min ≤ ks2 ≤ ks2max

Φp2min ≤ Φp2 ≤ Φp2max

(38)

where the objective function Ψ is the peak value of the second-order speed fluctuation of
the gearbox.

A GA (genetic algorithm) program is developed and co-simulated with the dynamic
model to find out the optimal solution. In the program, the population size is set to 30.
The selection method is Roulette and the crossover method is single-point. The rates of
crossover and mutation are 0.8 and 0.005, respectively. The GA program is run more than
10 times and the result converges well after 60 iterations on average. The optimized clutch
parameters are shown in Table 1. The calculated amplitude–frequency response and the
second-order torsional vibration of the modified drivetrain system are shown in Figure 15.
It is seen that the resonant amplitude is obviously reduced after optimization. The critical
speed (1668 rpm, 55.60 Hz) is higher than the calculated eigenvalue with the optimized ks2
(47.71 Hz) because of the hardening type nonlinear vibration of the clutch damper, which
is consistent with the analytical results in Section 5.

Table 1. Optimized clutch parameters.

Parameters Baseline Optimized Manufactured

Second stiffness ks2 (Nm/◦) 56 42 40.6
Second end-stop Φp2 (◦) 16 13 12.9
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Figure 15. Calculated results of the optimized clutch. (a) Frequency response function of transmission;
(b) the second−order speed fluctuation of transmission.

6.2. Measurement of the Optimized Clutch

In order to validate the analytical results, a revised clutch based on the optimized
parameters is manufactured by adjusting the coil spring stiffness of the main stage and
the circumferential position of the spring windows. The optimized clutch is tested on the
vehicle under the fourth gear WOT condition as before.

The measured results are shown in Figure 16. It can be seen from Figure 16a that the
speed fluctuation of driveline is greatly mitigated with the revised clutch. It is shown in
Figure 16b that the second-order torsional vibration of the gearbox decreases by 42.28%
(from 159.15 r·min−1 to 91.86 r·min−1), and the critical speed locates at a higher speed
(1748 rpm, 58.27 Hz), as expected, because of the hardening type nonlinear vibration of the
clutch damper. As the torsional vibration of driveline is mitigated, the noise and vibration
in the cabin are also reduced, and the driving comfort is greatly improved, as shown in
Figure 16c. The experimental results above validate the analytical results presented in
this study.
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Figure 16. Measured results of the optimized clutch. (a) Speeds of the revised clutch; (b) the
second−order speed fluctuation of transmission; (c) noise and vibration in the cabin.

7. Conclusions

(1) This article proposes a 7 DOF nonlinear model of powertrain system, considering
transient engine torque, nonlinear characteristics of multi-stage clutch and tire slip.
Taking a generic driveline of a light-loaded commercial vehicle as an example, the
dynamic responses of driveline are calculated with numerical methods based on
the proposed model. On the real vehicle, an experiment of torsional vibration is
conducted under the fourth gear WOT condition. The experimental results validate
the precision of the proposed model.

(2) The clutch parameters have significant influence on the driveline torsional vibration.
A decrease of the second stage stiffness ks2 or an increase of the second stage hysteresis
H2 will reduce the second order speed fluctuation of driveline. Increasing the first end-
stop angle Φp1 or reducing the second end-stop angle Φp2 can mitigate the torsional
resonance amplitude of driveline due to the hardening type nonlinear behavior of
the clutch damper. Based on the nonlinear vibration characteristics of the clutch
damper, an optimized clutch is designed and tested on the vehicle. The numerical
and experimental results demonstrate the analytical results in this study.
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Appendix A. Variables and Values

Table A1. Variables and Values of dynamic model.

Variable Value Variable Value Variable Value

J1 (kg·m2) 7.14 × 10−1 a3 0.05 Rm (mm) 124.6
J2 (kg·m2) 1.9 × 10−2 a4 1 µ0 0.28
J3 (kg·m2) 2.38 × 10−2 a5 2 ks1 (Nm/◦) 0.5
J4 (kg·m2) 8.63 × 10−3 a6 0.05 ks2 (Nm/◦) 56

J5 (kg·m2) 7.62 × 10−3 µ
(kg·m−1·s−1) 0.015 ks3 (Nm/◦) 291

J6 (kg·m2) 3.49 × 10−1 Pe (kPa) 20 H1 (Nm) 4
J7 (kg·m2) 13.96 w0 (mm) 6 H2 (Nm) 36

k34 (Nm·rad−1) 3.89 × 105 n0 2 H3 (Nm) 94
k45 (Nm·rad−1) 2.07 × 105 nc 3 Φp1 (◦) 5
k56 (Nm·rad−1) 1.07 × 103 wc (mm) 4 Φp2 (◦) 16

c34 (Nm·s·rad−1) 0.01 ho (m) 2 × 10−6 Φn1 (◦) 5
c45 (Nm·s·rad−1) 0.01 Ls (m) 0.15 Φn2 (◦) 12
c56 (Nm·s·rad−1) 0.25 nv 2 CFx (N) 8 × 104

r (mm) 51 Fs (N) 300 Rw (m) 0.376
l (mm) 155.5 rc (m) 0.06 Sx (m) 0.6
D (mm) 104 Ns 2 m (kg) 3450
mi (kg) 0.45 F (N) 1 × 104 CD 0.7

a1 32 ri (mm) 95 A (m2) 4.1
a2 0.05 ro (mm) 150 ρ (N·s2·m−4) 1.2258
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