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Abstract: The use of compressed air as an alternative source of clean energy requires an air expander
to extract work. A new design, known as the revolving vane mechanism, has been proposed in
an effort to develop high efficiency rotary machines. This paper provides an in-depth analysis by
including the vibration characteristics of the revolving vane air expander to evaluate the steady-state
operating output torque. A generic model for describing the revolving vane rotational vibration
is first derived and subsequently modified to describe the prototype tested. Measurements show
that the output torque is bimodal; arising from a tolerance gap between the vane and its slot during
fabrication. This effect was found to be less pronounced at high operating speeds. The model is found
to be in good agreement with the measured output torques. Further analysis with the validated
model showed that extracting shaft work from the cylinder would result in better performance.
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1. Introduction

With growing concerns over the ever-increasing global energy consumption with respect to
finite fossil fuel resources, alternative clean energy systems have since piqued the interests of
many researchers.

Compressed air can be used to power pneumatic engines, otherwise known as air expanders,
and essentially function as a clean energy source. It requires no electrical power input and has been
proposed as an alternative power source for hybrid vehicles in which it is employed in conjunction
with an internal combustion engine, replacing the electric motor in conventional hybrid vehicles [1–3].
Such hybrids can improve thermal efficiency by utilizing waste heat from the engine and extending the
operating range of such vehicles when compared to electrical hybrids [4,5]. In addition, there are also
initiatives into developing road vehicles that are solely pneumatic-powered [6–8]. Its potential is not
only limited to automotive vehicles; Zhang [9] employed a low pressure system for robotic automation,
Lu and Hwang [10] proposed the design and position control of an air powered ball screw table.

Many expander mechanism designs have been developed, such as reciprocating systems [11–14]
or rotary mechanisms like the screw [15–18], sliding vane [19–21], scroll [22,23], swing piston [24] and
rolling piston [25,26]. In addition, a hybrid design that incorporates both, the expander and compressor
operation into a single device, called the cross vane expander-compressor, has been developed by
Yap et al. [27].
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A new rotary mechanism design called the revolving vane (RV) has been introduced, which shows
a lot of promise in terms of overall efficiency. It is an improvement over the traditional rolling piston
machine as the cylinder now rotates together with the rotor. This lowers the relative velocity between
the moving components and brings about lower friction losses [28]. In addition, it also has lower
internal leakage compared to the rolling piston mechanism [29]. The RV mechanism was initially
designed for compressors, but has since then been adapted for expander operations [30], which is also
a pneumatic engine.

Experimental investigations on the RV expander was first carried out by Subiantoro and Ooi [31,32]
to assess the performance and validate the theoretical models. Subsequently, an improved RV expander
design was tested and evaluated by Subiantoro et al. [33] and found that the new design could
have a theoretical mechanical efficiency of up to 96.5% in a transcritical carbon dioxide vapour
compression system. Naseri et al. [34] then proceeded to design and test a modified RV expander,
which showed improved isentropic efficiency despite the absence of active lubrication, which impairs
the volumetric efficiency.

Prior work related to the modelling and overall performance of the RV mechanism, such as the
mechanical and volumetric efficiencies have been completed. As the output torque of an expander
varies during operation and is affected by vibration, it would be advantageous to include these
vibration effects. It is also important to analyse its output during steady-state operation for efficient
design and better control for integration into vapour compression systems or pneumatic systems.

This paper would extend and improve the theoretical models of the RV expander by considering the
rotational vibration of the entire assembly. The method of analysis is the same as presented by Aw and
Ooi [35] for the RV compressor, which is now adapted for expander operation. Lagrangian mechanics
is used for modelling the multi-component rotation vibration of the revolving vane mechanism and
the resulting model is flexible and easily adapted for the design variant of the revolving vane expander
prototype tested. During prototype test measurements, a secondary vibration mode was observed but
it becomes less pronounced with increase in operating speeds. The measurement data was used to
validate the vibration model and the model was found to be accurate for predicting the output torque
variations of the revolving vane expander with an accuracy of ±10% for the peak torque values at
operating speeds above 240 rev min−1.

2. Theoretical Model

2.1. Generic Revolving Vane Mechanism

Figure 1 shows a cross-section of a generic RV cylinder-rotor assembly. In the mechanism, the vane
is mounted on the rotor and the entire assembly is driven by the rotor component. It is classified as a
Type-I RV mechanism and the fixed vane design helps to further reduce the vane side frictional losses
due to pressure differential across the vane [36]. The vane bush in the cylinder serves to accommodate
the vane movements during operation. The bush is an optional component but is included in the
analysis to obtain a comprehensive overview of the RV mechanism. The inner radius of the cylinder is
represented by Rc and the radius of the rotor is Rr. Rb denotes the radial distance of the bush centre
from the cylinder centre. The centres of the cylinder, rotor and vane bush are denoted by Oc, Or,
and Ob, respectively. The vane divides the internal volume into two working chambers, namely the
expansion chamber, in which the working fluid is drawn in and expanded, and the discharge chamber
from which the expanded fluid is discharged.
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Figure 1. Revolving vane schematic.

Detailed explanations on the working principle of the RV mechanism can be found with reference
to Subiantoro et al. [33].

2.2. Thermodynamics Model

The following assumptions apply for the thermodynamics model:

• Each working chamber in the expander (suction and discharge) are treated as separate control
volumes, with their respective inlets and outlets.

• The properties of the fluid are homogenous throughout each entire chamber.
• Potential energy terms are negligible as changes in the heights of the control volumes, inlets and

outlets are small.

Neglecting potential energy terms, the energy equation for a control volume can be written as
shown in Equation (1). The conservation of mass for the control volume is shown in Equation (2):
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The expression for the time derivative of specific enthalpy of a fluid in the control volume is shown
in Equation (3). Alternatively, with the state postulate, it can be expressed as a function of pressure
and density as shown in Equation (4) or as a function of temperature and density in Equation (5):
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In addition, the work done in the control volume is shown in Equation (6) and the time derivative
of density is shown in Equation (7):
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= pcv
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dt
(6)
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V2
cv
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The substitutions of Equations (3), (4), (6) and (7) into Equation (1) would result in the expression
shown in Equation (8) which describes the pressure variation in the control volumes of the expander
chambers. Similarly, the substitutions of Equations (3), (5), (6) and (7) into Equation (1) would result
in the expression shown in Equation (9), which describes the temperature variation in the control
volume. For simplification of expression in Equations (8) and (9), the common terms, describing the
heat transfer and energy flux due to mass flow are grouped as shown in Equation (10),
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With the state postulate, using two independent, intensive properties and real gas equations can
greatly simplify the calculation of the other working thermodynamic properties. This is achieved
by solving only Equations (2) and (8) to obtain the mass and pressure properties in the working
chambers. Thereafter, the mass properties are combined with the volume variations of the chambers
from the geometric model in Equations (13) and (14) to obtain the density property in the chambers.
Lastly, with the help of real gas equation programme REFPROP, all the other desired thermodynamic
properties, such as temperature, internal energy and enthalpy can be computed with these density and
pressure inputs. The partial derivatives for enthalpy with respect to density, pressure, or temperature
in Equations (8) and (9) are computed with the aid of REFPROP, as well.

Internal leakage paths have been identified to occur across the radial clearance between the rotor
and cylinder similar to that of the rolling piston [37] and also across the vane endface gaps. For internal
leakage, reference is made to the work by Subiantoro et al. [33]. Internal leakage flow is calculated
using the Fanno flow model and Subiantoro et al. [33] have shown that these calculated values are in
good agreement with the measured data.

Heat transfer in the chamber is modelled according to the heat transfer correlation by
Liu and Zhou [38]. This correlation was validated by Tan and Ooi [39] to be suitable for modelling
heat transfer in the revolving vane mechanism.

2.3. Vibration Model

Due to the rotational vibration of the expander during operation, the equation of motion for the
cylinder-rotor assembly would have to be modelled and evaluated for full analysis of the output torque.
The focus would be on analysing the rotational vibration during steady state operation.

The RV mechanism was developed as an improvement over the rolling piston mechanism by
removing its vane tip friction [30]. In the vibrational analysis of the rolling piston mechanism [40],
the assembly was analysed as two separate components, namely the rotating parts, and the stationary
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parts of the machine. This method of splitting the machine into two parts for analysis is also employed
for RV mechanism. However, for the scope of this paper, the focus would only be on the rotating
assembly. The stationary part of the machine consists of only the shell housing and the torsional twist
of the shell housing during steady-state operation is usually less than 1◦ [40], it is, therefore, ignored in
the present study.

The following assumptions were adopted to formulate the mathematical model:

• The vibration of the rotor-cylinder assembly is purely rotational; i.e., no translational motion of
the assembly occurs in the journal bearings.

• No manufacturing tolerance is present in the component assembly; the components are in perfect
alignment with each other.

2.3.1. Geometric Model

A simplified diagram illustrating the geometric relations between the cylinder, rotor and vane
bush is shown in Figure 2. Certain dimensions have been exaggerated for clarity; ε is the eccentricity
of the mechanism and is defined by the difference between the cylinder and rotor radius (ε = Rc – Rr);
R2 denotes the radial distance of the bush centre from the rotor centre.

Figure 2. Type-I RV geometric relations; (a) Type-I RV layout; (b) Type-I RV geometry.

The geometric relations provided in Equations (11) and (12) are used in the formulation of the
equation of motion for the cylinder-rotor assembly:

Rrc = OrOw =

√
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c − ε2 sin2 θr − ε cosθr (11)

Rrb = OrOb =
√

R2
b − ε

2 sin2 θr − ε cosθr. (12)

Subsequently, the volume variations with respect to rotor rotation angle in the working chambers
are presented in Equations (13) and (14) for suction, and discharge, respectively:
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2.3.2. Constrained Lagrange Equations

Lagrangian mechanics is used to formulate the equation of motion for the system. The geometric
relations would be used as the holonomic constraints in the Lagrange equation.

The general form of Lagrange’s equations [41] is shown in Equation (15):

d
dt

 ∂L
∂

.
q j
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∂q j

= F j +
n∑
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λk(t)
∂ fk
∂q j

{
j = 1, 2, . . . , m
k = 1, 2, . . . , n

(15)

L is defined as the Lagrangian of the system and f represents the holonomic constraints. Subscript
j denotes the individual generalized coordinates and subscript k denotes the individual holonomic
constraints. F represents the forces due to the non-conservative work done by the system. For the case
of the RV expander, the non-conservative work includes the work extracted from the fluid, work done
against friction and external load.

In relation to the geometric relations established in Figure 2, θc, θr, θb, ϕb have been established
as the generalized coordinates for the system.

The Lagrangian of the system is defined as the total energy of the system, but the potential energy
for the assembly is zero since it only undergoes rotational motion so the Lagragian only consists of
the system kinetic energy. Based on the generalized coordinates, the kinetic energy of the system is
the sum of the rotational kinetic energies of the cylinder, rotor and vane bush about their individual
centre of rotation, and the translational kinetic energy of the vane bush about the cylinder centre.
The expression for the Lagrangian of the system is thus given by Equation (16):
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2
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θ

2
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.
ϕ

2
b

)
. (16)

The external torques acting on the assembly constitute the non-conservative work done by the
assembly. These include the load on the expander (Mload), the gas expansion torque (Mg) due to work
extracted and work done in the working chambers, and a counter-torque representing the frictional
losses (Mf). These torques are summarised in Equation (17) for each component:

Rotor : Fθr= Mg −Mload −M f ,r

Cylinder : Fθc= −M f ,c

Bush : Fθb= −M f ,θb

Fϕb= −M f ,ϕb

(17)

The set of holonomic constraints for the system are obtained from the geometric relations in
Figure 2 as shown in Equation (18). Subsequently, the Lagrange equations of the system can be
formulated as shown in Equation (19):
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Equation (19) shows the set of Lagrange’s equations for the cylinder-rotor assembly system in
which λ1, λ2 and λ3 denote the Lagrangian multipliers. The set of equations in (18) and (19) form seven
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simultaneous equations, which must be solved for seven unknowns; the four generalized coordinates
and the three Lagrangian multipliers.

However, the main focus of this study would be the rotational aspect of the entire assembly
which is represented by the generalized coordinate θr. Therefore, the Lagrangian multipliers are
eliminated and the frictional losses are grouped into a single term (Mf,total) to obtain a simplified
expression in Equation (20), which describes the full motion of the cylinder-rotor assembly for the
generic RV mechanism:

Ir
..
θr = Mg −Mload − Ic

..
θc

Rrc

Rc cosγ
−mbRb

..
ϕb

Rrb
Rb cosθb

− Ib
..
θb

ε cosθr

Rb cosθb
−M f ,total (20)

2.4. Evaulation of Torques

2.4.1. Gas Expansion Torque

The gas expansion torque (Mg) is the torque required and generated as the working fluid undergoes
suction and expansion respectively. The expression for the total gas expansion torque is given in
Equation (21) with respect to the rotation angle of the driving component θr:

Mg =

.
Ws +

.
Wd

.
θr

= Ps
dVs

dθr
+ Pd

dVd
dθr

(21)

2.4.2. Friction Torques

The friction torques (Mf) for each of the generalized coordinates in (19) consist of the resisting
torques, resulting from multiple friction sources, such as the end-face friction losses, vane side friction
losses, vane bush side friction losses, journal bearing losses and even fluid shear friction on the outer
wall of the cylinder in the housing. As it would be computationally expensive to evaluate exactly each
of these losses during each aspect of operation, the friction loss torques were consolidated into a single
term (Mf,total), as shown in Equation (20), and the total loss is approximated in Equation (22). Since the
frictional forces are affected by the varying pressures in the working chambers and assembly rotation
speed, it is estimated as the sum of a proportion of the instantaneous gas torque and a proportion of
the rotation speed, in which the latter effectively acts as a damping term:

M f ,total = ξMg + ζ
.
θr (22)

The constants ξ and ζ used in Equation (22) for modelling the varying friction loss during operation
are listed in Table 1. These constants are arbitrarily chosen such that the predicted values provide a
good agreement with the measurement values across various operating conditions.

Table 1. Power Loss Coefficients.

Coefficient Value

ξ 3.0 × 10−1

ζ 5.0 × 10−3

3. Experiment

Details on the prototype design and the experiment setup can be found with reference to Subiantoro
et al. [33]. The experiment schematic is reproduced in Figure 3 and the photo of the setup is reproduced
in Figure 4. The working fluid used was air and this was supplied by an air compressor. Subsequently,
the air was discharged to the atmosphere. A Torquemaster TM107 transducer was used to measure the
output torque and the average rotational velocity was measured by a magnetic pickup sensor.
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Figure 3. Expander experiment schematic [33].

Figure 4. Expander experiment setup [33].

A three-phase induction motor was connected to the RV prototype. The input frequency of the
alternating current (AC) frequency and instantaneous speed of the motor will determine the output
torque (Mm) of the motor.

The average operating speed of the motor is taken to be the speed at which the output torque is
zero. Based on different AC input frequencies, the torque-speed characteristic curves of the motor are
shown in Figure 5. At rotational speeds greater than the average speed, the motor would provide a
braking torque that serves as the load for the expander.

As the AC input frequency of the motor changes, the average operating speed changes accordingly
and the entire curve translates along the x-axis. A frequency controller connected to the motor
allows the adjustment of rotational speed. For simplicity, a six-order polynomial function is used to
approximate the motor torque curve. This function is formulated based on the average operating
speed of the motor and shown in Equation (23):

Mm = a1
( .
θr −

.
θavg

)
+ a2

( .
θr −

.
θavg

)2
+ · · ·+ a6

( .
θr −

.
θavg

)6
. (23)
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Measurements were carried out while the prototype was operated under different conditions.
The air compressor was used to supply inlet pressures of 2 bar (gauge) and 3 bar (gauge), and the
prototype was operated at average rotational speeds between 120 rev min−1 and 360 rev min−1 at
intervals of 120 rev min−1 for both inlet pressures.

The dimensions of the RV expander prototype are given in Table 2. It is a simplified type-I RV
mechanism with a vane slot cut into the cylinder in replacement of the bush component.

Figure 5. Motor load curve.

Table 2. RV Expander Prototype Dimensions.

Component Dimension

Rotor radius (Rr), mm 29.0
Cylinder inner radius (Rc), mm 35.0
Chamber length (le), mm 25.0
Vane length, mm 16.0
Vane width, mm 4.0
Working volume, cm3 12.0

4. Results and Discussion

4.1. Prototype Model

For the prototype, with the absence of the bush component and the use of the motor as the load,
the equation of motion in Equation (20) is simplified, as shown in Equation (24), by removing the bush
related terms and replacing the load torque with the motor torque term:

Ir
..
θr = Mg + Mm − Ic

..
θc

Rrc

Rc cosγ
−M f ,total. (24)

Equation (24) is then solved to evaluate the instantaneous rotation speed of the expander (
.
θr).

As the motor torque (Mm) in Equation (24) is used as the output load of the expander, the motor torque
in Equation (23), calculated with the instantaneous rotation speed is verified against the measured
torque in the experiment.

4.2. Results and Model Verification

The comparisons between the calculated torque and measured torque for the six different operating
conditions are shown in Figure 6.
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Figure 6. Calculated and measured output torques: (a) 120 rev min−1 with 2 bar (gauge) inlet pressure;
(b) 120 rev min−1 with 3 bar (gauge) inlet pressure; (c) 236 rev min−1 with 2 bar (gauge) inlet pressure;
(d) 240 rev min−1 with 3 bar (gauge) inlet pressure; (e) 360 rev min−1 with 2 bar (gauge) inlet pressure;
(f) 360 rev min−1 with 3 bar (gauge) inlet pressure.

Table 3 shows the discrepancies between the calculated peak torques and measured peak torques
for the different operating conditions. Large discrepancies for the peak torque were noted for Figure 6a,e
when the pressure ratio of the suction pressure to discharge pressure was 2. At a higher inlet pressures
of 3 bar (gauge), the error in peak torques were found to be within the range of ±10%. The main
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source of these discrepancies is due to the bimodal nature of the assembly vibration as displayed in the
measured data.

Table 3. Peak Torque Comparisons.

Average Operating
Speed, rev min−1

Inlet Pressure,
Bar (Gauge)

Measure Peak
Torque, Nm

Calculated Peak
Torque, Nm Error, %

120 2 0.540 0.731 –35.4
120 3 0.873 0.928 –6.3
236 2 0.533 0.506 5.1
240 3 0.718 0.678 5.6
360 2 0.401 0.490 –22.2
360 3 0.543 0.498 8.3

4.3. Torque Components

The comparisons between the individual torque components affecting the rotor-cylinder assembly
are shown in Figure 7. These include the fluid expansion, cylinder inertia and friction components.
The gas expansion torques are characteristic of the operating pressure and the inertia torques are
characteristic of the operating speed.

At a low operating speed, the amplitude of the inertia torque is small and the output torque is
dominated by the fluid expansion component. However, as the speed increases, the inertia component
becomes more significant and is comparable to the fluid expansion component.

In addition, the expansion torque of the RV expander is not constant and is positive in the first
half of the cycle (0 to π rad) and drops below zero in the second half (π to 2π rad). This is due to its
operating principle, as work is extracted from the gas expansion in the first half and subsequently,
work is expended to discharge the gas from the working chamber. In spite of this, the overall average
output torque is still largely positive.

To this end, the negative cylinder inertia for the second half of the cycle shown in Figure 7 shows
that the cylinder inertia in the RV expander might be beneficial and makes up the bulk of the output
torque in the second half of the cycle. At a higher operating speed of 360 rev min−1 in Figure 6e,f,
the output torque from the expander continued to stay positive in the second half of the cycle, with the
drawback of requiring a larger torque to drive the entire mechanism during the starting cycle.

Hence, for high operating speeds, the inlet pressure has to be higher so that the fluid expansion
torque would be sufficient to overcome the increased cylinder inertia at higher rotation speeds.
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Figure 7. Torque components: (a) 120 rev min−1 with 2 bar (gauge) inlet pressure; (b) 120 rev min−1

with 3 bar (gauge) inlet pressure; (c) 236 rev min−1 with 2 bar (gauge) inlet pressure; (d) 240 rev min−1

with 3 bar (gauge) inlet pressure; (e) 360 rev min−1 with 2 bar (gauge) inlet pressure; (f) 360 rev min−1

with 3 bar (gauge) inlet pressure.

4.4. Secondary Vibration Mode

The presence of a secondary waveform in the measurements indicate that the vibration of the RV
prototype is bimodal; arising from the presence of a clearance gap between the vane and the vane slot
due to manufacturing tolerances. This phenomenon is termed as ‘vane knocking’ [42]. The eccentricity
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between the rotor and cylinder centres of rotation causes their rotation speeds to vary during operation.
Figure 8 shows the theoretical variation in rotation speeds between the rotor and cylinder due to their
eccentricity with no clearance gap. As eccentricity increases, the variation between the rotation speeds
increases as well.

Figure 8. Variation in rotation speeds: (a) 120 rev min−1 with 2 bar (gauge) inlet pressure;
(b) 120 rev min−1 with 3 bar (gauge) inlet pressure; (c) 236 rev min−1 with 2 bar (gauge) inlet pressure;
(d) 240 rev min−1 with 3 bar (gauge) inlet pressure; (e) 360 rev min−1 with 2 bar (gauge) inlet pressure;
(f) 360 rev min−1 with 3 bar (gauge) inlet pressure.
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Due to the clearance gap and differences in rotation speeds, there will be instances when the
vane will lose contact momentarily with the vane slot wall on the cylinder resulting in the oscillation
of the vane slot wall about the vane. Figure 9 shows the oscillation of the entire assembly during
prototype operation.

Figure 9. Secondary vibration mode.

As the driven cylinder component has a larger moment of inertia compared to the rotor,
the resulting impacts would distort the output torque of the expander as observed in the measurements.
In Figure 6a,e,f, the impacts coincide with the peak torque which caused the large discrepancies
between the measured and calculated value. In Figure 6f, these impacts have caused the peak torque
to be higher than calculated in addition to a phase shift.

It is also noted that the secondary vibration tends to be less significant at higher rotation speeds
and this is due to the reduction in oscillation times at high speeds; the time period in which the vane
loses contact with the slot wall gets shorter at higher speeds and consequently, the change in angular
momentum of the cylinder is less pronounced upon impact. Hence, the model was noted to be more
accurate at higher operating speeds evident in Table 3, with the exception of Figure 6e, in which the
peak torque was distorted by the impact.

In addition, the approximation in modelling the motor torque curve as a six-order polynomial
function would have contributed to some of the discrepancies as well. Apart from the large errors
observed for some of the operating conditions, the model was still able to calculate the output torque
for the other operating conditions with ±10% accuracy.

5. Operating and Design Analysis

With the theoretical model validated, it shall be used to investigate the factors affecting torque
output to improve expander performance.
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5.1. Effect of Inlet Pressures and Operating Speeds

It is evident that higher operating speeds would result in higher rotational inertias of the assembly
and this would require a high inlet pressure so as to provide sufficient expansion torque to overcome
the inertia. Figure 10 shows the variation of the gas expansion torque at various rotation speeds. At low
operating speeds, increasing the inlet pressure in an attempt to increase the output torque would result
in diminishing returns. This is due to the consequence of increased leakage at higher inlet pressures
when operating speeds are low.

Figure 10. Variation of expansion torques at different speeds: (a) 240 rev min−1; (b) 360 rev min−1;
(c) 480 rev min−1; (d) 600 rev min−1.

Generally, better volumetric efficiency is achieved when high inlet pressures are paired with high
operating speeds as leakage would be less severe. For the effect on expander performance for inlet
pressures between 2 and 30 bars with operating speeds between 600 and 1800 rev min−1, reference is
made to the study by Subiantoro and Ooi [43].

5.2. Effect of Rotor Inertia

In the RV expander prototype, the shaft work from the rotor is extracted. However, since the rotor
is lighter than the cylinder, the torque required for the cylinder inertia is higher than that of the rotor
and this effect is pronounced at higher rotation speeds, evident in Figure 7. Therefore, it would be
beneficial to have a heavier rotor to maintain angular momentum in the first half of the cycle. This can
be accomplished by adding a flywheel to the rotor shaft. Figure 11 shows the effects of having a heavier
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rotor in the RV prototype for a steady-state operating speed of 600 rev min−1 and inlet pressure of
5 bar (gauge). Note, an increase in rotor inertia would lower the peak output torque, but at the same
time improve the negative dip in output torque during the first cycle. Therefore, adding a flywheel to
increase the rotor inertia provides a more reliable output torque.

Figure 11. Effect of rotor inertia on output torque.

5.3. Alternate Mechanism Design

Alternatively, the bearing configuration of the RV mechanism can be redesigned such that the
shaft work is extracted from the cylinder instead. This would be classified as that of a type-II RV
mechanism [44] and its performance was found to be better [43] than that of the type-I mechanism
used in the experiment. Figure 12 shows the performance of a type-II RV expander operating at
600 rev min−1 with an inlet pressure of 5 bar (gauge). Compared to the output torque characteristic in
Figure 11, the peak output torque value remains largely unchanged but occurs in the first half cycle
instead with a minor dip for the negative torque output in the second half cycle.

Figure 12. Type-II revolving vane expander performance: (a) Output torque; (b) Torque components.

From the theoretical analysis, as shaft work is now extracted from the cylinder, the inertia of the
cylinder at the starting cycle is now used to overcome the assembly friction, resulting in a peak torque
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comparable to that of the gas expansion torque. Compared to the type-I RV expander prototype in
which the peak output torque arises from the rotational inertia of the cylinder, a redesigned type-II RV
expander would produce a more consistent torque.

6. Conclusions

The fluctuations in RV air expander output torque are better modelled by considering the rotational
vibration of the assembly during steady state operation, and a Lagrangian approach has been proposed
for modelling the multi-component assembly. The theoretical model is able to calculate the characteristic
of the output torque albeit with discrepancies for the value and phase angle of the peak torque. These
discrepancies are mainly attributed to the vane knocking effect arising from manufacturing tolerences,
which were ignored as a necessary assumption in developing the model.

The conclusions are summarised as follows:

• The vibration of the RV air expander prototype is bimodal.
• The rotor and cylinder rotate at different speeds due to eccentricity and the presence of a clearance

gap between the vane and vane slot wall cause oscillations of the cylinder about the rotor, termed
as ‘vane knocking’.

• The resulting impacts between the vane and vane slot wall affect the output torque of the expander
especially since the cylinder possesses higher rotational inertia.

• These impacts can affect the magnitude of the peak output torque if the instances of impacts
coincide with the maximum torque output.

• However, this phenomenon is less significant at high operating speeds since the oscillation time
is reduced.

• For the type-I RV mechanism, since cylinder inertia increases with operating speed, high inlet
pressures are required at high rotation speeds to improve performance.

• Although, high cylinder inertia causes a negative output in the first half of the cycle, the momentum
of the cylinder contributes to the peak output torque in the second half of the cycle.

• Adding a flywheel to the type-I RV mechanism to increase the rotor inertia would improve the
quality of the output torque but with lower peak torque values.

• When the shaft work is extracted from the cylinder instead (type-II RV mechanism), better
performance is achieved as the larger cylinder inertia is now used to overcome frictional losses.
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