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Abstract: This paper reviews the current knowledge on turbulence effects in tilting pad journal
bearings. Turbulence is becoming increasingly important in the design of hydrodynamic bearings
due to the trend to increase power density in turbomachines and consequently the operating speeds
of the hydrodynamic bearings. Turbulence has a series of effects on the bearing performance which
may be beneficial or detrimental, depending on the operating conditions. The main turbulence
models are recalled and a historical overview on the evolution of numerical simulations of turbulent
flow in tilting pad journal bearings is presented. The two broad simulation strategies used are the
generalized Reynolds equation and computational fluid dynamics. The main experimental works are
then reviewed, and a unified comparison of these works is provided. Novel results on the critical
Reynolds number in a tilting pad journal bearing are reported. Much emphasis is given on the
experimental evidence for laminar-to-turbulent transition. The evidence used in the literature is
reviewed and its reliability is discussed. Lastly, some future research directions are suggested.

Keywords: tilting pad journal bearing; turbulence; Reynolds number; computational fluid dynamics;
laminar-to-turbulent transition; experimental testing

1. Introduction

Hydrodynamic journal bearings can have a fixed or variable geometry. Their geometry
can be controlled actively or passively [1]. Tilting pad journal bearings (TPJB) are amongst
the most used passive variable geometry devices (Figure 1). The theoretical benefit of TP]Bs
is the well-known negligibility of cross-coupled dynamic coefficients, which are a source of
rotor instability [2]. Moreover, they can tolerate some degree of manufacturing error [3]
and misalignment [2].

Figure 1. Schematic section of a 5-pad TPJB.
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Hydrodynamic TP]Bs are widely employed in large turbomachines for energy produc-
tion, including nuclear power plants, or in standalone systems such as gear boxes, pumps,
turbines, and compressors. The current trend in turbomachines for energy production is to
convey increasingly higher power densities. This requirement opens design challenges in
many components of the power plant, including the bearings. In principle, a higher power
density can be achieved by rising the shaft angular speed. Higher rotor angular speed or
larger bearing size means higher peripheral speed and a higher average circumferential
Reynolds number, defined as:
pac )
2 v (
where D is the bearing diameter, () is the shaft angular speed, C is the assembled radial
clearance, and v is the kinematic viscosity of the lubricant. At high speed, when Re, exceeds
a critical value (typically 1000 for oil-lubricated journal bearings [4]), the flow regime is ex-
pected to transition from laminar to turbulent flow. Commonly, the circumferential average
Reynolds number Re, is used in experiments to discern between laminar and turbulent flow
regimes. However, a local Reynolds number Re),, based on the local properties of the flow
and independent of global features, is also defined. The local Reynolds number is often
used in numerical simulations. Due to their different definitions, Re. and Rej, have different
critical values and cannot be used interchangeably. In bearings for turbomachines, Szeri [5]
suggested a critical value in the range of 400 < Rej, < 900 for the laminar-to-turbulent
transition (LTT).

Fully turbulent flow is characterized by random fluctuations of its velocity and pres-
sure fields. Moreover, it is three-dimensional, and it contains eddies in a large span of
length scales. The presence of vortices increases energy dissipation with respect to the
laminar case. A peculiar turbulent flow, typical of hydrodynamic bearings, is the Taylor
vortices flow. It has been observed first by Taylor in rotating concentric cylinders [6]. This
flow is characterized by macroscopic eddies, whose length scale is C. However, micro-
scopically, the flow is still laminar. It is often difficult to assess whether turbulent flow in
bearings occurs in the form of full turbulence or Taylor vortices, given that both, and even
a combination of the two, have been observed [7]. Thus, some authors refer to turbulent
flow, independent of its morphology [8-10]. Taylor vortices are expected to occur above a
critical Reynolds number, given by the following criterion:

| D
R = 4124/ — 2
€Ta >C )

Equation (2) strictly holds for plain, concentric cylinders. It has been shown that
eccentricity between cylinders tends to delay the occurrence of Taylor vortices [11].

Some review articles on turbulence effects on bearing performance date back to a
few decades ago. Taylor [4] reviewed classical turbulent lubrication theories, applied
to the design of fluid film bearings. Wilcock [7] reviewed the findings presented at the
Second Leeds-Lyon Symposium (1975), centered on experimental and numerical analysis
of turbulent flow in bearings, with special attention to the transition range from laminar to
turbulent conditions. Macken and Saibel [10] surveyed experimental and theoretical works
on turbulence and inertia effects in different types of bearings, operating at high-speed or
with unconventional lubricants. Since then, physical phenomena related to turbulence have
been considered when simulating or testing a bearing. However, to the best of the authors’
knowledge, there has been no recent in-depth review of the latest literature focused on
TPJBs. In the following section, the main theoretical models of turbulent flow for fluid
lubrication are recalled and the literature on numerical investigations on turbulent TPJBs is
reviewed. Moreover, in the subsequent section, experimental works are reviewed, while in
the final section, conclusions are presented along with some future research objectives.

Rec =



Lubricants 2022, 10, 171

30f23

2. Numerical Investigations
2.1. Turbulence Models

A classical way to model turbulent flow in thin films is to consider it as an extension
of the laminar Reynolds equation by including the turbulent coefficients k, and k:

9 ([ K ap o (h3op\  Uoh 3
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Equation (3) is one of the classical forms of the turbulent Reynolds equation in Carte-
sian coordinates, where x is the direction along which the lubricant is entrained by the solid
surface in motion with the speed U, z is the direction of the lateral flow, y (not appearing in
the formula) is the direction of the film thickness £, u is the dynamic viscosity, and p is the
pressure. It may be somewhat surprising that a complex phenomenon such as turbulence
can be successfully included with a minimal modification of the laminar Reynolds equation.
This can be justified by the concept of eddy viscosity, first introduced by Boussinesq [12].
Adopting this hypothesis, it was shown that the presence of turbulence can be described
with an anisotropic, non-homogeneous effective viscosity, also referred to as turbulent
viscosity. The turbulent viscosity value is a function of the local Reynolds number. The
turbulent coefficients k, and k, monotonically increase as functions of the Reynolds number,
starting from the laminar value of 12. When hydrodynamic lubrication theories were first
developed, the lubricant was assumed isothermal for simplicity. In later works, the energy
equation was also considered. In the same spirit of the Reynolds equation, turbulence was
included in the energy equation by considering an anisotropic, non-homogeneous effective
conductivity of the lubricant. This effective conductivity is not a physical property of the
fluid. Instead, it is a simplified description of heat transfer which accounts for vortices
convection in a thin film. The effective conductivity value is a function of the local Reynolds
number, amongst other variables (see, for instance, [13]).

Different theories have been proposed to calculate the expression for the turbulent
coefficients. Some explicit expressions can be found, for instance, in Taylor [4]. The classical
theories were not derived from first principles—they are based on some degree of empirical
information. Such theories obtain slightly different expression for ky, k, depending on
which empirical information is exploited and depending on the assumptions utilized in
the derivation. Costantinescu [13,14] obtained the turbulent Reynolds equation using
Prandtl’s mixing length theory [15]. Ng and Pan [16] developed a linearized model based
on Reichardt’s formula assuming a shear dominated film. Elrod and Ng [17] extended
Ng and Pan’s linear theory including pressure gradient effects. They proposed a non-
linear turbulent Reynolds equation for which iterative calculations are required to solve
the problem. An empirical drag law relating the wall shear stresses and the mean flow
velocities was proposed in the bulk flow theory of Hirs [18]. Ho and Vohr [19] employed
a kinetic energy approach using Kolmogorov’s turbulence theory. Aoki and Harada [20]
utilized Prandtl’s mixing length theory including pressure gradients and centrifugal effects.
Hashimoto and Wada [21] extended Hirs’ bulk flow theory including surface roughness
effects. Tieu and Kosasih [22] used Prandtl’s mixing length theory and extended it by
considering the effect of shear stress gradient on the mixing length.

In Figure 2, values of the turbulent coefficients as functions of the Reynolds number are
reported for a selection of theories. These theories stood the test of time and are successfully
employed in commercial software which solves the generalized Reynolds equation together
with the energy equation.

Some studies [19,23,24] have compared a selection of the above theories and have
concluded that they give generally similar, satisfactory results in typical, oil-lubricated
bearing applications, albeit some disagreement between theories can be found near the
LIT region. Nevertheless, for low-viscosity, highly turbulent films, such as water or gas
lubricated bearings, computational fluid dynamics (CFD) is required, also due to a shortage
of experimental data [25].
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Figure 2. Turbulent coefficients as functions of the local Reynolds number according to Costanti-
nescu [14], Ng and Pan [16], and Hirs [18] turbulent lubrication theories. Continuous and dashed
lines indicate, respectively, values of ky and k.

Currently, numerous turbulent models have been implemented in CFD simulations of
TP]Bs, with different complexity. They are reviewed and compared in Ding et al. [26]. Most
of them employ Boussinesq’s hypothesis and are employed within the Reynolds-averaged
Navier-Stokes (RANS) framework. Listed in order of increasing complexity: the Spalart-
Allmaras model [27] is based on one additional equation for the kinematic eddy turbulent
viscosity; the k-¢ and k-w models [28,29] use two additional partial differential equations
for the turbulence kinetic energy and its dissipation rate; Menter’s shear stress transport
(SST) model [30] was developed as a combination of the k-¢ and k-w model. The above
models are considered adequate to simulate TPJBs in industrial applications [31].

Some researchers have employed more advanced turbulent models in other types of
hydrodynamic bearings, namely plain [32,33] or thrust pad bearings [34]. In the Reynolds
stress equation model, the Boussinesq’s hypothesis is dropped, and it is considered more
suited to deal with complex flows. In the AKN k-¢ model [35], separating and reattaching
turbulent flows for low-Re can be modelled. The employability of these models depends
on how mature they are since they can be tuned by varying multiple coefficients.

2.2. Numerical Analysis

In the literature, there are several strategies used to solve the turbulent lubrication
problem of a TPJB. These have different degrees of complexity and computational cost.
On the one hand, there are bearing codes that perform hydrodynamic (HL), thermo-
hydrodynamic (THL), and thermo-elasto-hydrodynamic (TEHL) lubrication analysis based
on the generalized Reynolds equation. On the other hand, there is CFD software for a
full 3D solution of the Navier-Stokes equations, dropping the simplifying assumptions of
the Reynolds equations. In both cases, turbulent modelling is included. The former cases
provide faster and cheaper numerical solutions for the pad assembly, while the costlier CFD
is usually devoted to validation purposes. Some authors have utilized both approaches
and compared the results. Yang and Palazzolo [36] reviewed the development history of
numerical simulations of TP]Bs based on the generalized Reynolds equation and CFD.
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Their review described the evolution of simulation features particularly regarding energy
and elasticity. The present review is more limited in scope since it focuses on a selection of
works on TPJBs which are related to turbulence effects. Table 1 summarizes the examined
theoretical studies, highlighting the adopted turbulence models, the solution method, and
the numerical grid for the hydrodynamic film. The works are listed in chronological order.
Some articles reported the number of grid points across the three directions: radial (R),
circumferential (f), and axial (Z); others reported only the total number of grid points.
Whenever a single number is indicated in the column for grid points, it refers to the total
number of points. Next to the grid column, the geometry column specifies geometric
dimensions relevant to the hydrodynamic film: the radial clearance (C), the pad arc length
(R0), and the pad axial length (L). These quantities are reported in millimeters.

Most articles in Table 1 model four or five pad TP]B. Three pads are instead modelled
in [37,38], and six pads in [39]. Most studies use ISO VG 32 oils. Others use a ISO VG
46 oil [37], silicon oils [40], water [25,41,42], and supercritical CO, [38]. Apart from a
few exceptions, most numerical studies are validated by comparison with experimental
results from the literature or obtained through their own experimental activity as reported
by [37,39,40,43-49]. In the next subsections, some discussion on the articles listed in Table 1
is provided.

2.2.1. Studies Based on Generalized Reynolds Equations

Analytical approaches have been proposed to solve Equation (3) in TPJBs with the
assumption of isothermal conditions and no deformation in [41,42]. Okabe and Cavalca [41]
used the short bearing approximation. They compared two analytical models with and
without a turbulence factor correction. They performed a rotordynamic simulation of a
Jeffcott rotor supported by two TPJBs and concluded that turbulence increased the hydrody-
namic forces and the stiffness coefficients. Jin and Yuan [42] compared the analytical results
to those obtained through a finite difference method (FDM) solution. They observed that
the effect of turbulence on the predicted journal orbits depended on the applied static load.

Other isothermal and no-deformation solutions of the Reynolds equation by FDM
were presented in [25,45]. Armentrout et al. [25] used the Elrod and Ng turbulence model
with a variable parameter within the empirical Reichardt’s formula. They tuned the model
parameter by comparing results with CFD. However, the optimal parameter ended up
being geometry dependent.

The energy equation was added to the 2D Reynolds equation, removing the isothermal
assumption, and without considering deformation, in [39,43,50-53]. In his pioneering work,
Ettles [54] considered a 1D energy equation and a 1D elasticity equation. However, most of
the other works exploit a 3D energy equation.
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Table 1. Numerical works—turbulence modelling in TPJBs.

. 1 1 Grid 2 Geometry 2 Experimental
Authors Lubricant Model Turbulence Model Method Rx0xZ C x RO x L (mm) Verification
Orcutt, 1967 [40] Silicon oil HL Ng & Pan - - - Yes
Mikami et al., 1988 [39] I1SO VG 32 THL Aoki & Harada - - - Yes
Taniguchi et al., 1990 [43] 1SO VG 32 THL Ng & Pan FDM 9%x9x%x9 0.612 x 334 x 300 Yes
Yes, data
Ettles, 1992 [54] i TEHL Té’ﬁé‘i’t‘ffsy - - - from
¢ o [43,55-57]
Ng & Pan
Bouard et al., 1996 [23] 1SO VG 32 THL Elrod & Ng FDM 101 x 21 x 11 0.612 x 334 x 300 g‘f)smcﬁf]
Costantinescu
Edney et al., 1998 [44] Light turbine oil CFD k-¢ FVM 8500 0.127 x 71 x 95 Yes
Aoki & Harada
Tanaka and Hatakenaka, 3D Aoki & Harada Yes, data
2004 [51] I1SO VG 32 THL 1 FDM 100 x 8 x 8 0.612 x 334 x 300 from [39,43]
Ng & Pan
Tkeda et al., 2006 [45] I1SO VG 32 HL Aoki & Harada FDM - - Yes
Okabe and[ia]valca, 2009 Water HL Costantinescu Analytical - - No
_ Yes, data
Hatakenaka, 2015 [52] 1SO VG 32 THL k-¢ low Re FDM 100 x 32 x 20 0.612 x 334 x 300 from [43]
HL Elrod & N - 10 x 40 x 10
Armentrout etal., 2017 Water and oil 8 0.152 x 213 x 381 No
[25] CFD k-¢ low Re - 17 % 200 x 175
. . Yes, data
Ding et al., 2018 [26] 1SO VG 32 CFD 14 different models - 50 x 100 x 20 0.612 x 334 x 300 from [43]
Croné et al., 2018 [58] 1SO VG 32 CFD SST FEM 13 x 161 x 19 0.32 x 314 x 350 No
moving mesh
TEHL Costantinescu FVM - -
Hagemarzlglasnifchwarze, 1SO VG 32 Yes
[47] CFD - - 820,000 0.108 x 73 x 72
Mermertas et al., 2019 [37] 1SO VG 46 TEHL Costantinescu FEMF‘{?I\I;[pled - - Yes
Arihara et al., 2019 [46] 1SO VG 32 TEHL Elrod & Ng FDM 101 x 38 x 22 0.162 x 64 x 76 Yes
Analytical -
Jin and Yuan, 2020 [42] Water and oil HL Ng & Pan Y 0.152 x 213 x 381 Yes, datf
FDM 1x21x15 from [25,59]
Hagemann et al., 2020 [48] 1SO VG 32 TEHL Costantinescu - - - Yes
TEHL - - - -
Yang and P[i)lﬁa]ZZOlO' 2021 1S0 VG 32 CFD, SST with y FEM coupled ] ] ferg'[‘:gt:”
’ elasticity transition model FVM !
TEHL - FEM - -
Buchhorn et al., 2021 [49] 1SO VG 32 Yes
CFD SST FVM - -
. . Compressible Yes, data
Bi et al., 2021 [38] S-CO; and oil THL Ng & Pan FDM 1x32x26 0.01 x 41 x 40 from [62]

1 HL: hydrodynamic lubrication. THL: thermo-hydrodynamic lubrication. TEHL: thermo-elasto-hydrodynamic
lubrication. CFD: computational fluid dynamics. FEM: finite element method. FDM: finite difference method.
FVM: finite volumes method. 2 Hydrodynamic film characteristic.

3D TEHL models considering turbulence were developed in [46,48,49,63,64]. Thermal
and mechanical deformations modify the film geometry. It is concluded that the elastic
deformation can largely affect static and dynamic bearing performances. Mechanical defor-
mation is often computed through commercial structural mechanics software, which solves
the 3D elasticity equations by the finite element method (FEM). The elasticity equations are
coupled to the thermo-hydrodynamic calculations. Yang [63] showed that the validity of
both static and dynamic results depends on the choice of the mixing coefficients, which
is often left to the analyst’s experience. Their uncertainty can be decreased by employing
CFD simulation of the flow between pads.

The total number of grid points used in HL, THL and TEHL simulations has not
increased much throughout the last few decades. Some authors used a grid distribution
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consistent with the domain geometry, so that the circumferential direction had more points
than the radial and axial direction [25,26,58]. Others [41,46,51] followed the suggestion
made by Bouard et al. [50], that the highest number of grid points should be adopted across
the film thickness. Bouard and coworkers achieved convergence with 101 points across the
radial direction for a turbulent flow. In contrast, only 38 points across the radial direction
were required for a laminar flow.

In summary, it seems that 10° points in the hydrodynamic film are enough for state-of-
the-art turbulent TEHL or THL simulations of TPJBs for a wide range of bearing geometric
dimensions, and that this number can likely be reduced by 1 or 2 orders of magnitudes for
the turbulent HL simulations. However, there is still some debate on the most effective
grid point distribution. If the number of points across the film thickness is much lower
than 100, extra attention to the convergence of the solution is recommended.

2.2.2. Studies Based on the CFD Simulations

One of the first applications of CFD to the analysis of a TPJB is found in Edney et al. [44].
Here, the effect of a profiled, leading edge groove (LEG) on the pad and its modification
were investigated. The analysis was 2D and it was used to optimize the bearing design. It
provided a detailed visualization of the thermal behaviour that could not be obtained with
a common bearing analysis code. More recently, Croné et al. [58] have investigated the
effect of a LEG TPJB by CFD analysis. They compared the LEG TP]B with a conventional
one. The LEG pad yielded a higher maximum pad surface temperature due to a more
pronounced transition from turbulent to laminar flow near the trailing edge.

The CFD simulations are useful to tune the computationally economical Reynolds
model. The tuning can involve mesh refinements or the adjustment of turbulence model
parameters [25]. Moreover, it can involve the calculation of thermal boundary conditions
through an accurate determination of the heat flow [49]. In fact, the CFD solution is consid-
ered a good benchmark, despite some inherent uncertainties due to modelling assumptions
and discretization errors. The main drawback is the time needed to setup and to run an
analysis. Regarding turbulence models adopted in CFD analysis of TPJBs, Ding et al. [26]
compared several turbulence models with experimental results from Taniguchi et al. [43].
They concluded that the SST model with low-Re correction outperforms all the others in
replicating the experimental results.

Some authors commented on the ratio of turbulent to dynamic viscosity obtained
through CFD simulations. Figure 3 was generated using data from [26,58].

The datasets in Figure 3 were taken from the numerical simulation of a conventional
pad, on the pad center line. Both simulations employed the SST turbulence model. The
simulations had different geometries and boundary conditions. Nevertheless, in Figure 3
it appears that turbulence has a maximum near the leading edge and has lower values
towards the trailing edge. From the bearing pad designer’s perspective, turbulence is
desirable mainly at the trailing edge, where the pad temperature is highest, and it is
unwanted elsewhere. This opens the question as to whether it is possible to realize a trend
opposite to the one depicted in Figure 3, which would require reducing turbulence at the
inlet and increasing it at the outlet. In addition, Ding et al. [26] compared the turbulent
to dynamic viscosity ratio obtained with different turbulence models, showing a great
variability amongst the models. Croné et al. [58] compared the conventional tilting pad
to a LEG pad. They observed that the LEG mainly affected the region near the inlet. In
particular, the maximum turbulent to dynamic viscosity ratio decreased in the center line
and increased towards the axial edges.

The first TPJB model including 3D-CFD with multiphase flow, thermal-fluid inter-
action, turbulence transition, convective term in the energy equation due to shaft spin,
pivot flexibility, and thermal mechanical distortions by two-way fluid-structure interaction
modelling was presented in Yang et al. [63]. They concluded that the dynamic coefficients
obtained by a conventional Reynolds approach with mixing coefficients were quite different
compared to those obtained by CFD.
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Figure 3. Turbulent to dynamic viscosity ratio on the pad center line, as a function of the local pad
circumferential coordinate, for a conventional tilting pad (data from [26,58]).

The total number of grid points in CFD simulations has been increasing steadily
throughout the years, and this trend is expected to continue, as more complex turbu-
lence models will be developed. From Table 1, it appears that 10° points in the hydrody-
namic film are enough for RANS CFD simulations of TP]Bs for a wide range of bearing
geometric dimensions.

2.3. Effect of Turbulence on the Bearing Performances

A feature which is unique to numerical works is the possibility to compare laminar
and turbulent simulations. In experiments, the fluid is either laminar or turbulent. In
simulations, instead, one can play with the different settings. The net effect of turbulence
can then be assessed by comparing turbulent and laminar simulations. At low Reynolds,
the laminar and turbulent theories are equivalent. At increasingly high Reynolds, the
results from the two theories diverge [40]. It is considered good practice to check the results
of turbulent simulation with the laminar simulation, given the lower computational cost of
the latter [23].

In Figure 4, the typical profile of temperature as a function of the film thickness is
reported. The figure is reproduced from [65]. In the turbulent simulation, the temperature
gradient is reduced owing to an increase in the effective conductivity. This effect is beneficial
to the pad temperature.

Compared to the laminar models, the turbulent models predict, above transition, an
increase in load capacity [25,39,40] and power loss [23,39,40,52].

Fewer authors report the effect of turbulence on dynamic coefficients. Orcutt [40] and
Okabe [41] found an increase in stiffness and damping coefficients. The magnitude of these
effects is greatly dependent on the operating conditions.

Numerical models are currently capable of replicating typical experimental features
associated to LTT, such as the drop in the pad maximum temperature [43,46,48,51,54,64]
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and the increase in power loss [43,46,51,54]. These effects will be better explained and
discussed in the following sections.

Oil film thickness [-]

Shaft surface I

=L aminar flow =—Turbulent flow

Bearing surface

90

100 110 120 130 140 150
Temperature [°C]

Figure 4. Typical temperature profile across the film thickness, in the laminar and turbulent regime.
Reproduced from [65].

3. Experimental Works
3.1. Experimental Investigations with Turbulence

Not many works present evidence of LTT in experimental tests on TPJBs. A selection
of recent papers is reported in this section, as well as some related fundamental ones. Some
papers report, in addition, the results of tests performed with different types of bearings,
such as plain journal bearings and fixed pad journal bearings. However, only TPJB data are
reported here.

Table 2 summarizes the examined experimental studies of TPJBs in turbulent condi-
tions. The bearing characteristics and the operating conditions are reported, as well as the
evidence of the turbulent transition. Some data were directly extracted from the papers;
other data were extrapolated and homogenized for easier comparison. For instance, papers
usually report the operating speed in rpm, and the load in N. Here, instead, speed is re-
ported as peripheral speed (m/s), and the load as specific load (MPa), which is load divided
by nominal diameter and axial length. The works are reported mainly in chronological
order, gathering together tests performed in the same test rigs.
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Table 2. Experimental works—turbulence effects in TP]Bs.

o Max Speed Max Load 1 1 Lubrication Max Flow 0Oil Transition cpe 3
Authors D (mm) L/D C (%o) (m/s) (MPa) Load Type Pads Type Rate (L/s) Supply T (°C) Evidence 2 Re,at Transition
Gardner and Ulschmid, 1974 [55] 432 0.35 157 84 1.0 LOP 5 FL 22 43 PMT, PLI, ODT 670
De Choudhury and Masters, 1984 [56] 127 0.3 2.16 86 1.7 LOP and BP 5 FL 0.3 49 PMT 370
Mikami et al., 1988 [39] 150 1.33 26 24 1.47 LOP 6, RB FL - 60 - 300 *
Hopf and Schiiler, 1989 [8] 500 0.9 1.35 94 40 LBP 4, B&S - - 40 PMT 820
Hagemann et al., 2013 [66] _
Kukla et al, 2013 [67] 1.28 79 25 FL 7.0 50 1170 *
Buchhorn et al., 2021 [49] 500 07 79 3.0 LBP 5 EC DL 7.1 50 - 1100 *
12
Stottrop et al., 2022 [68] 79 40 FL and DL 7.1 50 SMT 860
Taniguchi et al., 1990 [43] 479 0.63 2.56 100 2.1 LBP 4 FL 8.7 40 PMT, PLI 950-1430
. ) PMT, PLI,
Simmons and Dixon, 1994 [69] 200 0.4 1.15and 1.8 105 4.1 LOP and LBP 5,RB FL 2.37 43 PITV 250-450
Ha and Kim, 1995 [70] 301 05 3.04 66 05 LBP 4,EC FL 2.0 40 SMT 540-610
127 0.75 2.72-4.76 106 0.2 0.8 49 PMT, PLI 570-810
Edney, 1995 [71 )
ney, 1995 711 102 00'755 2.99-458 86 05 LBP 5 EC FL 1 49 PMT 580-650
Edney [ej ﬁl" 1998 127 0.75 1.85 120 02 LBP 5,EC DL 05 49 - 630 *
5, RB and
Bouchoule et al., 1996 [72] 160 1.0 1.81 and 1.96 104 34 LBP B&S DL 2.8 50 PMT 610
Ikeda et al., 2006 [45] 580 0.55 1.30 109 29 LBP 4,RB DL 129 45 - 1580 *
Hagemann and Schwarze, 2018 [47] 120 0.60 1.80 94 2.0 LBP 4,RB DL 0.7 50 PMT, PLI 290
Hagemann et al., 2020 [48] 140 4.0 From FL to 280-410
100 0.9 26 LBP 5,RB partially 1.3 40 PMT
Zemella et al., 2020 [64] 120 3.0 starved 320
Arihara et al., 2019 [46] 102 0.75 3.19 120 29 LBP 4, FP FL 1.7 40 PMT, SMT, PLI 370
280 0.70 1.43-1.78 114 17 DL 75 40-60 - 890 *~1880 *
Fgrel‘lr.o ot *1‘1"2%3210[%] 280 0.55 1.57-1.82 88 21 LBP 5 RB FL 36 40 PMT, PLI 470
ietal, 280 0.70 1.33-1.76 88 17 4, B&S FL 2.7 40 PMT, PLI 450
Schiiler and Berner, 2021 [65] 120 0.63 225 145 40 LBP 5, RB DL 13 56 PMT 1050

1 RB: rocker back (line contact), B&S: ball and socket (point contact), EC: elliptical contact, FP: flexural pivot; LOP: load on pad, LBP: load between pads; FL: flooded lubrication, DL:
direct lubrication. 2 PMT: pad max temperature, SMT: shaft max temperature, PLI: power loss increase, ODT: oil discharge temperature, PITV: pad inlet temperature variance. 3 Reynolds
calculated using oil supply temperature. * Reynolds calculated at bearing maximum speed.
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In particular, the first column of the table references the examined work; the following
columns report the main geometrical dimensions of the TP]B: the nominal diameter (D),
the axial length to diameter ratio (L/D) and the per mille relative bearing clearance (C%o),
which is the assembled radial clearance divided by the nominal radius, per mille. For
each work, the investigated maximum peripheral speeds and specific loads are reported.
Next, the load direction, which can be on pad (LOP) or between pads (LBP), is provided.
In the pad column, the number and type of tilting pads, such as theoretical line contact,
or rocker back (RB), and theoretical point contact, or ball and socket (B&S), are reported.
In certain cases, the back of the pad is also axially curved; that is indicated, in the table,
as elliptical contacts (EC). Then, information on the lubrication conditions is given: the
maximum flow rate, the oil supply temperature, and the lubrication type, which can be
flooded (FL), direct (DL), with leading edge grooves (LEG) or trailing edge grooves (TEG).
In direct lubrication, the oil is directly supplied to the hydrodynamic film and it is free to
leave the bearing—there is little to no secondary flow. In contrast, in flooded lubrication
the pad is fully surrounded by oil. This can be achieved by confining the oil in the bearing
with annular seals. The second-last column specifies the nature of the evidence for the LTT
(see Section 3.2). The last column reports the circumferential average Reynolds number at
transition, estimated through Equation (1).

Not all the papers in this table had measured or published experimental evidence
for the LTT. However, these additional works were included due to their high Reynolds
number at the highest operating speeds. In the cases lacking turbulence data, on the basis
of reasonable considerations, the authors calculated the Reynolds number at the maximum
operating speed, reporting it in the last column, and marking it with an asterisk. More
details on the types of LTT evidence are deferred to Section 3.2 and the following ones.
Some discussion on the calculation of the Reynolds number takes place in Section 3.5.

The tested bearings reported in Table 2 can be grouped by size with the smaller
diameters ranging from 100 to 200 mm [39,44,46-48,56,64,65,69,71,72] and the larger ones
from 280 to 580 mm [8,43,45,49,55,66-68,70,73,74]. The length to diameter ratio goes from a
minimum of 0.3 [56] to a maximum of 1.33 [39]. The relative bearing clearance goes from a
minimum of 1.15%. for a diameter of 200 mm [69] to 4.76 %o for a diameter of 127 mm [71].
The maximum tested peripheral speed is 145 m/s [65], while the maximum tested specific
load is 4.1 MPa [69]. Most bearings were tested in the LBP configuration with four or five
pads. A six-pad bearing was tested by [39]. Most pads have a rocker back pivot, some have
an elliptical contact pivot, some a ball and socket pivot, and one has a flexural pivot [46].
Most bearings are subjected to flooded lubrication; some are equipped with spray bars for
direct lubrication. The maximum flow rate is 12.9 L/s, attained in [45] by direct lubrication.
The oil supply temperature ranges from 40 to 60 °C.

Most papers in Table 2 employ test rigs with the floating bearing configuration, where
loads are applied to the test bearing located at the shaft midspan. Two bearings were
simultaneously tested in [56] loading the shaft at midspan. Two bearings were also tested
in [71], three in [72], in particular facilities accommodating a steam turbine and gearboxes,
respectively.

The experimental facility used by Hopf and Schiiler [8], and other researchers after
them [49,66,68], deserves particular mention for the high resolution of measurements of oil
film thickness and pressures and shaft temperatures. The hollow shaft is equipped with two
capacitive distance sensors, two piezoelectric pressure sensors and several thermocouples.
Moreover, the rotating shaft can be axially shifted thanks to a special device. This allows for
the mapping of quantities also along the axial direction, in addition to the circumferential
direction. Pad temperatures are measured by means of 100 thermocouples located 5 mm
below the sliding surface.

The work of Gardner and Ulschmid [55] is often cited in the following works. Tem-
peratures were measured in several points of the Babbitt coating of the pads. Magnetic
reluctance probes were placed at the leading and trailing edges of the loaded bottom pads
in order to measure the film thickness. They monitored the power loss, the pad temperature,
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and the oil discharge temperature. The friction coefficient was plotted as a function of the
Reynolds number. They observed turbulence transition at about 2500 rpm.

The work of Taniguchi et al. [43] is another study used as a reference for following
studies. There was a general agreement between experimental and numerical results
obtained by turbulent models. The turbulent transition speed was observed between
2400 and 3000 rpm. They suggested that the situation of the unloaded pads plays an
important role for the total friction losses: at 2400 rpm the loaded pads may still operate in
the laminar regime, while the unloaded pads are already in the turbulent regime. Only at
higher speeds (3000 rpm) do the loaded pads also enter into the turbulent regime.

3.2. Evidence for Turbulence Transition

The earliest experimental evidence for LTT was obtained by direct observation of
turbulent flow in plain bearings. Wilcock [7] reviewed some papers on the morphology of
turbulent flow in plain bearings. In these works, the flow pattern was visualized by dye
injection, or by suspension of aluminum pigment particles. This method requires large
clearances (C%o > 10) which are usually not the case in industrial applications of TP]Bs.

An alternative direct method to detect LTT requires the measurement of fluid velocity
through anemometry techniques. The transition speed is detected by a sharp increase in
the slope of the RMS velocity as a function of speed. Fréne and Godet [75] employed hot
film wall anemometry to detect transition in a water lubricated plain bearing down to a
3%o relative clearance. Innes and Leutheusser [76] employed hot wire anemometry in a
large scale model of a thrust tilting pad in air. Tieu et al. [77] employed Laser Doppler
Anemometry (LDA) in large-clearance (C > 490 pm), plain journal bearings lubricated by
oil or water. They measured the velocity profile in the fluid at high Reynolds numbers up to
4700. They found excellent agreement with their turbulent model, described in [22]. More
recently, Nobis et al. [78] applied LDA in an oil-lubricated plain bearing with C%. = 25.
In fact, with the evolution of the technique, it may be possible to apply LDA to smaller
clearances. For a review on this technique, see, for instance [79].

Given the difficulty of applying direct methods in industrial TP]Bs, a variety of indirect
methods have been used in the literature to identify transition. Rather than measuring the
fluid velocity itself, other macroscopic and easily measurable quantities are exploited. In
the latter case, some degree of ambiguity is retained due to the indirect, albeit physically
justified, evidence. A summary of the experimental methods is reported in Table 3.

Table 3. Main evidence used for laminar-to-turbulent transition in TPJBs.

Method Evidence Measured Quantity References
Visual observation Direct Flow patterns [71*
Anemometry mrec Fluid velocity [75-78] *
PMT Pad temperature [8,43,46-48,55,56,65,69,71,72,74]
PLI Indi Power loss [43,46,47,55,69,71,73]
SMT ndirect Shaft temperature [46,68,70]
oDT Oil temperature [55]
PITV Speculative Pad temperature [69]
Journal shift P Journal position [74]
* Not TPJBs.

One of the most utilized pieces of evidence is the reduction of the pad maximum
temperature with increasing speed, on the loaded pads. For the sake of brevity, this
method will be referred to in this work as PMT (pad maximum temperature). The point of
maximum temperature in the loaded pad is near the trailing edge and it is monitored by a
thermocouple placed at 75% of the circumferential length of the pad, in accordance with
industry guidelines [80]. Figure 5 reports data from [69]. The pad maximum temperature
is plotted as a function of speed. Different curves are taken at different loads.
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Figure 5. Pad maximum temperature as a function of journal surface speed. Curves are taken at
different specific loads. The transition speed for the bottom curve is marked with a dashed line. Data
from [69], configuration #1.

The onset of LTT is identified at the local maximum of the curves in Figure 5. As an
example, the dashed line in Figure 5 is taken as the transition speed for the least loaded
case (1.38 MPa). In this case, the transition speed is approximately 75 m/s. This effect
is actually beneficial to the performance of the TPJB, since the maximum temperature
of the pad is a quantity which it is always desirable to reduce. The magnitude of the
temperature reduction may vary depending on the experimental conditions and can reach
up to 10-15 K [8].

A similar effect is the reduction of the shaft temperature with increasing speed. This
method will be referred to as SMT (shaft maximum temperature). This is less common to
observe mainly because fewer authors measure or report data on the shaft temperature.
Moreover, the shaft temperatures are typically lower than the maximum temperature
of the loaded pads. One of the reasons is that a point on the pad sees the same film
thickness in time, while a point on the shaft sees a variable film thickness along the bearing
circumference. The temperature reduction (of the pad or the shaft) was seen as an odd
phenomenon, since according to the laminar theory, temperature should always increase
with speed. The origin of the temperature reduction is due to an increase of the effective
conductivity of the film and of the thermal exchange between the oil and the pads or the
shaft. This is due to an increased convection in the oil. In the laminar regime, heat is
conducted across the film only by diffusion through adjacent layers. Turbulent motion
introduces a radial velocity term different from zero. Figure 4 shows the temperature profile
across the film thickness, obtained by numerical simulations. The temperature gradient is
much higher in the laminar case.

Furthermore, the use of multiple thermocouples on the pad, along the circumferential
direction, showed that turbulent transition tends to also mitigate the circumferential tem-
perature gradient [8]. In particular, while the pad maximum temperature decreases at the
trailing edge, the pad minimum temperature increases at the leading edge.

In Figure 6, data from Arihara et al. are reported [46]. Both the shaft and the pad maxi-
mum temperature showed a reduction of about 10 K with an almost identical behaviour.

In Figure 6, the LTT speed is marked with a dashed line. The transition speed is
approximately 70 m/s for both methods (PMT and SMT).
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Figure 6. Pad maximum temperature and shaft temperature as a function of journal surface speed, at
2.94 MPa. The transition speed is marked with a dashed line. Data from [46].

A peculiar observation was made by Ha and Kim [70]. Their experiment was rather
unique since in the laminar regime the reported pad maximum temperature was lower than
the shaft temperature. The reason was not specified in the original paper—it may be due,
perhaps, to an excellent thermal dissipation on the back of the pad and to a poor thermal
dissipation of the shaft. In fact, at LTT, a reduction of the shaft temperature was observed at
the expense of the pad temperature, which increased. The temperature reduction is visible
until both the pad and the shaft reach a similar temperature (Figure 7).
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Figure 7. Pad maximum temperature and shaft temperature as functions of journal angular speed.
Data from [70], with no applied load. The transition speed is marked with a dashed line.
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Given that turbulence reduces thermal gradients, while the pad or the shaft reduce
their maximum temperature, the lubricant increases its mean temperature [8]. As such, it
turns out that monitoring the oil drain temperature can be an independent way to monitor
transition (provided that the oil flow rate does not change dramatically before and after
transition). Gardner [55] saw that LTT is accompanied by a sharp increase of the slope of
the oil drain temperature as a function of speed. Here, this method will be abbreviated to
ODT (oil discharge temperature). Unfortunately, while measurements of the oil discharge
temperature are frequently made, they are rarely reported. When they are reported, there
is still some uncertainty on the definition of oil drain temperature. Some authors may
measure it right after the oil has exited the bearing, while others may monitor it later down
the drain (see, for instance, [81]). The effect should be more evident when the thermocouple
is nearest to the bearing.

Another common method of observation of the LTT is the abrupt increase of the slope
of power loss as a function of speed (Figure 8). Here, this method shall be called PLI (power
loss increase).

70
60
50
40 r =

30 g -~ )9— Experiment

Power Loss [HP]
\

20 - = = = Laminar Theory

10 o

4000 9000 14,000 19,000
Rpm

Figure 8. Power loss as a function of journal angular speed, at 0.20 MPa. Experimental points and
prediction from laminar theory. Data from [71], configuration E1. Measurements were taken after a
sufficiently long stabilization time.

Figure 8 reports data from Edney [71]. A sudden discontinuity in the slope of power
loss is visible at about 13,000 rpm. Figure 8 also reports the results of Edney’s laminar
theory simulation showing that the experimental sudden increase in power loss cannot be
explained through the laminar theory. This effect has been confirmed by many researchers
(see Table 3) and it is detrimental to the performance of the bearing. Unfortunately, there is
no easy way to get rid of this effect. It has been pointed out that using direct lubrication
instead of flooded lubrication will help to decrease power loss [68]. Schiiler and Berner [65]
tried to keep the benefits of turbulent cooling, while limiting the unwanted PLI. Their
strategy was to selectively induce turbulence in a limited region of the pad by eddy grooves.

The increase in power loss is due to the more dissipative nature of turbulent flow. From
the classical theories it can be rationalized that an increase in the effective viscosity will
cause an increase of power loss. It remains an open question whether the increase in eddy
viscosity can be successfully countered by increasing the lubricant supply temperature
above turbulent transition, and if it is convenient to do so.

Lastly, for the sake of completeness, some additional, albeit uncommon, methods to
determine LTT are reported here. These observations were made by very few researchers
and thus cannot be considered to be as compelling as the previously described methods.
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Simmons and Dixon [69] reported turbulence by PMT. In addition, they reported a
decrease of the standard deviation of the temperature at the leading edge of different pads
(Figure 9).
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Journal surface speed [m/s]

Figure 9. Leading edge pad temperature as a function of journal surface speed for a five-pad TPJB, at
2.76 MPa. The load is on pad #3. The pads are ordered following the shaft rotation. A sudden drop in
the standard deviation can be seen above 80 m/s. Data from [69], configuration #1.

This is attributed, again, to the increase in thermal exchange favored by turbulence
with the shaft or the housing. The hypothesis of an increased thermal exchange between
consecutive pads can be discarded since the trailing edges of the pads had different temper-
atures. For the sake of brevity, this method is referred to as PITV (pad inlet temperature
variance). In Figure 9, the transition speed according to this method is approximately
84 m/s.

Ciulli et al. [74] observed turbulence by PMT. Moreover, they reported a sudden
horizontal shift in the position of the journal center, at 4000 rpm, while the bearing was
vertically loaded. While this cannot be easily explained, indeed LTT might induce a sudden
change in the properties of the hydrodynamic film.

Fréne [82] reported LTT by a cuspid in the graph of the mean film thickness as a
function of load, at constant speed. While the experiment was on a tilting pad thrust
bearing, this kind of graph may be considered by future researchers to provide additional
evidence in experiments.

3.3. Effects of Parameters on Turbulent Transition

Some authors have investigated experimentally the effects of different parameters on
the occurrence of turbulence such as bearing size, load, lubrication type and flow rate, and
the presence of grooves.

Increasing load (that is, increasing eccentricity) tends to increase transition speed, as
reported in [69,70] and as shown in Figure 5. While most authors perform experiments by
sweeping the shaft speed at a constant load, in [8] LTT was observed by PMT at constant
shaft speed by decreasing the load.

Contrasting results are instead reported on the effect of the oil flow rate. A decrease of
the oil flow rate caused an increase of the transition speed in [71], while the opposite trend
was observed in [70]. Hagemann and Schwarze [47] used several flow rates in order to
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vary lubrication conditions, from fully flooded to partially starved. They reported a range
of transition speeds, depending on the operating conditions, observed by PMT.

Simmons and Dixon [69] compared an LBP and an LOP configuration and observed a
lower transition speed in the LBP configuration by PMT.

Edney [71] made a systematic study on the effect of various parameters on the
pad temperature. The transition speed was variable depending on the configuration
tested. It fell between 9000 and 13,000 rpm for the larger 127 mm bearing, and between
14,000 and 16,000 rpm for the smaller 102 mm bearing. An increase of the transition speed
with lower clearances was detected, while the bearing length had no measurable influence
on the transition speed.

In Ferraro et al. [73] and in Ciulli et al. [74], transition was visible in the flooded
configuration at 4000 rpm, but not in the directly lubricated one. This seems to suggest
that, in this case, turbulent cooling was prevalent in the secondary flow, rather than in the
hydrodynamic film.

Schiiler and Berner [65] compared the conventional TPJB to a grooved pad. Grooves
were carved toward the trailing edge. While the grooved configurations obtained consis-
tently lower pad temperatures across the observed speed range, no difference in power
loss was found between the two configurations. They argued that turbulent flow is locally
induced by the grooves, helping turbulent cooling where needed. However, in the up-
stream portion of the pads, the flow is still laminar. Since only a small portion of the flow
is turbulent, the effect on the overall power loss is negligible. An alternative explanation
is that the grooves increase the surface contact area between the fluid and the pad, thus
increasing the thermal exchange between them.

3.4. Some Objections to the Evidence of Turbulent Transition in the Hydrodynamic Film

While the evidence of LTT provided by direct methods is conclusive, some researchers
have speculated that the effects exploited by indirect methods may have different causes not
related to turbulence. The authors agree that there is the possibility of incorrectly interpret-
ing the results when only one of the indirect methods is used as evidence. However, if more
independent methods of detecting turbulence are considered together (for instance, PMT
and PLI), the possibility of getting a “false positive” is considerably reduced. Moreover, the
effects ascribed to turbulence are physically justified. Any alternative explanation should
also be physically justified.

Simmons and Dixon [69] assumed that turbulence in TP]Bs occurs primarily in the
secondary flow rather than in the hydrodynamic film. The secondary flow consists of the
flow around the pads, the flow between the pads and the flow on the back of the pads. The
secondary flow is a feature of TPJBs—it is not present in plain bearings. The hypothesis of
Simmons and Dixon is worth investigating and could be ruled out by direct observations,
which might be technologically challenging, or by probing the difference between direct
and flooded lubrication.

De Choudhury and Masters [56] observed a reduction of the pad maximum tem-
perature. They proposed an explanation alternative to turbulence with the shift of the
point of maximum temperature along the pad, lowering the temperature measured by the
thermocouple. This hypothesis can be ruled out by monitoring the whole pad temperature
field (as, for instance, in [8]).

Stottrop et al. [68] observed a reduction of the shaft maximum temperature at about
2000 rpm in a 500 mm diameter TPJB. They tested the TPJB both in flooded and direct
lubrication. The temperature drop was visible only in the DL configuration. They attributed
the reduction of temperature to the onset of insufficient lubrication of the unloaded pads.

3.5. Analysis of Transitional Reynolds Number

An attempt to evaluate the Reynolds number at turbulent transition has been made
for the articles reported in Table 2. The lubricant used for all tests reported was ISO VG
32 oil. Unfortunately, very few results are available regarding film thickness and viscosity
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inside the meatus. For this reason, it was not possible to utilize the local Reynolds number
Rey,. Therefore, the works in Table 2 were compared using the average circumferential
Reynolds number Re. defined in Equation (1). The value of viscosity of the oil is greatly
affected by the oil temperature (see Equation (4)). Amongst the possible variables, it can be
seen that Re. has the greatest sensitivity to the lubricant temperature. Previous works have
sometimes utilized the oil discharge temperature to calculate Re. [55]. Unfortunately, very
few authors reported the oil discharge temperature; however, most of the authors reported
the oil supply temperature. The difference between the mean temperature of the film and
the oil supply temperature can range from a few degrees up to 30 °C, depending on the
bearing geometry, the load, the oil supply rate, and the pad and shaft temperatures. Since
it may be hazardous to estimate the increase in temperature in the many different cases,
the oil supply temperature was taken as a reference for Re.. When inlet kinematic viscosity
was not directly given in the papers, it was calculated using Walther’s formula:

loglog(v+0.7) = a—blogT 4)

with v in mm?2/s and T in K. The two constants (2=9.5778, b = 3.7657) in the right-hand side
were evaluated based on data available for mineral oils ISO VG 32 with Viscosity Index 100
(since no information was given about the viscosity grade of the oils employed by different
authors). When more values for the terms in Equation (1) are reported in Table 2, it means
that a range for the critical Reynolds number was calculated. If there is a range of possible
transition speeds, the maximum was chosen.

There is a remarkable dispersion in the results. Indeed, the bearings have different
features which may play a role in the experimental results. Moreover, the average Reynolds
number was employed instead of the local Reynolds number. More than 80% of the values
in Table 2 for the transitional Reynolds number are in the range of 250-850. The remaining
values (less than 20%) are in the range of 850-1430. The majority of the values underestimate
those suggested in the literature for plain bearings (1000 [4]). However, this is expected,
since the oil supply temperature was considered. Since the mean temperature in the meatus
is higher than the oil supply temperature, the local Reynolds number should be higher
and closer to the values from the literature. It can be concluded that by calculating the
Reynolds number with the oil supply temperature values, the LTT transition in a TP]B can
be expected within Re. values of 550 + 300. However, a more precise evaluation would
require the knowledge of the local Reynolds number.

4. Conclusions and Future Developments

In this work, the authors reviewed the published literature on turbulence effects in
tilting pad journal bearings. The topic is vast and spans many decades. The scope of this
review was limited to tilting pad journal bearings since turbulence phenomenology can
be much bearing specific. Particular attention was given to recent papers not covered
by previous literature reviews. After a brief introduction of the matter, numerical and
experimental contributions were reviewed and extensively discussed. The main results are
summarized here:

e Turbulent flow in thin films can be approximately described as laminar flow, with
an effective anisotropic non-homogeneous viscosity and an effective anisotropic non-
homogeneous thermal conductivity.

e  Turbulent flow in TP]Bs generally gives more load capacity, more power loss, higher
stiffness coefficients, and higher thermal exchange between the fluid and the surfaces
in contact.

e A desirable effect of turbulence is the decrease of the loaded pads highest temperature,
while an undesirable one is the increase in power loss. Some of the latest research
efforts aim to exploit the first while avoiding or limiting the latter.

e At present, 10° grid points for the hydrodynamic film are considered enough in
turbulent TEHL or THL simulations, distributed mostly along the circumferential



Lubricants 2022, 10, 171

19 of 23

direction or across the film thickness. This number can be reduced by one or two
orders of magnitudes for turbulent HL simulations.

In a turbulent THL simulation, if the number of points across the film thickness is
much lower than 100, extra attention should be put on the convergence of the solution.
For CFD simulations, most authors employ the RANS framework and simulate a
portion of the bearing, i.e., the hydrodynamic film of a single pad, or the secondary
flow between pads. Currently, one of the most used models is the SST turbulence
model. In a RANS CFD simulation, 10° grid points are considered enough for the
hydrodynamic film of a single pad.

The field of turbulence modelling is rich and in continuous evolution. In the future,
larger domains and different turbulence models are expected to be employed.

Some numerical works compare their calculations on experimental works which are
a few decades old. Future CFD and TEHL numerical researchers are suggested to
consider benchmarking their calculations against more recent experimental works
with, for instance, refined spatial measurement resolution of fluid film properties [66],
or confidence intervals to the measurements [83].

In most experiments reported here, LTT occurs in TPJBs at Reynolds number of
550 £ 300, provided that the Reynolds number is calculated with the oil sup-
ply temperature. More precise predictions would require knowledge of the local
Reynolds number.

Experimental works which aim to detect LTT should report as much independent
evidence as possible by considering the different methods reported in this work,
keeping in mind that indirect evidence is a sufficient but not a necessary condition for
turbulent flow.

Finally, some future research directions are provided:

There is a need for advanced experimental techniques to monitor velocity and tem-
perature in ~ 10 um thick, oil-lubricated films to provide valuable data for numerical
studies, detect LTT and validate experimental indirect transition methods.

There is a need for experiments with a denser number of rpm points in the proximity
of LTT.

The papers published in the literature should be provided with sufficient design details
and material properties to allow other researchers to use them for comparison and
model validation.

The mixed lubrication performance of tilting pad journal bearings in a turbulent state
may be investigated in case the bearing is heavily loaded or subjected to impact loads.
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Abbreviations

The following abbreviations are used in this manuscript:

B&S
CFD
DL
EC

Ball and socket
Computational fluid dynamics
Direct lubrication

Elliptical contact

FDM Finite difference method

FEM
FL
FP

Finite element method
Flooded lubrication
Flexural pivot
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FVM Finite volume method

HL Hydrodynamic lubrication
LBP Load between pads

LDA Laser doppler anemometry
LEG Leading edge groove

LOP Load on pads

LTT Laminar-to-turbulent transition
ODT Oil discharge temperature

PITV Pad inlet temperature variance
PLI Power loss increase

PMT Pad maximum temperature
RANS  Reynolds-averaged Navier-Stokes
RB Rocker back

RMS Root mean square

SMT Shaft maximum temperature

SST Shear stress transport

TEG Trailing edge groove

TEHL  Thermo-elasto-hydrodynamic lubrication
THL Thermo-hydrodynamic lubrication

TPJB Tilting pad journal bearing

Nomenclature
The following nomenclature is used in this manuscript:
h Film thickness
kx, ky Turbulent coefficients
p Pressure
rpm Rounds per minute
C Radial clearance
D Nominal diameter
L Axial length
Rey, Average circumferential Reynolds number
Rey, Local Reynolds number
Rer, Critical Reynolds number for Taylor
. vortices
RO Pad arc length
U Journal surface speed
v Dynamic viscosity
v Kinematic viscosity
(@) Shaft angular speed
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