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Abstract: Aiming to explore the influence of nozzle layouts on the lubrication and cooling perfor-
mance of spur gears under oil jet lubrication conditions, this paper introduces a heat-flow coupled
analysis method to predict the temperature field of the tooth surface with different nozzle layouts.
Firstly, the friction heat formulas integrating the coefficient of friction and average contact stress are
presented for calculating heat generation. We also present the impingement depth model, which
considers the nozzle orientation parameters, jet velocity, and gear structure of the given spur gear
pair for laying out the nozzle. Then, a heat-flow coupled finite element analysis method is exploited
to resemble the jet lubrication process and gain the gear temperature characteristics. Finally, the
numerical results of this model compare well with those of the experiments, showing that this heat-
flow coupled model provides accurate temperature prediction, indicating that the nozzle layouts
determined as a function of the oil jet height, deviation distance, and oil injection angle significantly
influence the lubrication and cooling performance. Further, this study also reveals that the lubrication
performance in cases where the nozzle approaches the side of the pinion is relatively superior.

Keywords: spur gear pairs; jet lubrication; nozzle layout; heat-flow coupled analysis

1. Introduction

Service life and efficiency are critical requirements for the gearing system in the
aeronautic and automobile industries. Spur gears are the most common and important
reduction gears in an aero-engines’ main reducer. Suffering from complex working con-
ditions, high-speed and heavy-duty spur gears always generate huge mechanical power
losses; these losses are converted into considerable amounts of heat and cause an excessive
temperature rise. As known to all, excessive temperatures are more likely to lead to scuffing
failure [1,2]. Generally speaking, oil jet lubrication is a practical and effective method to
reduce the failure risk and prolong the viability of the gearing system [3–6]. Based on the
heat-flow coupled analysis method, a better nozzle layout is the prerequisite to achieving
better lubrication performance, as evaluated by the temperature distribution characteristics.

The development of gear elastohydrodynamic lubrication models to investigate the tri-
bology process on the tooth surface has recently become mainstream. Normally, the models
incorporate the Reynolds equation for determining the pressure distribution and the elastic
deformation equation based on the elastic half-space theory. Dowson and Higginson [7]
first investigated the line of isothermal elastohydrodynamic contacts. Incorporating differ-
ent rheological behaviors, Yang and Wen [8] expanded the generalized Reynolds equation
that concerned non-Newtonian fluid performance and the thermal effect on fluid properties
and used it for studying the effect on film and pressure distributions. However, the studies
mentioned above ignored the action of the gear surface’s roughness; the results given
in [9,10] considered surface asperities, and the asperities were replaced with the specified
statistical models. Likewise, a model was developed for processing the gear contacts under
mixed friction conditions [11]. By incorporating the two-dimensional roughness of the
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contact surfaces based on real-measured data and leveraging an empirical load-sharing
formula, this model could calculate the pressure distributions of the spur gears. Apart
from two-dimensional contacts, various numerical solutions are more concerned with
three dimensions for ascertaining the impact of tooth width, including crowning, chamfer-
ing, and filleting; some relevant studies [12–14] reagrding line contacts are available. By
leveraging the multigrid method, Venner [15] accelerated the convergence process of the
elastohydrodynamic contacts.

In terms of temperature distributions on the tooth surface, heat transfer is the prereq-
uisite for a dependable analysis. Convective heat exchange occurs between lubricating oil,
surrounding air, and solid gears. Considerable amounts of frictional heat are transferred
by lubricating oil to push the gear to achieve a heat balance with the surroundings in the
event of an excessive temperature, and thus heat convection of the meshing area is also
closely related to lubricating oil [16–18]. Previous thermal elastohydrodynamic lubrication
studies were limited to the distribution of temperature gradients in local contact areas.
Nevertheless, the finite element method is a more efficient means of dealing with various
heat exchanges. To explore these and more, earlier studies focused on the bulk and transient
temperature fields for spur gears [19], for spiral bevel gears [20]. Following that, subsequent
research continued to investigate temperature distributions of a variety of gears [21–23].
Meanwhile, the heat flux, heat exchange, gear geometry parameters, etc., have been consid-
ered. More than that, Zhang et al. [24] predicted the bulk temperature assuming that the
heat flux in a period of rotation is continuous with the aid of the EHL method.

Lubrication performance is strongly affected by the nozzle layouts under oil jet lubrica-
tion; therefore, a novel gear impingement depth mathematical model has been introduced
to determine the oil nozzle layouts [25–27]. The rapid development of computational
fluid dynamics (CFD) technology has allowed for its used as an effective tool for the deep
understanding of real practical engineering problems [28–30]. Subsequently, to verify the
mathematical model, a computational fluid dynamics model was established and applied
to simulate the injection process with the aim of assessing the lubrication performance [31].
The results showed that the oil-air ratio and total pressure in the meshing region are sig-
nificantly positively related to the impingement depth. Other researchers [5,6] have come
up with similar results validating through experiments that the nozzle location affects the
oil-air ratio and total pressure. On this basis, the complex impingement depth model is
extended for the face gear and spiral bevel gear [32–34]. However, the aforementioned
literature determined the nozzle layouts judged by the oil-air ratio and total pressure which
are hard to measure directly through an indirect method.

The following paper presents an alternative numerical method combining the gear
elastohydrodynamic lubrication method with the heat-flow coupled FEM to resemble the
rotation of the spur gears under jet lubrication. Firstly, the generated frictional heat is
captured by calculating the friction coefficient with the EHL model and then determining
the contact stress and sliding velocity through a tooth surface contact analysis. Meanwhile,
an impingement depth model for spur gear is also given; it integrates oil jet height, deviation
distance, oil injection angle, and gear parameters. Finally, by leveraging the FEM analysis,
the heat-flow coupling analysis method is developed to predict the temperature distribution
characteristics of spur gears under different nozzle layouts, and the numerical results are
compared with the corresponding impingement depths and experimental findings.

2. Analytical Model
2.1. Kinematics Analysis

By definition, the pinion and gear share an arbitrary contact point, which is the
common tangent of the base circles (see Figure 1). The meshing process is from point A
to point B, where A (B) denotes the cross point of the outside circle of the gear (pinion)
with the contact path. The parameter sy0 is introduced to define the meshing location from
point A (Figure 1).
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Figure 1. The meshing of a gear pair. 
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Figure 1. The meshing of a gear pair.

The kinematic parameters of meshing points for the involute gears can be expressed as:

sP =
√
(d2

a1 − d2
b1)/4 − d1 sin α

2

sB − sP =
√
(d2

a2 − d2
b2)/4 − d2 sin α

2

R1 = 1
2 d1 sin α + (sP − s)

R2 = 1
2 d2 sin α − (sP − s)

R = R1R2
R1+R2

u1,2 = ω1,2 × R1,2
us = u1 − u2
ue = (u1 + u2)/2
δ = us/ue = 2(u1 − u2)/(u1 + u2)

(1)

where da1 and da2, respectively, denote the outside diameter of the pinion and gear, db1 and
db2, respectively, denote the base diameter of the pinion and gear, d1 and d2, respectively,
denote the pitch diameter of the pinion and gear, and α represents the pressure angle.
R1 and R2, respectively, denote the curvature radius of the pinion and gear, and R is the
synthetic curvature radius. u1 and u2, respectively, denote the speed of the pinion and
gear at the arbitrary contact point, and ω1 and ω2, respectively, denote the angular speed
of the pinion and gear at the arbitrary contact point. us and ue, respectively, denote the
relative sliding velocity and entrainment velocity, and δ denotes the slide–rolling ratio at
an arbitrary meshing point. The subscripts A, B, and P represent the location of the contact
point on the contact path.
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The normal load Fn and maximum equivalent Hertzian contact stress σH at the contact
point can be calculated as follows:

Fn = Kz1T2
rcz2L cos α

σH =
(

FnE
2πR

)0.5

b =
√

8FnR
πE

(2)

where K denotes the load-distributing factor between teeth. E (2/E =
[(

1 − ν2
1
)
/E1+(

1 − ν2
2
)
/E2

]
) represents the equivalent elastic modulus. L is the active contact length and

b is the half-width of Hertzian contact.

2.2. Elastohydrodynamics

Given that there is no great change in temperature under the light load and low-speed
conditions in this paper, the thermal effect of lubricating oil is not considered. For EHL
lubrication conditions, the following basic equations need to be solved:

Reynolds equation:

d
dx

(
ρh3

η

dp
dx

)
= 12ue

d(ρh)
dx

+ 12ρ
∂h
∂t

(3)

where p denotes the oil film pressure, ρ and η are the oil density and viscosity, respectively.
Considering the gear profile and surface roughness, the film thickness equation is

as follows:

h(x) = h0 +
x2

2R
+ δy1(x) + δy2(x) + v(x) (4)

where h0 denotes central oil film thickness. ∆y1(x) and δy2(x) represent the roughness height.
Weierstrass-Mandelbort function (i.e., W-M function) is adopted to simulate the variety of
the roughness [10]. V (x) is the elastic deformation and can be determined by

v(x) = − 2
πE

∫ se

s0

p(s) ln (s − x)2ds (5)

The oil viscosity and density equations which are assumed to be functions of pressure
are respectively expressed as:

η = η0 exp
{
(ln η0 + 9.67)

[(
1 +

p
p0

)z
− 1
]}

(6)

and

ρ = ρ0

[
1 +

0.6 × 10−9 p
1 + 1.7 × 10−9 p

]
(7)

where η0 is viscosity (at p = 0, T = 30 ◦C). p0 is the pressure coeffcient (in this paper,
p0 = 1.96 × 108). z is the pressure-viscosity coefficient (in this paper, z = 0.68).

Force equilibrium equation:

w =
∫ xe

x0

p(x)dxp(x) =
{

ph h > ε
Pa h ≤ ε

(8)

where w is the normal load applied per unit length. ph and pa, respectively, denote the
hydrodynamic pressure and the asperity pressure. ε denotes the local critical oil film
thickness; in this study ε = 10 nm. Readers are referred to the pertinent literature about the
detailed calculation instructions for this mixed EHL lubrication [35].
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2.3. Friction Coefficient and Heat Generation

The mixed friction heat is generated from the shear of hydrodynamic lubrication
and asperity contact. Considering the non-Newton characteristics [36], the shear stress of
hydrodynamic lubrication τh of a can be determined by:

.
γ =

.
τ

G∞
− τL

η
ln
(

1 − τh
τL

)
(9)

where τL and G∞, respectively, denote the limiting shear stress and shear elastic modulus.
The boundary friction τa of asperity contact can be expressed as:

τa(x) = fc × pa(x) (10)

where the asperity friction coefficient fc is closely related to the roughness and simplified as
a constant in the range of 0.07–0.15 [37,38]; in this study, fc = 0.15. Hence, the friction Ff and
the friction coefficient fmix are commonly written as:

Ff =
∫ xe

x0

τ(x)dx τ =

{
τh h > ε

τa 0 < h 6 ε
(11)

and

fmix =
Ff

w
(12)

The friction power loss Q, which would convert to friction heat, can be expressed as:

Q = fmix × w × us (13)

Generally, the heat distributions on the pinion face and gear face are different. By
introducing a heat distribution coefficient, β, the heat flux density, qi is written as:

qi = β × fmix × Pi × us (14)

For the bulk temperature field analysis, the transient process of friction heat generation
can be regarded as a steady process during a rotation period.{

q1avc =
bn1

30U1
q1

q2avc =
bn2

30U2
q2

(15)

2.4. Heat Exchange

Heat convection is a very serious message to predict the bulk and flash temperature
behavior of the gear. Here, a single-tooth model is used to investigate the convection heat
transfer process with lubricating oil and the surrounding air. The boundary conditions for
the tooth, including the end face, meshing, and other faces are shown in Figure 2.

(1) The meshing face

In general, convectional heat flow between the meshing face and the surrounding
fluid is forced convection; hence, the corresponding convective heat transfer coefficient hm
is calculated as [39]:

hm = 0.228Rem
0.731Prm

0.333 λm

d
(16)

where the Reynolds number Rem = ωrl
2/υoil and rl represent the turning radius. The

Prandtl number Pr = ρυoilcp/λ [40], and cp are the specific heat capacities of the lubricant.
λm is the thermal conductivity of the lubricant.
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(2) The end faces

The end faces always convect with the surrounding air, therefore, the corresponding
convective heat transfer coefficient he of the laminar flow is given as [21,38]:

he = 0.308λair(m + 2)0.5Pr0.5
e

(
ω

νair

)0.5
(17)
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Figure 2. Boundary conditions of a single tooth model.

(3) Other faces

The convective heat transfer coefficients of other faces are assumed to be consistent [21,38].
To facilitate calculation, they are typically 1/3–1/2 he.

2.5. Temperature Prediction

The temperature behaviors of the tooth are individually simulated by leveraging
ANSYS. The time-averaged heat flux qi and boundary conditions of convection heat ex-
change in Section 2.4 are applied on the meshing face of the single tooth to predict the bulk
temperature. As for transient temperature, the transient heat flux is continuously loaded
on the single tooth by discretizing each meshing contact into N steps based on the average
value of the steady temperature field as the initial, as shown in Figure 3.
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3. Oil Jet Layout
3.1. Impingement Depth

In the aero-engine industry, determining the layout of oil jet nozzles for lubricating
and cooling the gear pair is often deeply dependent on the engineer’s experience and it is
difficult to achieve an ideal lubrication performance. Akin et al. [24–26] are the pioneers that
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introduced the impingement depth dp to study the performance of different lubrications
(defined as shown in Figure 4a). A positive relationship between the impact depth and
lubrication performance has been proved [41]. As illustrated in Figure 1a, the layout of
the nozzle can be fixed by the oil jet height H, deviation distance L, offset distance S, and
injection angle β.
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According to Wang et al. [41], the pinion impingement depth can be calculated by:
dp = z1m

2 + m −
√
((r − S + Ri · tan β) · cos β)2 + L2

p

Lp =
(R2

o−R2
S)

1
2

cos β − Vj(θp2−θp1)
wp

− (r − S + Ri. tan β). sin β
(18)
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where the subscripts p represents the pinion. θp1 is the initial angle (see Figure 4b); θp2 is
the angular position as the pinion is rotated t s (see Figure 4c); Ro, and R are the outside
radius and pitch radius of the gear, respectively. Ri is the normal offset, and Rs = R + S.

3.2. Finite Element Model

At present, the generating heat cannot be added to the interface in ANSYS. In this
study, the transient temperature distribution has three components: a transient temperature
field module, a flow field module, and a heat-flow bidirectional coupling module (see
Figure 5). The transient temperature field realizes the heat generation and conduction
towards the gear body, and the flow field analysis is the oil jet lubrication realization
process. The heat-flow coupling process is mainly used to transmit real-time data between
the transient temperature and flow field.
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Following that, this paper presents in brief the appropriate models established for the
transient temperature and flow field analysis:

(1) Temperature field

The temperature field module is a framework for simulating the heat generation of the
tooth surface. Figure 6 shows the mesh model. The local mesh refinement approach for gear
surfaces is used after the grid independence test is made; the element size is 1.2 mm. The
average temperature obtained from the steady temperature analysis of a single gear tooth is
regarded as the initial temperature condition. Similar to Figure 3, the heat of sliding friction
is divided into consecutive steps and loaded on the surface according to the analysis in
Section 2.

(2) Fluid field

The flow field module is mainly for simulating the oil stream sprayed from the
nozzle to the gear surfaces. Similarly, based on the local mesh refinement and the grid
independence test, the CFD mesh model is depicted in Figure 7, in which the global grid
size is 0.006 m, the local grid size for gear surfaces, and the nozzle exit is 0.0006 m, and the
grid quality exceeds 0.32.
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(3) Boundary conditions

The VOF (the main phase is air, the second phase is oil) and RNG turbulence methods
are employed to address the oil-air two-phase flow. Energy equations are used, the y+ of all
simulations is between 30 and 50, and standard wall functions are exploited for near-wall
treatment. The material properties of the gear pair are the same as those listed in Section 2.1,
and the main properties of lubricating oil and air are listed in Tables 1 and 2. The nozzle
exit is set as the velocity inlet with a velocity of 5 m/s, the nozzle diameter is 2 mm, and
the outside surfaces of the fluid domain in Figure 7 are set as the pressure outlet. The
gear surfaces are regarded as the system coupling wall, and the dynamic mesh method
in ANSYS Fluent is used for simulating the gear rotation. The time step of the transient
temperature and flow field analysis is 1 × 10−5 s.
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Table 1. Thermophysical parameters of lubricating oil.

Temperature
(◦C)

Thermal Conductivity
Coefficient (W/m·◦C)

Specific Heat
(J/kg·◦C) Density (kg/m3)

Kinematic
Viscosity (mm2/s) Prandtl Number

50 0.152 1910 971.2 17.4 212.34
100 0.146 2070 970.4 5.00 68.79
158 0.139 2260 967.8 4.11 64.67

Table 2. Thermophysical parameters of air.

Temperature
(◦C)

Thermal Conductivity
Coefficient (W/m·◦C)

Specific Heat
(J/kg·◦C) Density (kg/m3)

Kinematic
Viscosity (mm2/s) Prandtl Number

20 2.59 1005 1.208 15.06 0.703
40 2.76 1005 1.128 16.96 0.699
60 2.90 1009 1.060 18.97 0.696
80 3.05 1009 1.000 21.09 0.692

4. Results and Discussion
4.1. Numerical Results Analysis

The geometrical and working condition parameters of spur gears in this paper are
listed in Table 3. Elasticity modulus and Poisson’s ratio of the pinion and gear are
E1 = E2 = 210 GPa and v1 = v2 = 0.3, respectively. The specific heat is 500 J/(kg·K), the
heat conductivity coefficient is 40 W/(m·K), the density is 7800 kg/m3, and the gear surface
roughness is 0.6 µm.

Table 3. Geometrical and working condition parameters of spur gears.

Parameter Value

Gear ratio z1/z2 24/42
Modulus m/(mm) 4

Tooth width B/(mm) 30
Rotation speed of pinion n1/(r/min) 1500

Output torque T/(Nm) 200

The change in curvature radius and velocity along the contact path are presented in
Figures 8 and 9, respectively. There is no gear modification for the involute spur gear pair. The
change rules for load sharing and contact stress are shown in Figures 10 and 11, respectively.

The Reynolds equation, integrated with the film thickness equation, is used to estimate
the Hertzian contact stress at the point of gear engagement on the area of tooth contact,
which is the main source of heat generation. The dimension of the oil-filled gap is about
0.2~0.4 µm. The entrainment velocity at the meshing point is roughly equivalent to the slit
wall motion velocities.

Finally, the distributions of average heat flux are depicted in Figure 12 through the
above Equations (10)–(16). It indicates that the heat flux distributions are more susceptible
to relative sliding velocity than the meshing force, in conjunction with Figures 9 and 10.
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4.2. Bulk Temperature

According to Section 2.4 and Tables 1 and 2, the convective heat transfer coefficients
of the meshing face and end face are confirmed as 3082.6 W/(m2·◦C), 626.6 W/(m2·◦C)
for the pinion and 2651.8 W/(m2·◦C), 472.7 W/(m2·◦C) for the gear, respectively. Together
with the average heat flux calculated in Section 2.3 (the main concern in this paper is the
frictional heat generated by sliding friction between meshing gears (i.e., the tangent of
the surface to the movement of the surface), while the rolling friction between meshing
surfaces, the friction caused by gear deformation, and other heat generation caused by
churning or windage behaviors on other faces can be ignored), the bulk temperature
distribution characteristics on the single tooth are determined as shown in Figure 13. The
temperature ranges from 75.3 ◦C to 77.3 ◦C for the pinion and from 72.3 ◦C to 74.8 ◦C
for the gear. The high-temperature part is on the meshing face, close to the root for the
pinion, and close to the addendum for the gear. Besides, the sub-high temperature area
appears on the addendum for the pinion and on the root for the gear. This is because
the maximum sliding velocity and heat flux occur in these regions. To be more specific,
combining Figures 9 and 11, the largest relative sliding velocity occurs near the root and
addendum of the gears, while the relative sliding velocity is approximately zero at the
pitch radius. The maximum Hertzian contact stress is near the pitch radius. Hence, the
largest heat generation occurs near the root of the pinion, the addendum of the gear. It is



Lubricants 2023, 11, 25 13 of 20

noticed that the convective heat transfer coefficients of the meshing face for the pinion are
greater than those of the gear. These factors contribute to this temperature distribution.
Additionally, the peak value on the pinion is higher than that on the gear; this suggests that
the pinion temperature should be a major priority on the premise that the gear pair has the
same materials.
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4.3. Transient Temperature

The impingement depth of the pinion and the gear of different layouts are determined
according to the impingement depth in Section 3.1 and listed in Table 4. According to the
nozzle parameters shown in Table 4 and the thermal analysis method in Section 3.2, the
transient temperature distribution characteristics of the gear pair with different layouts un-
der out-of-mesh conditions are obtained, as shown in Figure 13. The negative temperature
values are due to the environmental temperature of zero degrees centigrade. When the
nozzle is close to the pinion (see Figure 14a,b), the lubricating oil quantity in the meshing
region is relatively large, and the tooth in the meshing zone experiences a low temperature,
as shown in Figure 15a,b. As a result of more lubricating oil entering the meshing region,
the tooth surface is well-lubricated and cooled. As can be seen in Figure 15b, light colors of
the tooth surface in the meshing region are the most widely distributed, and the tempera-
ture is comparatively low. Meanwhile, when the nozzle is close to the pinion with a small
oil injection angle as listed in Table 4 (see Figure 15b), the extreme on the tooth surface is
lower than others, indicating that in this nozzle configuration, the lubrication and cooling
performance is best.

Table 4. Theoretical values of impingement depth.

Group Oil Jet Height H (mm) Deviation
Distance L (mm)

Oil Injection
Angle β (◦)

Impingement Depth
of Pinion (mm)

Impingement
Depth of Gear (mm)

1 100 1.2 0 0.92198 0.29226
2 100 8.2 5 1.1768 0
3 100 0 0 0 1.2836

4.4. Verification of Models

Aiming to validate the applicability and feasibility of the impact depth model and
the numerical analysis method for predicting the transient gear temperature field under
oil jet lubrication, our group [32] has performed the corresponding experiments as shown
in Table 4, and the main gear geometry parameters are listed in Table 1. The specific test
bench (see Figure 16), mainly comprises a spur gearbox connected with the driving and
loading motors and equipped with a nozzle adjustment device.
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Figure 17 illustrates the lubricating oil injection phenomenon with a high-speed
camera. Besides, the tooth surface temperature was captured via a thermal infrared imager,
as shown in Table 4. The captured infrared thermography for Group 2 in Table 4 is depicted
in Figure 18.
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Figure 18. Thermography using a thermal infrared imager for Group 2 in Table 2: (a) Pinion;
(b) Gear [32].

Additionally, the experimental tooth surface temperatures are compared with the
numerical transient temperatures corresponding to the theoretical impact depths (see
Table 5). Along with the increase of the theoretical impingement depth value there is a
decrease in the extreme temperature. When the depth reaches 1.1768 mm, the extreme
temperature drops to 77.1 ◦C (experimental) and 69.737 ◦C (numerical), respectively. The
relative errors of extreme temperatures are 9.22%, 10.02%, and 9.21%. This indicates that
this method will effectively predict and disclose the temperature field characteristics of the
tooth surface. Meanwhile, it also reveals that theoretical impingement depth is an effective
measure for evaluating the lubrication and cooling performance.

Table 5. Temperatures corresponding to the theoretical impingement depths.

Group Impingement Depth of
Pinion (mm)

Experimental Maximum
Pinion Temperature (◦C)

Numerical Maximum Pinion
Temperature (◦C)

1 0.92198 81.4 73.892
2 1.1768 77.1 69.373
3 0 84.7 76.896

As shown, along with the theoretical impingement depth increasing, the experimental
and numerical temperatures reduce, which means better lubrication performance and
cooling characteristics are obtained. It is indicated that the numerical method is an effective
tool to predict the gear temperature, and the impact depth model can be used to evaluate
the oil jet lubrication. It is also evident that the impact depth model can be adopted as an
effective tool to estimate lubrication and cooling performance. Lubrication and cooling
performance is positively related to the impact depth. Following Wang et al. [41], some
suggestions for nozzle layouts for spur gears design can be concluded:

(a) For a gear ratio of 1:1, the deviation distance L and oil injection angle β are recom-
mended to be zero. The impact depth increases with an increase in the ratio of the oil
jet velocity to the pitch-line velocity, but the speed at which the impact depth changes
decreases gradually.

(b) For a gear ratio larger than 1:1, if the deviation distance L and oil injection angle β
are equal to zero, the impact depth of the pinion gradually decreases to zero. Due
to the unbiased and inclined nozzle, as the gear ratio increases to a certain value,
the impact of the lubricating oil on the tooth of the gear begins to be blocked by its
previous tooth. In this case, the lubricating oil jet is completely covered by the gear,
and the pinion cannot be sprayed by the lubricating oil. Hence, the impact depth of
the pinion decreases to zero. Therefore, to ensure the impact depth of the pinion, the
deviation distance L and oil injection angle β of the nozzle towards the pinion should
be increased with an appropriate increase in the gear ratio, as depicted in Group 3.
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However, it should be pointed out that this paper mainly presents a heat-flow coupled
analysis method to predict the transient temperature characteristics of spur gears under
different nozzle layouts. The desired quantified formulas for the gear design for nozzle
layouts cannot be obtained. Firstly, the definite quantified formulas regarding the optimal
nozzle location cannot be elucidated because of the small number of included trials in this
paper. Secondly, the nozzle layouts are related to many factors, such as the ratio of oil jet
velocity to pitch-line velocity and gear ratio, especially for high-speed conditions where
the oil jet flow is influenced by the high-speed air swirl flow. Lastly, the nozzle is limited
by the space and shape of the gearbox casing. Therefore, the heat-flow coupled analysis
method proposed in this paper is limited to this specific gear design.

5. Conclusions

This paper mainly introduces a heat-flow-coupled analysis method to predict the
transient temperature characteristics of spur gears under jet lubrication with different
nozzle layouts. Some conclusions are as follows:

(1) The transient temperature for spur gears is modeled based on the mixed EHL model
and load contact method, and the differences indicate that the impingement depth
is closely related to the nozzle layouts. Specifically, the oil jet height H, deviation
distance L, and oil injection angle β have enormous influences on the temperature
distribution. Furthermore, it reveals that the greater the impact depth, the lower the
transient temperature, and the better the lubrication performance.

(2) When the oil nozzle approaches the side of the pinion (deviation distance L > 0, oil
injection angle β > 0, e.g., Group 2 in Table 4), the maximum temperature on the
gear tooth is lower, which means better lubrication performance. The numerical
method can simulate the temperature distribution characteristics of a spur gear pair
and provide some recommendations for the design and installation of the nozzle.

(3) Comparisons of the maximum temperature on the gear tooth with the corresponding
impingement depth and experimental results indicate that the numerical method on
the transient temperature field is accurate and reliable.

Although the EHL method exploited in this paper is outmoded, it has been proven to
be valid and reliable. In future work, the latest thermal EHL method integrating with the
toughness model based on an ultra-depth three-dimensional microscope will be introduced
for further validation of the numerical investigation method and predicting the temperature
distribution with different nozzle layouts.
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