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Abstract: The critical speed is a crucial factor that impacts the stability of high-speed compressors.
However, limited research has simultaneously considered the influence of gas foil bearings (GFBs),
labyrinth seals, and impellers on critical speed. In this study, we develop a rotordynamic model that
incorporates the aerodynamic forces of GFBs, labyrinth seals, and impellers to explore the effects
of each component on the critical speed. To validate the developed model, experimental tests are
conducted on a centrifugal compressor test bed, and the results exhibit a high level of agreement with
the model calculations. By comparing the model calculations that include different components, we
comprehensively analyze the influence of each component on the critical speed. The findings reveal
that, for centrifugal compressors used in fuel cell vehicles, the rotordynamic coefficients resulting
from GFBs are significantly larger than those resulting from impellers and labyrinth seals. Thus,
it is reasonable to disregard the aerodynamic forces caused by impellers and labyrinth seals when
calculating the critical speed. Furthermore, substituting rigid gas bearings for GFBs as a means to
simplify the calculations has only a very slight impact on the results. This study aims to optimize
the design process of centrifugal compressors for fuel cell vehicles and offers valuable insights for
designing compressors of similar sizes.
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1. Introduction

In recent years, high-speed centrifugal compressors have garnered significant attention,
benefiting from the rapid development of fuel cell vehicles. Centrifugal compressors for
fuel cell vehicles have a number of characteristics: they are electrically driven, two-stage,
and oil-free, with power ranging from 5 to 50 kW and speeds of tens to hundreds of
thousands of revolutions per minute [1–6]. Their primary function is to supply clean,
high-pressure gas to the fuel cell. Due to the constraints of size and weight imposed by
the vehicle, these compressors must achieve high rotational speeds to meet the flow and
compression ratio requirements. However, higher speeds also increase the likelihood of
rotor contact with the critical speed. The critical speed refers to the rotor’s rotational speed
when it matches the eigenfrequencies of the system. The rotor will resonate as it approaches
the critical speed, and resonance can cause serious damage to equipment.

Accurate prediction of the critical speed is necessary to avoid this issue. In order
to predict the critical speed, the finite element method (FEM) is an efficient and accurate
method that has been widely used in several fields. The process of calculating the critical
speed using the FEM can be briefly described as follows: first, the rotor is divided into
a series of units, and the mass and stiffness matrices of each unit are obtained. Stiffness
or damping coefficients, also known as rotordynamic coefficients, are then added to the
corresponding nodes of the support or perturbation. Finally, the eigenfrequencies of the
assembled system are obtained by solving the system of linear equations. When the solved
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eigenfrequencies match the current rotational frequencies, that rotational speed represents
the critical speed of the system.

For the calculation of the mass and stiffness matrices of the rotor itself, a generalized
FEM is already available [7], so the only remaining problem is to accurately measure
the perturbations to the rotor. Figure 1 shows the structure of a high-speed centrifugal
compressor for fuel cell vehicles in a practical application and clearly demonstrates all
the influences that may have an impact on the critical speed of the rotor, i.e., the GFBs,
impellers, and labyrinth seals.
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Figure 1. Structure of the centrifugal compressor for fuel cell vehicles.

In order to achieve high rotational speeds and a clean gas supply, centrifugal com-
pressors are not suitable for use with conventional bearings. GFBs are an ideal alternative,
utilizing gas as the lubricating medium and replacing the rigid surfaces of conventional
plain bearings with elastic foils. They offer several advantages, including low friction loss,
no pollution, long life, and applicability to high temperatures, but the low viscosity of
the gas causes GFBs to be susceptible to stability problems. In 1968, Lund [8] proposed a
perturbation method for the calculation of stiffness coefficients and damping coefficients
of gas bearings with rigid surfaces, which was further extended to the elastomeric GFBs
by Peng and Carpino [9,10], providing a straightforward approach for subsequent GFB
analysis. Carpino and Talmage [11] proposed a finite element method for predicting the
rotordynamic coefficients of GFBs by incorporating the radial and circumferential deflec-
tions of the corrugated s sub-foil into the rotordynamic coefficient prediction. Lee [12]
investigated the method of estimating rotordynamic coefficients when slip flow effects are
considered. By comparing circular cylindrical GFBs with single continuous top foil and
noncircular preloaded GFBs with three top foil pads, Kim [13] found that the rotordynamic
characteristics and load capacities are much more sensitive to the overall bearing shape than
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to the spatial variation of bump stiffness within the bump foils. Kim and San Andres [14]
investigated the performance of heavily loaded GFBs. They showed that the direct stiffness
coefficients and damping coefficients increase with static load and that the static stiffness
approaches the bearing structural stiffness at the highest load.

Currently, the analysis for GFBs can be divided into an analysis based on linearized
rotordynamic coefficients [15–18] and a nonlinear analysis [19–21]. Hoffmann et al. [22]
found that the linearized force coefficient method and the nonlinear method predicted
very similar stability results. Larsen et al. [23] compared two methods for predicting the
Onset Speed of Instability (OSI) from nonlinear time-domain simulations and linearized
frequency-domain methods, and they found that the frequency-domain method derived
from the Lund perturbation was found to be insufficiently accurate for the stability analysis
of GFBs with flexible foil structures and a certain level of loading. Von Osmanski et al. [24]
compared the differences in the prediction of OSIs among the three methods, classical
perturbation, extended perturbation, and nonlinear methods, and found that the prediction
error of the classical method increases with the level of compliance, whereas the extended
perturbation provides OSIs that are consistent with the nonlinear method.

The problem with these studies is that they only consider the GFB, i.e., they focus on
the effect of a single component on the rotor, which has the advantage of being able to
thoroughly analyze the effect of a single component. However, for rotors with multiple
components at the same time, sometimes we are more concerned about the behavior of the
rotor after they are applied together. For example, in the case of impellers and seals, their
influence on the dynamic behavior of the rotor is often considered at the same time since
they always occur in pairs [25–29].

For the impeller, blade-tip clearance eccentricity due to shaft movement can lead
to the generation of aerodynamic forces [30]. This phenomenon is commonly referred
to as the Alford force in compressors [31]. Childs [32] has demonstrated rotordynamic
instability due to the Alford force of centrifugal compressors through a number of real-
life examples. In 1965, Alford [31] proposed a model for predicting the cross-coupling
stiffness coefficients of axial compressors. Later, Wachel [33,34] proposed a cross-coupled
stiffness coefficient equation for predicting instability, and it has been widely used. Moore
and Ransom [35,36] used a computational fluid dynamics (CFD) approach to predict
aerodynamic destabilizing cross-coupling forces on the impeller of a centrifugal compressor
and proposed an alternative equation to the Wachel equation. Song [28,29] developed and
validated an integrated analytical model for predicting non-axisymmetric flow fields and
rotordynamic coefficients in a shrouded centrifugal compressor, and he found that coupled
modeling of the flow between components (e.g., impellers, shrouds, labyrinth seals, etc.)
was important for the results.

Labyrinth seals are commonly used annular seals that dissipate the kinetic energy
of the leaking fluid into heat energy through turbulent eddies in the seal cavity. It has
been shown that there is an effect of labyrinth seals on rotordynamics, which can lead to
instability. Iwatsubo [37] developed a labyrinth seal rotordynamic model by considering
the non-axisymmetric seal chamber height variation caused by the rotating rotor. Childs
and Scharrer [38] proposed a cavity control volume model, and the model developed gives
results within 25% error of the experimental results. Scharrer [39] developed a two-control
volume model based on the cavity control volume model, taking into account recirculation
velocity for the first time. Nordmann and Weiser [40] proposed a three-volume bulk-flow
model to characterize the flow in more detail. Moore [41] developed a three-dimensional
CFD model to analyze the rotordynamic coefficients, and the CFD predictions showed a
good correlation with the experimental data on rotordynamic coefficients, an improvement
over bulk-flow predictions. Pugachev et al. [42] modeled short labyrinth gas seals using
the CFD-based method to provide a comprehensive analysis of the factors affecting leakage
and rotordynamic coefficients.

Few studies have considered the effects of impellers, seals, and GFBs at the same time.
The reason for this situation is easy to understand. In general, to analyze the common
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effect of the different components on the rotor, it is necessary to know the dimensional
relationships of the components since the results of such analyses depend heavily on the
dimensional relationships. Without knowing the purpose of the rotor, it is difficult to
determine the proper size ratio of the components. However, the operating environment
of centrifugal compressors for fuel cell vehicles is such that they usually have a similar
structure, which makes the assessment possible.

To address this gap, our study takes a comprehensive approach by analyzing the
influence of various components on the critical speed of the system. Specifically, we model
the rotordynamics of a centrifugal compressor for fuel cell vehicles, taking into account
the presence of GFBs, labyrinth seals, and impellers. This integrated analysis will provide
a more accurate and holistic understanding of the centrifugal compressors for fuel cell
vehicles’ critical speed behavior.

2. Mathematical Model

According to the previous section, conducting a rotordynamic analysis requires a
rotordynamic model and rotordynamic coefficient model for the supports and disturbances.
This section will present these components in a sequential manner.

2.1. Rotordynamic Model

A schematic of the rotor structure is shown in Figure 2. In this study, the GFB, labyrinth
seal, and impeller are simplified as stiffness and damping coefficients at the corresponding
nodes in the rotordynamic model, while a disk with the same mass and moment of inertia
is added at the impeller. The force–displacement model of the GFB, labyrinth seal, and
impeller on the rotor is expressed as

−
[

Fx
Fy

]
=

[
kxx kxy
kyx kyy

][
X
Y

]
+

[
cxx cxy
cyx cyy

][ .
X
.

Y

]
(1)
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Figure 2. Schematics of rotordynamic model: (a) simplified rotor model, (b) force–rotor displacement
model.

In this study, the rotor is modeled using beam units that take into account the shear
force, and the gyroscopic effect of the rotor is considered. The rotordynamic model consid-
ering gyroscopic effects can be described as [7]

M
..
U + (ωG + C)

.
U + KU = Q (2)

where M is the mass matrix; G is the gyro matrix; C is the damping matrix; K is the stiffness
matrix; ω is the rotor angular velocity; U is the rotor nodal displacement vector; and Q is
the nodal load vector.
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For modal analysis, Equation (2) is rewritten in chi-square form:

M
..
U + (ωG + C)

.
U + KU = 0 (3)

In order to solve Equation (3), it is rewritten in the state space form:

V =

( .
U
U

)
, A =

[
M 0
0 K

]
, B =

[
ωG + C K
−K 0

]
(4)

Substitute Equation (4) into Equation (3):

A
.
V + BV = 0 (5)

Let the solution of Equation (5) be of the form

V = V0evt (6)

Substitution of Equation (6) into Equation (5):

(Av + B)V0 = 0 (7)

Convert Equation (7) to a standard eigenvalue problem:

(D − vE)V0 = 0 (8)

where E is an identity matrix of the same size as D, and D can be expressed as

D =

[
−M−1(ωG + C) −M−1K

I 0

]
(9)

where I is an identity matrix of the same size as K.
The eigenfrequencies of the system and the corresponding eigenvectors can be found

according to Equation (8).

2.2. Rotordynamic Coefficient Model

The rotordynamic coefficient model contains a GFB model, a labyrinth seal model,
and a centrifugal impeller model.

2.2.1. GFB Model

In the field of thin-film lubrication, the use of the Reynolds equation instead of the
N-S equation is considered valid and sufficiently accurate. The Reynolds equation for an
isothermal compressible fluid in a cylindrical coordinate system can be expressed as [43]

∂

∂θ

(
pH3 ∂p

∂θ

)
+

∂

∂z

(
pH3 ∂p

∂z

)
= Λ

∂(pH)

∂θ
+ 2Λγ

∂(pH)

∂t
(10)

The Reynolds equation has been transformed into a dimensionless form for ease
of analysis, where dimensionless air film pressure p, dimensionless axial coordinate z,
dimensionless air film height H, bearing number Λ, excitation frequency ratio γ, and
dimensionless time t are expressed as

p =
p
pa

, z =
z
R

, H =
H
C

, Λ =
6µ0ω

pa

(
R
C

)2
, γ =

ωe

ω
, t = ωet (11)

where p is the gas film pressure; pa is the reference pressure; z is the axial coordinate; R
is the journal radius; H is the gas film thickness; C is the nominal clearance; µ0 is the gas
dynamic viscosity; ωe is the excitation frequency; and t is time.



Lubricants 2023, 11, 532 6 of 18

The air film thickness H can be further expanded and expressed as

H = C + e cos(θ − θ0) + δ (12)

where e is the eccentricity, θ0 is the attitude angle, and δ is the top foil deformation, as
shown in Figure 3.
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Figure 3. Schematic of the GFB model.

The main difference in solving the Reynolds equation for the GFB compared to a rigid
gas bearing is the need to consider the structural deformation of the flexible foil. In this
study, the bump foil structure is equated to the spring stiffness coefficients and viscous
damping coefficient, as shown in Figure 3, and this approach shows good agreement with
the experimental results [20]. The relationship between the structural deformation of the
foil and the gas film pressure after the equivalence is

p − pa = K f δ + C f
dδ

dτ
(13)

where the foil structural stiffness coefficient Kf and the viscous damping coefficient Cf are
expressed as

K f =

{
kb + kt at δ ≥ 0
kt at δ < 0

, C f =

{
η
γ kb at δ ≥ 0
0 at δ < 0

(14)

where η is the structural loss factor; kb is the bump foil structural stiffness; and kt is the top
foil structural stiffness. A deformation δ less than 0 represents the separation of the top foil
from the bump foil. In this study, the top foil stiffness kt is modeled using the Mindlin plate
that takes into account the shear force, and the bump foil stiffness kb is calculated by [44]

kb =
2sl3(1 − vb

2)

Ebtb
3 (15)

where s is the bump foil pitch; l is the bump convex half-length, as shown in Figure 3; vb
is the Poisson’s ratio of the bump foil material; Eb is the elastic modulus of the bump foil
material; and tb is the thickness of the bump foil.

The rotordynamic coefficients of the bearings are solved by the perturbation method
proposed by Lund [8]. The process of solving the rotordynamic coefficients of GFBs using
this method is explained in detail in reference [9]. One point that needs to be emphasized
is that the model in this paper allows for regions where the pressure is less than zero.
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2.2.2. Labyrinth Seal Model

The control volume model of a cavity in a straight-through labyrinth seal is shown in
Figure 4.
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The continuity equation for the fluid in the cavity is [38]

∂
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+
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.
mi = 0 (16)

where A is the cross-sectional area of the cavity; ρ is the density of fluid; V is the circumfer-
ential mean flow velocity; Rs is the seal radius;

.
m is the fluid leakage mass of each cavity, as

determined by the Neumann equation [45]; and i is the sealing cavity number.
The momentum equation for the fluid in the cavity is given by

∂ρVi Ai
∂t

+
2ρVi Ai

Rs

∂Vi
∂θ

+
ρV2

i
Rs

∂Ai
∂θ

+
Vi Ai
Rs

∂ρ

∂θ
+

.
mi+1Vi −

.
miVi−1 = − Ai

Rs

∂Pi
∂θ

+ τrLs − τs(2B + Ls) (17)

where P is the gas pressure; Ls is the pitch of the labyrinth seal strips; B is the height of the
labyrinth seal strip; and τr and τs are the shear stresses on the rotor and stator surfaces,
determined by the Blasius equation [46].

Similar to the solution of the rotordynamic coefficients of GFB, the rotordynamic coef-
ficients of labyrinth seals can be solved by the perturbation method using the perturbation
parameter ε = e/C.

2.2.3. Centrifugal Impeller Model

The Wachel equation [33,34] has been verified by a large number of practices, has been
listed by the American Petroleum Institute (API) as the standard calculation method in
the stability calculation process of centrifugal compressors [47], and is applicable to most
compressors [30]. In this study, the Wachel equation is used to calculate the aerodynamic
cross-coupling stiffness of the impeller, and the rest of the rotordynamic coefficients are set
to 0. The Wachel equation gives the aerodynamic cross-coupling stiffness of a centrifugal
compressor impeller as follows:

kxy = −kyx = β
MW PW
Dhω

(
ρout

ρin
) (18)

where β is the cross-coupling constant; MW is the molecular weight of the gas; PW is the
rated power per impeller; D is the impeller diameter; h is the diffuser width; ρout is the
density of the gas discharged at the outlet; and ρin is the density of the gas drawn in.
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3. Model Validation
3.1. Validation of GFB Gas–Elastic Coupling Model

We used publicly available test data [48] to validate our gas–elastic coupling model.
The parameters of the tested GFB are shown in Table 1, and the unit area stiffness of the
test bump foil was calculated from Equation (15) to be 4.7 GN/m3.

Table 1. Parameters of the tested GFB from Ref. [48].

Parameters Value

Bearing inner radius, R0 19.05 mm
Bearing length, L0 38.1 mm

Radial clearance of GFB, C0 20 µm
Top foil thickness, ttop 101.6 µm

Bump foil thickness, tbump 101.6 µm
Bump pitch, s 4.572 mm

Half bump length, l 1.778 mm
Bump height, h 0.508 mm

Bump foil Young’s modulus, Eb 214 GPa
Bump foil Poisson’s ratio, νb 0.29

In reference [48], actual bearing clearances were not reported. An empirical value of
C0= 20 µm for bearing clearance was used in this study [49], which is approximately the
same as the minimum air film thickness measured at zero static loads at 45,000 rpm and
30,000 rpm in reference [48].

Figure 5 depicts the minimum film thickness versus applied load at speeds equal to
(a) 30,000 rpm, (b) 45,000 rpm, and (c) 60,000 rpm with respect to the bearing length at L/2
and at L, respectively. The computational results show that the computational result errors
of the gas–elastic coupling model in this paper are similar to those of several mainstream
models [49].
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Figure 6 shows the attitude angle of the GFB versus the applied load at 30,000 rpm
and 45,000 rpm. Similar to the error in the air film thickness, the error in the results of
this paper’s model for the attitude angle is similar to the error in the results of several
mainstream models [49]. It can be concluded that the gas–elastic coupling model in this
paper has sufficient accuracy.

3.2. Validation of Critical Speed Calculation Model

In order to verify the accuracy of the proposed numerical model, this study uses a
centrifugal compressor for fuel cell vehicles as a test object to validate the model. In general,
there is a certain correlation between the dimensions of bearings and impellers and seals,
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and the centrifugal compressor for fuel cell vehicles used in this paper is commercially
available, so it has a true relationship of the dimensional parameters between impellers,
seals, and bearings, which avoids errors in conclusions caused by incorrect dimensional
relationships between the components. The meshing for the FEM model and photographs
of the tested compressor’s rotor are shown in Figure 7.
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The parameters of the high-speed centrifugal compressor used for the test are shown
in Table 2.

The calculations were started at 20,000 RPM, which is slightly above the lift-off speed
of the GFB, and the results are shown in Figure 8, from which it can be seen that the rotor
rotation modes are categorized into forward and backward rotations according to the
magnitude of the amount of forward and backward excitation. In actual operation, the
instability force always excites forward rotation [32], so the critical speed is considered to be
the intersection of the excitation line and the forward rotation frequencies. The calculation
results show that the first two order modes of the test object are rigid, and the critical
speed of the rigid modes is below the lift-off speed; the third order mode is bending, and
the critical speed of the bending mode is 124,980 rpm. In the logarithmic decrement plot,
forward modes that may trigger instability are labeled in red and backward and mixed
modes in black. From the logarithmic decrement, it can be seen that there is instability in the
first forward mode with a mode frequency of about 116 Hz. However, the eigenfrequencies
of unstable mode are much lower than the lift-off frequency (20,000/60 = 333 Hz) and lower
than the half-speed whirl frequency at lift-off speed (up to 43% away from the half-speed
whirl frequency 167 Hz). The third-order forward mode, on the other hand, is stable but
has a small damping ratio, so the amplitude is likely to be greater than the GFB radial
clearance. The root locus analysis shows the same results as the logarithmic decrement,
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with eigenvalues located to the right of the complex plane at low speeds. Therefore, we
predict that the rotor vibration will increase with the rise in rotational speed and sharply
increase to an extreme value near the bending critical speed of 124,980 rpm.

Table 2. Parameters of the tested high-speed centrifugal compressor.

Parameters Value

Compressor rated power, PW 30 Kw
Rated speed, Ow 100,000 rpm
Mass of rotor, m 1426 g

Bearing inner radius, R1 13 mm
Bearing length, L1 26 mm

Radial clearance of GFB, C1 30 µm
Bump foil structural stiffness, kb 1.745 × 1010 N/m3

Top foil thickness, ttop 0.124 mm
Maximum compression ratio, ρout/ρin 3.97

Maximum mass flow, mf 0.19 kg/s
Primary impeller diameter, D1 72 mm

Secondary impeller diameter, D2 68 mm
Mass of primary impeller, m1 75 g

Mass of secondary impeller, m2 53 g
Primary impeller diffuser width, h1 4.2 mm

Secondary impeller diffuser width, h2 3.1mm
Labyrinth seal clearance, Cs 0.25 mm

Primary labyrinth seal radius, Rs1 10 mm
Secondary labyrinth seal radius, Rs2 8.5 mm

Height of labyrinth seal strip, B 2.25 mm
Pitch of seal strips, Ls 1.5 mm

Number of cavities, NC 3

The critical speed is determined through a test that assesses the vibration amplitude
of the rotor. The centrifugal compressor critical speed test bench, shown in Figure 9a,
is equipped with an eddy current displacement sensor on the primary impeller side to
measure the vibration displacement of the rotor. During the test, the rotor is gradually
accelerated to a speed exceeding the calculated bending critical speed. Then, the amplitude
change patterns tested by the eddy current displacement sensor as the speed increases can
be observed and analyzed. In order to prevent the centrifugal compressor from surging,
the test of the compressor was carried out at a high flow rate and low compression ratio. In
order to avoid damage to the test object by resonance brought about by the close proximity
to the critical speed, the whole test process was completed within a few seconds, and
therefore the amplitude measured by the test may not reach the maximum amplitude at
that speed.

Before the test, the eddy current displacement sensor needs to be calibrated, and the
displacement measurement position needs to be detected for roundness. The displacement
error obtained from the final test is the superposition of the sensor error and roundness
error. The sensor calibration and roundness detection setup are shown in Figure 9b. Firstly,
the digital micrometer is used to calibrate the eddy current displacement sensor, and
the error of the eddy current displacement sensor after calibration is 1 um. Then, the
eddy current displacement sensor after calibration is used to detect the roundness of the
measured position, and the difference between the maximum value and the minimum
value of the roundness of the measured position is 2 um, so the final displacement error
can be considered to be 1 + 2 = 3 um.

The experimental results are shown in Figure 10. The dimensionless displacement
d = d/c, where d is the amplitude measured by the eddy current displacement sensor.
As the compressor speed approaches the predicted critical speed, a notable increase in
amplitude is observed, reaching its peak at 124,800 RPM. The deviation between this
experimental finding and the model calculation is less than 1%, indicating high accuracy
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in the model’s predictions. During the test, the measured vibration amplitude was much
larger than the nominal clearance, presumably caused by the rotor hitting the foil directly.
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4. Results and Discussion

In this section, the effects of GFBs, impellers, and labyrinth seals on the critical speed
are investigated separately. Firstly, we conduct critical speed calculations under different
conditions: without considering the impeller aerodynamic forces, without considering the
labyrinth seal aerodynamic forces, and without considering both. The results are presented
in Figure 11. It can be seen that the calculated critical speeds do not change regardless of
whether the impellers and labyrinth seals’ aerodynamic forces are considered or not, and
the calculated eigenfrequencies change only slightly in the rigid modes at low speeds.
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labyrinth seals’ aerodynamic forces; and (c) ignore both.

The reason for this phenomenon is due to the difference in the rotordynamic coeffi-
cients brought about by the various components, the rotordynamic coefficients of which
are shown in Figure 12. It can be seen that the labyrinth seal has the smallest stiffness coef-
ficients, followed by the impeller, while the GFBs exhibit the largest stiffness coefficients,
with an order of magnitude difference between each of them. Consequently, the critical
speed of the compressor is dominated by the GFBs with the largest stiffness coefficients. For
damping, the difference is even greater. The damping of GFBs is hundreds of times greater
than the damping of a seal. Based on this observation, it is reasonable to assume that, on
the scale of centrifugal compressors for fuel cell vehicles, disregarding the impellers and
labyrinth seals in critical speed calculations is acceptable.
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Figure 13 illustrates the modal stability when different components are included.
Comparative analysis reveals that the cross-coupled stiffness of the impeller is responsible
for the mode instability at low speeds. The stiffness variation curve of the impeller shows
that its cross-coupling stiffness is in the same order of magnitude as the GFB at low speeds,
while it decreases rapidly between 20,000 and 60,000 rpm, which coincides with the speed
interval of mode instability at low speeds.

The structural stiffness of bump foils significantly influences the dynamic character-
istics of GFBs and distinguishes them from rigid gas bearings. However, incorporating
this flexible feature would substantially increase computational complexity. In order to
determine the critical speed difference between GFBs with different bump foil structural
stiffnesses, the critical speeds of GFBs with different bump foil structural stiffnesses are
investigated. The bump foil structural stiffnesses 1.75 × 109, 1.75 × 1010, and 1.75 × 1011

and rigid gas bearings were selected for comparison, where the results for the bump foil
structural stiffness of 1.75 × 1010 were presented in the previous section. It should be noted
that the GFB with high bump foil structural stiffness still differs from the gas bearing with a
rigid inner surface due to the fact that the top foil of the GFB can realize separation from the
bump foil and thus deform inwardly in a concave manner at lower than ambient pressure.
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Figure 14 shows the rotordynamic coefficients for different bump foil structural stiff-
ness. It can be found that after the bump foil structural stiffness reaches 1.75 × 1010, the
stiffness coefficients of the GFBs exhibit very slight changes with further increases in bump
foil structural stiffness, almost the same as the results of the rigid gas bearing.
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Figure 15 shows the calculation results of the critical speed change with bump foil
structural stiffness. The critical speeds remain constant across the bump foil structural
stiffness range of 1.75 × 109 to 1.75 × 1011 and are consistent with the rigid gas bearing.
Moreover, the eigenfrequencies of different bump foil structural stiffnesses and rigid gas
bearings only exhibit negligible differences in the rigid modes. Based on these observations,
it is reasonable to simplify the GFBs to rigid gas bearings when calculating the critical speed.
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In terms of stability, the bump foil structural stiffness of 1.75×109 has a smaller
unstable speed interval. However, as stated before, this mode has difficulty triggering
instability due to the low eigenfrequencies.

Summarizing the above findings, it can be found that either ignoring the aerodynamic
forces due to the impellers and seals or simplifying the GFBs to rigid bearings has little
effect on the results of the critical speed (or eigenfrequencies) calculations. The stability
results, on the other hand, are affected by the impeller and the bump foil structural stiffness,
especially the stability of rigid modes at low frequencies; however, since the rigid modes
have low frequencies, it is likely that they will not be excited in the operating range of
the compressor. Therefore, we can first obtain the eigenfrequencies by simplifying the
calculations, and if the eigenfrequencies of the rigid modes are lower than half of the lift-off
speed, it can be considered that the compressor can operate stably between the lift-off speed
and the bending critical speed.

5. Conclusions

Machines with specific applications, such as centrifugal compressors for fuel cell
vehicles, usually have a similar design structure, which makes a joint multi-component
analysis possible. By analyzing a commercially available centrifugal compressor for fuel
cell vehicles, we comprehensively analyzed the factors influencing the critical speed. The
numerical results obtained lead to the following conclusions:

1. A centrifugal compressor for fuel cell vehicles can be rationally designed to operate
between speeds higher than the rigid mode and lower than the bending mode and
to suppress the eigenfrequencies of the unstable rigid mode to less than half of the
lift-off speed.

2. The instability of the low frequencies’ rigid mode comes from the cross-coupling
stiffness of the impellers, and reducing the bump foil structure stiffness can suppress
the instability to some extent.

3. The aerodynamic effects of the impellers and seals can be ignored when calculating
the critical speed (or eigenfrequencies), and the GFBs can be reduced to a rigid gas
bearing to reduce arithmetic costs.

4. If the rigid mode frequencies obtained by simplified calculations in the manner de-
scribed in Conclusion 3 are less than half of the lift-off speed, no stability judgment is
required, and the compressor can be considered to operate stably between the lift-off
speed and the bending critical speed.

This paper fills a gap in the field of joint analysis of GFBs, impellers, and seals in the
field of centrifugal compressors for fuel cell vehicles, and the conclusions drawn can be
used to save computational costs in the design and validation of centrifugal compressors
for fuel cell vehicles.
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