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Abstract: This study designed an externally pressurized bearing and analyzed the rotordynamics of
a turbo expander for a hydrogen liquefaction plant. The turbo expander, comprising a turbine and
compressor wheel assembled to a shaft, lowered the temperature of the helium refrigerant. Its rated
speed was 75,000 rpm, and an externally pressurized gas bearing was selected to support the rotor.
Pressurized helium was used as the lubricant for the bearing operation. To design the rotor–bearing
system, we conducted a bearing performance analysis and rotordynamic characteristic prediction
using the developed numerical model. We calculated the bearing stiffness and flow rate of the bearing
gas for various feed parameters and selected the appropriate orifice diameter for maximum stiffness.
The predicted Campbell diagram showed that the system had a sufficient separation margin with the
critical speed, and the predicted critical speed correlated well with the nonlinear orbit simulation. A
successful operation was achieved with the manufactured turbo expander within the rated speed.
The shaft vibration was monitored during the operation test, and the test results revealed two critical
speeds below the rated speed, as predicted by the analytical model. In addition, the shaft vibration
was maintained at <3 µm.

Keywords: turbo expander; externally pressurized gas bearing; hydrogen liquefaction plant

1. Introduction

Climate change, caused by the increase in greenhouse gas emissions, is currently the
most pressing global challenge that needs to be addressed. To limit the global average
temperature increase to less than 2 ◦C, the Paris Agreement was established in 2015 as a
legally binding international treaty. In this regard, hydrogen has emerged as an attractive
solution attention to mitigate climate change as it serves as a carbon-free fuel in gas tur-
bines, internal combustion engines, and fuel cells. Moreover, hydrogen can be utilized as an
effective energy storage source for renewable energy. In energy storage devices, hydro-gen
can store more energy for a longer period of time without capacity degradation compared
to conventional batteries. Because of its great potential for energy storage, hydrogen is
gaining traction as a commercial energy source in many countries. Thus, a system for the
storage and transportation of large volumes of hydrogen should be established for massive
deployment. Among various hydrogen storage systems, liquid hydrogen is considered
a promising solution owing to its high density and safety resulting from low-pressure
storage. Consequently, several studies have focused on hydrogen liquefaction processes
and the development of core technologies for hydrogen liquefaction plants.

In a hydrogen liquefaction plant, a turbo expander is used as the core component
to lower the refrigerant temperature. The turbo expander used in hydrogen liquefaction
plants is designed to operate under extreme conditions of cryogenic temperature, speed,
and pressure. Under these operating conditions, conventional oil bearings are not feasible;
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thus, oil-free bearings are typically adopted for turbo expanders. Among the various oil-
free bearings, externally pressurized gas bearings are widely adopted in turbo expanders
owing to their various advantages.

Externally pressurized gas bearings are operated by supplying pressurized gas to the
bearing, resulting in a superior load capacity and precise operation compared to conven-
tional bearings. Owing to these benefits, externally pressurized bearings are advantageous
for various applications, and thorough investigations have been conducted in this regard.
Additionally, Fleming et al. performed a theoretical study on a pressurized gas bearing
with two feeding lines [1]. They showed that the stability decreases with increasing recess
volume and with the pressure ratio under the condition of a low bearing number. In a
subsequent study, the authors measured the dynamic stiffness and damping of a pressur-
ized gas bearing and reported that the measured stiffness was proportional to the supply
pressure [2]. Moreover, Chen et al. theoretically investigated the effect of geometric param-
eters on the stiffness of a pressurized gas bearing and demonstrated the credibility of the
analytical model by comparing predictions with measured data [3]. Furthermore, Belforte
et al. conducted a numerical investigation to optimize aerostatic bearings for high-speed
spindle applications. They demonstrated that the predicted stiffness agreed well with the
test results [4]. Furthermore, Xiao et al. proposed the optimum design parameters for an
aerostatic microbearing based on a parametric study, revealing that the hydrodynamic
effects are considerable compared to the hydrostatic effects in bearings under high-speed
and large-eccentricity conditions [5]. Otsu et al. conducted a theoretical investigation on the
performance of an aerostatic bearing [6]. They considered the inertial effects of the lubricant
and showed that a bearing with a compound restrictor had a larger stiffness than that with
an inherently compensated restrictor. Additionally, the authors validated their predictions
through comparison with their experimental data. Yang et al. compared three types of
orifice arrays and showed the existence of optimum restriction parameters [7]. Chen et al.
compared the static and dynamic performances of an orifice with inherently compensated
bearings [8]. They reported that the load capacity and stability of an orifice-compensated
bearing are superior to those of an inherently compensated bearing. Additionally, Loa et al.
presented a theoretical study on pressurized gas bearings for high-speed spindle applica-
tions [9]. They demonstrated that the optimum bearing clearance for the maximum stiffness
is not identical to that required for the maximum load capacity. Moreover, advanced meth-
ods were employed to enhance the accuracy of bearing performance prediction. Song et al.
calculated the discharge coefficients of pressurized air bearings by taking into account
the rotating speed and varying film thickness [10]. Zhang et al. proposed a numerical
method that combines boundary-layer equations with the Reynolds equation to predict the
discharge coefficients of inherent orifice restrictors [11]. Guo et al. conducted performance
prediction of pressurized air bearings while considering structural deformation caused by
pressurized air supply [12]. They demonstrated that an increase in thrust collar thickness
led to an increase in bearing stiffness. Gao et al. performed design optimization using a
multi-objective optimization genetic algorithm to maximize stiffness and showed a 38.5%
increase in the stiffness of the selected bearing design [13].

In addition to the aforementioned studies on orifice restrictor bearings, studies on
slot restrictor bearings have also been conducted for externally pressurized gas bearings.
Rowe and Stout calculated the load capacities and flow rates of single- and double-row slot
restrictor bearings [14]. They showed that an optimum gauge pressure ratio corresponds to
the maximum load. Stout theoretically compared the load capacity between orifice and slot
restrictor bearings and showed that the orifice restrictor bearing has a greater load capacity
than the slot restrictor under small eccentricity conditions [15]. Moreover, Yoshimoto
et al. investigated the characteristics of aerostatic bearings with circular slot restrictors [16].
They reported that bearings with circular slots have a load capacity comparable to that
of bearings with discrete slots and showed that the predicted load capacity was in good
agreement with the test results. In a subsequent study, Yoshimoto et al. predicted the
stability of a slot restrictor bearing by considering the energy loss at the outlet of the
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restrictors [17]. They suggested an energy loss coefficient based on experimental data, and
their theoretical model accurately predicted the bearing stability. Furthermore, Tawfik and
Stout proposed optimized design parameters for minimizing power consumption [18].
Park et al. proposed a bearing with a nonuniform slot and demonstrated the superior
stability of the proposed bearing [19]. Kim et al. analyzed the dynamic characteristics
of externally pressurized air bearings; reportedly, the feed parameter that maximizes the
bearing stiffness is not identical to that required for optimizing damping [20].

Owing to their numerous advantages, pressurized gas bearings have been successfully
applied to various industrial rotating types of machinery. However, only a few studies have
focused on the application of pressurized gas bearings in cryogenic turbo expanders. This
study focuses on the development of a turbo expander for a hydrogen liquefaction plant
and presents a design approach for a rotor-bearing system with pressurized gas bearings.
In particular, we performed bearing performance prediction and rotordynamic analysis
of the turbo expander. For the rotordynamic analysis, linear and nonlinear analyses were
conducted to predict the rotor–bearing characteristics more accurately. In addition, to
demonstrate the viability of the designed turbo expander, we conducted operating tests up
to the rated speed.

2. Materials and Methods
2.1. Turbo Expander Design

Figure 1 shows the configuration of the turbo expander for a 0.5 tons per day (TPD)
hydrogen liquefaction plant under development [21]. In this process, helium is used as the
refrigerant, and liquefied hydrogen is produced by absorbing cold heat from helium. A
designed turbo expander is used to lower the helium temperature. The expansion ratio
of the expander is 1.6, and the temperatures of the inlet and outlet gas are 49.1 K and
42.8 K, respectively. The rated speed of the turbo expander is 75,000 rpm, and the rated
power is 6 kW. In the designed turbo expander, the turbine and compressor impeller are
assembled on both sides of the shaft, as shown in Figure 1. A compressor is used in the
expander to control the speed. The shaft is supported by two radial bearings near the
compressor and turbine impeller. To support the axial motion of the rotor, a pair of thrust
bearings are installed on both sides of the thrust collar. The shaft is installed vertically;
therefore, its weight is supported by a thrust bearing. For additional information regarding
the performance of turbo expanders, refer to [21].
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Figure 2 presents the schematic of a radial bearing. Helium, which is the working fluid
of the expander, is utilized as the bearing gas. Thus, the bearings are operated by supplying
pressurized helium. The gas supply holes are created in two rows, and 16 supply holes are
created in the circumferential direction in each row. The axial location of the supply hole is
at a bearing length of 0.25, and orifice restrictors are fabricated as flow control devices. The
other design parameters of the radial bearings and rotors are listed in Table 1.
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Table 1. Design parameters for radial bearing and rotor.

Properties Symbol Unit Value

Diameter D mm 33
Length L mm 60

Bearing clearance C mm 0.03
Rotating speed ω rpm 75,000

Discharge coefficient Cd - 0.8
Supply pressure ps bar 8.5

Supply temperature Ts
◦C 20

Number of orifice row - EA 2
Number of orifice per row N EA 16

Rotor mass M kg 1.59
Rotor polar moment of inertia Ip kg·mm2 413

Rotor translational moment of inertia It kg·mm2 8137

2.2. Theoretical Model
2.2.1. Bearing Performance Analysis

Following the typical assumptions for gas lubrication, the bearing pressure can be
calculated using the Reynolds equation for a compressive fluid, as shown in Equation (1).

∂
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The dimensionless variables used in Equation (1) are defined in Equation (2).
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where C is the bearing clearance, R is the bearing radius, h is the film thickness, µ is the
viscosity of the lubricant, pa is the ambient pressure, ω is the rotational speed of the shaft,
ωs is the excitation frequency, Rg is the gas constant, and T is the temperature of the
lubricant. The dimensionless flow rate supplied through the orifice is calculated assuming
an isentropic flow and can be expressed using Equation (3).

.
MS = ΓsPsHΦ. (3)

The feed parameter, Γs, is defined as follows:

Γs =
12µCd A0

√
RgT

paC3 . (4)

The orifice function is defined as follows:

Φ =

[
2k

k−1

((
P
Ps

)2/k
−
(

P
Ps

)(k+1)/k
)]1/2

, P
Ps

>
(

2
k+1

) k
(k−1)

Φ =
(

2k
k+1

)1/2( 2
k+1

)1/(k−1)
, P

Ps
<
(

2
k+1

) k
(k−1)

, (5)

where Ps is the nondimensional supply pressure, Cd is the orifice discharge coefficient, Ao
is the orifice area, and k is the specific heat ratio of the bearing gas.

The static bearing performance was predicted by solving the aforementioned governing
equations, and the bearing stiffness and damping were calculated on the basis of the governing
equations derived using the perturbation method derived from Equation (1) [22,23].

2.2.2. Rotordynamic Analysis

Figure 3 shows a linear rotor dynamics analysis model for predicting the vibration
characteristics of a turbo expander. The rotor–bearing system is modeled as a multiple-
degrees-of-freedom system, and the equation of motion of the rotor–bearing system can be
written as

[M]
..
q(t) + [C]

.
q(t) + [K]q(t) = f (t), (6)

where [M], [C], and [K] denote the generalized mass, damping, and stiffness matrices,
respectively. The rotor was modeled using Euler–Bernoulli beam elements, whereas the
turbine and compressor impellers were modeled with equivalent inertia. The stiffness and
damping of the bearing were calculated using linearized perturbation theory.
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In the nonlinear orbit simulation, the rotor was assumed to be a rigid body. Figure 4
shows the coordinated system and variables describing the rotor motions. In the analy-
sis, motions with four degrees of freedom were considered, determined by solving the
following equations:

m
..
X = FX_B + FX_U

m
..
Y = FY_B + FY_U

IT
..
ξ + IPω

.
ψ = Mξ_B + Mξ_U

IT
..
ψ − IPω

.
ξ = Mψ_B + Mψ_U

. (7)
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In Equation (7), m is the rotor mass, X and Y are the rotor radial motions, and ξ and
ψ are the rotor conical motions. IT is the translational moment of inertia of the rotor, and
Ip is the polar moment of inertia of the rotor. In this study, FX_U, FY_U, Mξ_U, and Mψ_U
are the forces and moments induced by the imbalanced mass of the rotor, respectively. It
is assumed that the mass imbalances are located at the turbine and compressor impellers;
therefore, they are given by{

FX_U
FY_U

}
=

{
u1 cos ωt + u2 cos(ωt + φp)
u1 sin ωt + u2 sin(ωt + φp)

}
{

Mξ_U
Mψ_U

}
=

{
−u1 sin ωt · l1 + u2 sin(ωt + φp) · l2
u1 cos ωt · l1 − u2 cos(ωt + φp) · l2

} . (8)

In Equation (8), u1 and u2 represent the number of mass imbalances located at the
turbine and compressor impellers, respectively, l1 and l2 are the axial distances between the
center of mass of the rotor and the imbalance locations, respectively, and φp is the angle
between the imbalances at the turbine and compressor impellers. FX_B, FY_B, Mξ_B, and
Mψ_B are the forces and moments induced by the radial bearings. The forces and moments
are calculated using the following equations:{

FX_B
FY_B

}
=

{ s
p1 cos θrdθdz +

s
p2 cos θrdθdzs

p1 sin θrdθdz +
s

p2 sin θrdθdz

}
{

Mξ_B
Mψ_B

}
=

{
−
s

zp1 sin θrdθdz −
s

zp2 sin θrdθdzs
zp1 cos θrzdθdz +

s
zp2 cos θrdθdz

} . (9)

In the above equations, p1 and p2 are the pressures in the radial bearings at the turbine
and compressor side, as shown in Figure 4. In the nonlinear orbit simulation, the bearing
pressure was calculated by solving Equation (1) in the time domain.

3. Results and Discussion
3.1. Validation of Theoretical Model

To validate the bearing performance analysis model developed in this study, the
predicted results were compared with the data available in the literature [16]. Figure 5
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shows the predicted dimensionless stiffness according to the feed parameters for the
bearings with L/D = 1, Λ = 1, and ε = 0.1. The dimensionless stiffness is defined as
K = kC/pa/L/D. The analysis was performed for cases with supply pressures of 0.5 and
0.7 MPa. The results predicted in the reference study [16] and those calculated using the
program in the current study are presented herein. As shown in the figure, the results of
the reference study [16] and those in the current study were within 5% of each other.
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3.2. Bearing Design and Performance Analysis

To select the appropriate orifice diameter of the radial bearing, the bearing stiffness
and flow rate were calculated according to the feed parameters, as described in Table 1.
The analysis was conducted at a rated speed of 75,000 rpm and a concentric condition of
the rotor because the turbo expander was operated in the vertical direction, as shown in
Figure 1. Pressurized helium (8.5 bar) was used as the bearing gas.

Figure 6 plots the bearing stiffness and flow rate as a function of the feed parameters.
The bearing stiffness in this figure is kxx, as defined in the coordinate system shown in
Figure 2. The stiffness is calculated on the synchronous condition with rotating speed.
Because the performance analysis was conducted under concentric conditions, the vertical
and horizontal stiffness values were identical. As shown in the figure, the predicted results
revealed a feed parameter that maximized the stiffness of the bearing. In this analysis, the
maximum stiffness was predicted to be approximate to a feed parameter of 1.9. However,
due to an orifice machining issue, we chose to select the orifice diameter at the feed
parameter of 1.43, even though the stiffness at this point was 3% lower than the maximum
value. In addition, the flow rate of the bearing gas increased with the feed parameters, as
shown in Figure 6b, and the flow rate was predicted to be 0.54 g/s at the selected feed
parameter.

Figure 7 shows the predicted load-carrying capacity of the radial bearing as a function
of the eccentricity ratio at a rated speed of 75,000 rpm. The load-carrying capacity increased
almost linearly, and the designed bearing was predicted to exhibit a load capacity of 180 N
at an eccentricity ratio of 0.5. Accordingly, the designed bearing was predicted to support
radial loads up to 180 N at the rated speed.
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Figure 8 plots the predicted bearing stiffness and damping with respect to rotor
speed. The stiffness and damping were calculated in synchronous conditions. The direct
stiffness and damping in the vertical direction (kxx, cxx) were identical to those in the
horizontal direction (kyy, cyy) owing to the concentric operation of the rotor. Therefore,
the rotor–bearing system of the turbo expander is expected to exhibit the characteristics
of an isotropic rotor. As the rotor speed increased, the cross-coupled stiffness increased,
indicating that the hydrodynamic effects dominated over the hydrostatic effects at high
speeds. Additionally, cross-coupled stiffness appeared in the form of skew symmetry; thus,
the possibility of instability should be verified under high-speed conditions. However,
the direct stiffness significantly exceeded the cross-coupled stiffness at all speeds. For the
damping coefficient, the direct damping decreased, whereas the cross-coupled damping
increased with the rotor speed, as shown in Figure 8b.
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left side indicating the vibration at the compressor side and the right side indicating the 
vibration at the turbine side for each rotating speed. As shown in Figure 10, the rotor orbit 

Figure 8. Stiffness and damping versus rotor speed.

3.3. Rotordynamic Analysis

Figure 9 shows the Campbell diagram calculated from the linear rotordynamic analysis.
The predicted bearing stiffness and damping, as shown in Figure 8, were applied to the
analysis model. Two rigid-body modes were predicted at 36,000 and 40,000 rpm. The
predicted rigid-body modes were conical, and the mode with a larger displacement on the
compressor side manifested at a lower speed than that with a larger displacement on the
turbine side. This is because the compressor impeller was heavier than the turbine impeller.
Additionally, the critical speed related to the bending mode was predicted at 110,000 rpm;
thus, the separation margin between the rated speed and the critical speed exceeded 45%,
indicating that large vibrations would not occur at the rated operation.
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Figure 10 plots the predicted rotor orbit obtained through the nonlinear analysis.
The analysis was performed by applying an unbalanced mass of ISO 1.0 G at the turbine
and compressor impeller nodes with a phase difference of 90◦. The phase difference was
selected as the measured imbalance of the manufactured prototype rotor. The results
presented in the figure represent the steady-state rotor orbit at the bearing location, with
the left side indicating the vibration at the compressor side and the right side indicating
the vibration at the turbine side for each rotating speed. As shown in Figure 10, the rotor
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orbit appeared circular at all rotational speeds. This is because the vertical stiffness of
the bearing was identical to its horizontal stiffness, resulting in an isotropic rotor. The
amplitude of the rotor was below 1 µm for both the compressor and the turbine bearings
at 30,000 rpm; however, as the rotating speed increased to 35,000 rpm, the amplitude at
the compressor side first increased, while the amplitude at the turbine side increased as
the rotating speed further increased to 40,000 rpm. As the rotating speed increased to
75,000 rpm, the vibration amplitude decreased below 0.5 µm for both the compressor and
the turbine sides. In addition, only synchronous vibration was observed up to a rated speed
of 75,000 rpm, and no sub-synchronous vibration owing to bearing instability was observed.
The maximum amplitude at the compressor side was 36,000 rpm, and that at the turbine
side was 40,000 rpm. The speed corresponding to the maximum amplitude correlated well
with the critical speed predicted through the linear analysis (Figure 9), indicating that the
critical speed could be accurately predicted from the linear rotordynamic analysis. These
results suggest that significant vibration issues would not be manifested up to the rated
speed if the unbalanced mass is managed under ISO 1.0 G.
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3.4. Turbo Expander Operating Test

Figure 11 presents the turbo expander test rig used in the operating test, manufactured
by Korea Institute of Machinery Materials in Daejeon, Korea. The shaft was installed
vertically, the compressor wheel was located in the upper part, and the turbine wheel was
assembled in the lower part of the shaft. To supply pressurized helium to the bearing, six
helium containers filled with 110 bar were connected in parallel, as shown in Figure 11b.
The helium pressure in the container was reduced to 8.5 bar, which is the bearing supply
pressure, through the regulator supplied to the bearing. The operating test was performed
by supplying compressed air to the turbine impeller, and the rotational speed was increased
by controlling the airflow rate supplied to the turbine. To monitor the shaft vibration
during the test, eddy current-type proximity probes were installed near the bearing on
the compressor and turbine sides, and the shaft vibration was recorded using a sampling
frequency of 5 kHz. In addition, a flowmeter is installed in the helium supply line to
measure the flow rate of helium gas in the bearing.
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Figure 11. Turbo expander test rig.

Figure 12 shows a waterfall plot of the rotor vibration measured during the operational
test. The operation was successfully conducted, and no abnormal vibration was observed up
to a rated speed of 75,000 rpm. The test results showed that 1× synchronous vibration was
dominant for all rotating speeds and sub-synchronous vibration was controlled under the level
of 0.1 µm, as shown in the figure. The rotor vibration at the compressor side was maximized
at approximately 35,000 rpm, and the maximum amplitude was 2.6 µm. Additionally, the
rotor vibration at the turbine side was maximized at approximately 42,000 rpm, and the
maximum amplitude was 3 µm. At the rated speed of 75,000 rpm, the rotator vibrations
at the compressor side were manifested at the level of 0.1 µm, whereas those manifested at
the turbine side measured 1.1 µm. The sub-synchronous vibrations found in the test were
associated with the critical speeds presented at 35,000 and 42,000 rpm. Additionally, the local
peak observed at 20,000 rpm was considered to be related to the natural frequency of the
supporting jig. The measured helium flow rate supplied to the bearing was 2.0 g/s, which
was the total flow rate supplied to the two radial bearings and the pair of thrust bearings. The
measured flow rate of 2.0 g/s correlated well with the predicted flow rate of 2.04 g/s (1.08 g/s
for two radial bearings; 0.96 g/s for thrust bearings). The total flow rate of bearing gas was
2.0 g/s, accounting for 1% of the total flow rate in the process. The bearing gas required for
operation was considered a loss within the process. Therefore, further study is required to
optimize the design and minimize the consumption of bearing gas.
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Figure 13 presents a comparison between the rotor vibration predicted using the non-
linear orbit simulation and the vibration measured through the operation test. Herein, the
predicted amplitude is represented by a solid line, whereas the measured amplitude is rep-
resented by symbols. The measured value indicated a vibration amplitude of 1× vibration.
Observably, the predicted critical speeds at which the maximum amplitude occurred were
similar within 5% of the measured values. In addition, the vibration amplitude at the critical
speed was similar to the predicted value, suggesting the credibility of the analytical model.
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4. Conclusions

In this study, we analyzed the performance of externally pressurized gas bearings,
utilizing helium as a lubricant, to design a turbo expander for the hydrogen liquefaction
process. We also predicted the rotordynamic characteristics of the rotor–bearing system.
To validate our design, we conducted an operating test and measured the rotor vibration
during the test. Our study led to the following conclusions:

1. Under the given operating conditions, we identified a feed parameter that maxi-
mizes the stiffness of the radial bearing. The orifice diameter was selected on the basis of
these characteristics.

2. The rotordynamic analysis revealed two critical speeds below the rated speed.
Moreover, we predicted a separation margin of over 45% between the bending critical
speed and the rated speed. These results were consistent with those obtained from the
nonlinear orbit simulation.

3. In the operation test, the manufactured turbo expander successfully operated up to
the rated speed; the maximum vibration amplitude of the rotor was 3 µm.

4. The critical speed measured in the operation test was within 5% of the values
predicted by our analytical model.

In summary, our study demonstrated the feasibility of utilizing externally pressurized
gas bearings for the design of a turbo expander for the hydrogen liquefaction process.
Furthermore, our rotordynamic analysis and operating test results indicated that the
designed turbo expander was reliable and efficient. Future research will focus on optimizing
pressurized gas bearings for the turbo expander.

Author Contributions: Conceptualization, D.L. and H.L.; methodology, D.L. and H.L.; software,
D.L.; validation, D.L., H.L., B.K. and B.J.; formal analysis, B.K.; investigation, B.J.; data curation,
H.L.; writing—original draft preparation, D.L.; writing—review and editing, H.L. and J.P.; funding
acquisition, H.L. and J.P. All authors have read and agreed to the published version of the manuscript.

Funding: This research was partly supported by a grant (1615012665) from the Development of
Core Technologies for Commercial Hydrogen Liquefaction Plant Program funded by the Ministry of



Lubricants 2023, 11, 252 14 of 14

Land, Infrastructure, and Transport of the government of South Korea and Korea Institute of Energy
Technology Evaluation and Planning (KETEP) grant funded by the Korea government(MOTIE) (No.
20223A10100040, Development of technology for the conversion of retired thermal power generation
facilities for synchronous condenser).

Data Availability Statement: Data sharing not applicable.

Conflicts of Interest: The authors declare no conflict of interest.

References
1. Fleming, D.P.; Cunningham, R.E.; Anderson, W.J. Zero-Load Stability of Rotating Externally Pressurized Gas-Lubricated Journal

Bearings. J. Lubr. Technol. 1970, 92, 325–334. [CrossRef]
2. Fleming, D.P.; Thayer, W.J.; Cunningham, R.E. Dynamic Stiffness and Damping of Externally Pressurized Gas Lubricated Journal

Bearings. J. Lubr. Technol. 1977, 99, 101–105. [CrossRef]
3. Chen, Y.; Chiu, C.; Cheng, Y. Influences of operational conditions and geometric parameters on the stiffness of aerostatic journal

bearings. Precis. Eng. 2010, 34, 722–734. [CrossRef]
4. Belforte, G.; Colombo, F.; Raparelli, T.; Trivella, A.; Viktorov, V. High-speed electrospindle running on air bearings: Design and

experimental verification. Meccanica 2008, 43, 591–600. [CrossRef]
5. Xiao, H.; Li, W.; Zhou, Z.; Huang, X.; Ren, Y. Performance analysis of aerostatic journal micro-bearing and its application to

high-speed precision micro-spindles. Tribol. Int. 2018, 120, 476–490. [CrossRef]
6. Otsu, Y.; Somaya, K.; Yoshimoto, S. High-speed stability of a rigid rotor supported by aerostatic journal bearings with compound

restrictors. Tribol. Int. 2011, 44, 9–17. [CrossRef]
7. Yang, D.-W.; Chen, C.-H.; Kang, Y.; Hwang, R.-M.; Shyr, S.-S. Influence of orifices on stability of rotor-aerostatic bearing system.

Tribol. Int. 2009, 42, 1206–1219. [CrossRef]
8. Chen, C.-H.; Tsai, T.-H.; Yang, D.-W.; Kang, Y.; Chen, J.-H. The comparison in stability of rotor-aerostatic bearing system

compensated by orifices and inherences. Tribol. Int. 2010, 43, 1360–1373. [CrossRef]
9. Lo, C.-Y.; Wang, C.-C.; Lee, Y.-H. Performance analysis of high-speed spindle aerostatic bearings. Tribol. Int. 2005, 38, 5–14. [CrossRef]
10. Song, L.; Cheng, K.; Ding, H.; Chen, S. Analysis on discharge coefficients in FEM modeling of hybrid air journal bearings and

experimental validation. Tribol. Int. 2018, 119, 549–558. [CrossRef]
11. Zhang, J.; Zou, D.; Ta, N.; Rao, Z.; Ding, B. A numerical method for solution of the discharge coefficients in externally pressurized

gas bearings with inherent orifice restrictors. Tribol. Int. 2018, 125, 156–168. [CrossRef]
12. Gao, Q.; Lu, L.; Chen, W.; Chen, G.; Wang, G. A novel modeling method to investigate the performance of aerostatic spindle

considering the fluid-structure interaction. Tribol. Int. 2017, 115, 461–469. [CrossRef]
13. Gao, Q.; Lu, L.; Chen, W.; Wang, G. Optimal design of an annular thrust air bearing using parametric computational fluid

dynamics model and genetic algorithms. Proc. Inst. Mech. Eng. Part J J. Eng. Tribol. 2017, 232, 1203–1214. [CrossRef]
14. Rowe, W.B.; Stout, K.J. Design of Externally Pressurized Gas-fed Journal Bearings Employing Slot Restrictors. Tribology 1973, 6,

140–144. [CrossRef]
15. Stout, K.; Pink, E.; Tawfik, M. Comparison of slot-entry and orifice-compensated gas journal bearings. Wear 1978, 51, 137–145.

[CrossRef]
16. Yoshimoto, S.; Nakano, Y.; Kakubari, T. Static characteristics of externally pressurized gas journal bearings with circular slot

restrictors. Tribol. Int. 1984, 17, 199–203. [CrossRef]
17. Yoshimoto, S.; Anno, Y.; Ohashi, T. Stability of a Rigid Rotor Supported by Aerostatic Journal Bearings with Circular Slot

Restrictors (On the Double-Row Admission Bearing). J. Tribol. 1988, 110, 228–234. [CrossRef]
18. Tawfik, M.; Stout, K.J. Optimization of Slot Entry Hybrid Gas Bearings. Tribol. Int. 1982, 15, 31–36. [CrossRef]
19. Park, J.-K.; Kim, K.-W. Stability analyses and experiments of spindle system using new type of slot-restricted gas journal bearings.

Tribol. Int. 2004, 37, 451–462. [CrossRef]
20. Kim, W.; Park, S.; Han, D. A Study on the Dynamic Characteristics of an Externally Pressurized Gas Bearing. J. Korean Soc. Tribol.

Lubr. Eng. 1990, 7, 51–60.
21. Lim, H.; Seo, J.; Park, M.; Choi, B.; Park, J.; Bang, J.; Lee, D.; Kim, B.; Kim, S.; Lim, Y.; et al. A Numerical Study on Blade Design

and Optimization of a Helium Expander for a Hydrogen Liquefaction Plant. Appl. Sci. 2022, 12, 1411. [CrossRef]
22. Kim, D. Parametric Studies on Static and Dynamic Performance of Air Foil Bearings with Different Top Foil Geometries and

Bump Stiffness Distributions. J. Tribol. 2007, 129, 354–364. [CrossRef]
23. Lee, D.; Kim, D. Design and Performance Prediction of Hybrid Air Foil Thrust Bearings. J. Eng. Gas Turbines Power 2011, 133,

042501. [CrossRef]

Disclaimer/Publisher’s Note: The statements, opinions and data contained in all publications are solely those of the individual
author(s) and contributor(s) and not of MDPI and/or the editor(s). MDPI and/or the editor(s) disclaim responsibility for any injury to
people or property resulting from any ideas, methods, instructions or products referred to in the content.

https://doi.org/10.1115/1.3451403
https://doi.org/10.1115/1.3452954
https://doi.org/10.1016/j.precisioneng.2010.04.001
https://doi.org/10.1007/s11012-008-9135-5
https://doi.org/10.1016/j.triboint.2018.01.002
https://doi.org/10.1016/j.triboint.2010.09.007
https://doi.org/10.1016/j.triboint.2009.04.002
https://doi.org/10.1016/j.triboint.2010.01.006
https://doi.org/10.1016/j.triboint.2004.04.008
https://doi.org/10.1016/j.triboint.2017.11.002
https://doi.org/10.1016/j.triboint.2018.03.032
https://doi.org/10.1016/j.triboint.2017.06.016
https://doi.org/10.1177/1350650117743684
https://doi.org/10.1016/0041-2678(73)90160-7
https://doi.org/10.1016/0043-1648(78)90061-3
https://doi.org/10.1016/0301-679X(84)90021-5
https://doi.org/10.1115/1.3261590
https://doi.org/10.1016/0301-679X(82)90109-8
https://doi.org/10.1016/j.triboint.2003.12.014
https://doi.org/10.3390/app12031411
https://doi.org/10.1115/1.2540065
https://doi.org/10.1115/1.4002249

	Introduction 
	Materials and Methods 
	Turbo Expander Design 
	Theoretical Model 
	Bearing Performance Analysis 
	Rotordynamic Analysis 


	Results and Discussion 
	Validation of Theoretical Model 
	Bearing Design and Performance Analysis 
	Rotordynamic Analysis 
	Turbo Expander Operating Test 

	Conclusions 
	References

