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Abstract: In tilting-pad journal bearings (TPJB) with a non-flooded lubrication concept, higher
maximum pad temperatures occur than with a flooded bearing design due to the lower convective
heat transfer at the pad edges. In this paper, we present an approach to influence the thermal
behavior of a five-pad TPJB by active cooling. The aim of this research is to investigate the influence
of additional oil supply grooves at the trailing edge of the two loaded pads on the maximum pad
temperature of a large TPJB in non-flooded design. We carry out experimental and numerical
investigations for a redesigned test bearing. Within the experimental analysis, the reduction in pad
temperature is quantified. A simulation model of the bearing is synthesized with respect to the
additional oil supply grooves. The simulation results are compared with the experimental data to
derive heat transfer coefficients for the pad surfaces. The experimental results indicate a considerable
reduction of the maximum pad temperatures. An overall lower temperature level is observed for
the rear pad in circumferential direction (pad 4). The authors attribute this effect by a cooling oil
carry-over from the previous pad (3). Within the model limits, a good agreement of the simulation
and experimental results can be found.

Keywords: tilting-pad journal bearing; pad deformation; heat transfer; trailing edge groove; CFD;
power loss

1. Introduction

In turbomachinery, hydrodynamic bearings are mainly applied to support rotor shafts.
Due to the continuous development of fast running turbomachinery, the requirements for
the bearings with regard to load carrying capacity, operational safety and efficiency also
increase. To ensure safe operation, wear due to mixed friction is prevented, the permissible
maximum temperature is not exceeded and mechanical overstressing of the materials is
avoided. In addition, an economic aim is to achieve the lowest possible power loss of
the bearings.

The power loss of a bearing corresponds to the power converted into heat due to
friction. This friction is caused by shearing of the oil in the lubrication gap and is inevitably
linked to the hydrodynamic principle. However, friction does not only occur in the
lubricating gap between the shaft and the running surface, where the bearing’s load
capacity is generated. Also in the areas that do not contribute to the bearing’s load carrying
capacity, a notable proportion of frictional power arises. In tilting-pad journal bearings
(TPJB), the power loss occurs mainly in the intermediate spaces between two consecutive
pads. The frictional power in these areas can, depending on the oil-air mixture, amount up
to 50% of the total power loss of the bearing.

Basically, there are two lubrication concepts for TPJB: flooded and non-flooded design.
With a flooded lubrication concept, the intermediate spaces between the pads are fully filled
with oil. In a non-flooded bearing design, there is theoretically no oil in the intermediate
space and therefore less friction compared to the flooded design. While power loss can be
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reduced considerably with a non-flooded lubrication concept, maximum temperatures at
the pads trailing edge increase. In a flooded bearing design, high flow velocities and the
mixing of fresh and draining oil effect a high convective heat transfer at the leading and
trailing edge of the pads. The convective heat transfer at the trailing edge is assumed to
have a major influence on the maximum pad temperature, as the intermediate spaces in a
non-flooded bearing are almost oil-free. Therefore, the temperature rise with a non-flooded
lubrication concept is due to the lower convective heat transfer at the pads edges.

Improving the heat transfer at the trailing edge seems to be a reasonable approach to
reduce maximum pad temperatures in non-flooded bearing design. In practice, suitable
design changes have to be applied to the corresponding bearings. In this context, we
investigate the following research question: How does active cooling at the trailing edge
influence the thermal behavior of a large TPJB?

1.1. State of the Art
1.1.1. Bearing Calculation Models

Theoretical models are developed for a better understanding of the physical processes
in hydrodynamic bearings. Validating these models with experimental data increases
model complexity and enables phenomena such as heat transfer to be considered. For the
development of hydrodynamic bearings, such models are vital in order to make accurate
predictions of the bearing performance. Currently, there are several theoretical approaches
to the calculation of hydrodynamic bearings.

The investigations of Mittwollen [1], Gerdes et al. [2] and Fuchs [3] form the basis
for the calculation tool Allgeimes LagerProgramm mit 3-dimensionalem Temperature-
influss, English: General Bearing Program with 3-dimensional Temperature Influence
(ALP3T). Waltermann [4] determines bearing characteristics considering two-dimensional
deformation of the running surface. The journal bearing calculation tool COMputation
of Bearings for ROtor Systems (COMBROS-R) represents the current state of the art and
offers a wide range of calculation and functions with regard to static and dynamic bearing
characteristics, bearing geometry and model depth [5-7]. Simulation results of both tools,
ALP3T and COMBROS-R, show good agreement with experimental data [7,8].

According to the current state of the art, the oil flow in the bearing is not modeled
except for the lubrication gap. Thus, in TPJB oil flow in oil supply grooves and the
intermediate space between the pads is not taken into account. A consideration of coupled
heat flows at the interfaces of the individual regions (bearing ring-lubricating film-shaft)
is therefore not possible. To describe the heat dissipation at the interfaces of the bearing,
heat transfer coefficients (HTC) are required at the free pad surfaces (leading edge, trailing
edge, axial edges, pads back) or the outer system boundaries.

1.1.2. Heat Transfer in Thrust Bearings

Various approaches to determine convective HTC theoretically or experimen-
tally can be found in literature. Most of these publications focus on thrust bearings.
Ettles et al. [9] develop a method to model heat transfer at the free pad surfaces consid-
ering rotational speed, oil viscosity and pad length. The calculation for this method is
derived from temperature measurement data of seven different thrust bearings. Based
on the empiric approach of Ettles et al. [9] Ettles [10] investigates a large tilting-pad
thrust bearing. Heinrichson et al. [11] also use the calculation method proposed by
Ettles et al. [9] to determine the HTC at the free pad surfaces and pads back of a thrust
bearing. Heinrichson et al. [12] contrast the calculation results with experimental data and
obtain a good agreement between simulation and measurement.

A detailed overview of the published HTCs of different authors with regard to thrust
bearings is given by Wodtke et al. [13]. A total of 15 different bearings of different diameters
(including the bearings investigated by Ettles et al. [9]) are considered. The outer diameters
of the bearings vary between 149 mm and 3100 mm. The HTC of all pad surfaces used
are between 100 W/ (m? K) and 3000 W/ (m? K). Some authors additionally describe the
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convective coefficients as a function of the rotational speed in order to model an influence of
the flow change in the pads intermediate spaces. Wodtke et al. [13] compare two different
approaches to describe the heat transfer in their study. On the one hand, a constant
heat transfer at all surfaces of 750 W/ (m? K) is assumed and, on the other hand, a HTC
determined with the help of computational fluid dynamics (CFD) analysis is considered.
The validation based on experimental data shows a considerable improvement of the
theoretical results with the variable, but lower HTC.

Papadopoulos et al. [14] define HTC between 20 W/ (m? K) and 1000 W/ (m? K) when
studying a thrust bearing. The ambient temperature is assumed to be equal to the feed
temperature of 40 °C. A comparison to experimental data is not given.

1.1.3. Heat Transfer in Journal Bearings

Taniguchi et al. [15] present an approach to calculate the bearing properties of a TP]B,
also taking into account the heat conduction through the pads. For the HTC they assume
115W/(m2K) up to 350 W/ (m2 K) and set a calculated mixing temperature as the ambient
temperature. The calculation results show good agreement with the experimental data of
a @-479 mm bearing. Within the FVA project no. 577 Improved Journal Bearing Calculation
Hagemann [5] examines a @-500 mm five-pad TPJB for validation of COMBROS-R. A
HTC of 250 W/ (m? K) is assumed at all free pad surfaces with an ambient temperature of
50 °C. The calculation procedure and the results are also discussed in the publications of
Hagemann et al. [16] and Kukla et al. [17] and show good agreement between calculation
results and experimental data. Kukla et al. [18] apply an optimization procedure to the
same @-500 mm five-pad TPJB already used by Hagemann [5]. They determine the HTC
at the free pad surfaces by minimizing the deviations between measured and calculated
measuring point temperatures. Depending on the pad surface, the HTC are in a range of
490 W /(m? K) up to 2664 W/ (m? K). The experimentally measured oil drain temperature
is used as the ambient temperature.

Sano et al. [19] investigate a @-890 mm two-pad TP]B. Based on CFD analyses, which
are not described in detail, a range of HTC of 100 W/ (m? K) up to 1000 W/ (m? K) is given
depending on the operating conditions of the bearing. The ambient temperature is set
approximately equal to the oil drain temperature.

Hagemann et al. [20] examine both theoretically and experimentally different methods
of oil feed of a @-120 mm test bearing. With the help of CFD investigations, HTC at the
leading and trailing edge are derived and classified on the basis of experimentally recorded
data. Depending on the feed, the values range between 250 W/ (m? K) and 1000 W/ (m? K)
for the leading edge and 1000 W/ (m? K) and 1900 W/ (m? K) for the trailing edge with an
assumed ambient temperature of 50 °C. Arihara et al. [21] observe a @-101.6 mm four-pad
TPJB at an ambient temperature of 40 °C. Due to turbulent flow and oil mixing in the pads
intermediate spaces, a notably higher HTC of 1750 W/ (m? K) is assumed at the leading
and trailing edge than of 500 W/ (m? K) for the axial edges. Similar values are given by
Hagemann et al. [22] for a high-speed four-pad TP]B with a diameter of 120 mm. The HTC
determined by CFD analyses are in a range of 1500 W/ (m? K) up to 1900 W/ (m? K) at the
trailing edge and at the leading edge between 300 W/ (m? K) and 400 W/ (m? K).

1.1.4. Design Changes for Improvement of Bearing Characteristics

The variety of different HTC indicates insufficient knowledge of the phenomena and
the associated heat transfer in the intermediate spaces between the pads. All publications
mentioned are concerned with a better prediction or description of the heat transfer without
aiming to influence the heat transfer by design modification on a theoretical level. However,
several researchers carry out design changes to improve the bearing characteristics of
various journal bearings.

Chen et al. [23] and Chen et al. [24] develop an isothermal circular-cylindrical
journal bearing, which is equipped with methanol-filled heat transfer chambers below
the running surface in the bearing ring. In the thermally loaded areas of the bearing, the
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methanol evaporates, transports the heat away and heats the unloaded areas of the bearing.
Compared to a conventional bearing, the isothermal bearing has notably lower operating
temperatures, as the test data prove. Experimental investigations by Nicholas [25] show
that so-called spraybar blockers in combination with bypass cooling have a positive effect
on the thermal behavior of the bearing. The spraybar blockers are a kind of scraper edge
that reduces the excess hot oil. By means of bypass cooling, fresh oil is fed directly to the
pads back, which is designed with cooling grooves. Martsinkovsky et al. [26] arrange oil
wipers between the pads in a three-pad TPJB to minimize the effect of hot oil carry-over. In
addition, several cooling channels in axial direction are manufactured at the trailing edge
below the surface. The authors report a temperature reduction compared to the bearing
design without the channels.

Mermertas et al. [27] and Mermertas et al. [28] publish an improved design of a
@-900 mm TPJB that previously exhibited high bearing temperatures and a noticeable feed
temperature dependence during operation. Based on extensive thermomechanical analyses,
the support position, pad dimensions and oil feed are modified. With these modifications,
the bearing shows a more robust and reproducible characteristic. Hermes [29] presents
a strong chamfering of the pads trailing edge to improve the operating characteristics.
Compared to the initial situation, the bearing can be operated at considerably reduced
temperatures with the same load capacity.

Kukla [30] improves the steady-state operating characteristics of a @-500 mm five-
pad TPJB by means of an axially concave profiling of the running surface. The profiling
ensures that the running surface deformations occurring under high thermal loads can
be almost completely compensated. Compared to the characteristic values of the critical
operating point of the non-profiled initial form, the profiled bearing can be operated at the
same operating point with a notably reduced temperature and increased oil film thickness.
Kukla et al. [31] and Buchhorn et al. [32] present two theoretical approaches to influence
and improve the steady-state operating characteristics of a @-500 mm TPJB without ex-
perimental validation. Both approaches focus on a single pad in their simulation model,
which considers additional volume flows through the pad into or out of the lubrication
gap. Kukla et al. [31] use the oil film pressure at the trailing edge to transfer the heated oil
to the pads back. Due to the heating and the more homogeneous temperature distribution,
the thermomechanical deformations can be reduced. Buchhorn et al. [32] inject a small
volume flow of cold oil into the lubrication gap. The additional cold oil volume flow effects
a kind of flushing away of the warm oil from the running surface and therefore reduces the
maximum oil film temperatures and the pad deformation.

Most design changes aim at improving the bearing characteristics by geometrical
variations of the bearing parameter. Only Nicholas [25] investigates enhanced heat transfer
for free pad surfaces. A design modification to improve heat transfer at the trailing edge of
a pad is currently not known.

1.2. Scope and Aims

In this paper, we present an approach to influence the thermal behavior of a five-pad
TPJB by active cooling. The cooling is realized by adding oil supply grooves at the trailing
edge of the two highly loaded pads. The aim of this research is to investigate the influence
of these additional oil supply grooves on the maximum pad temperature of a large TPJB
in non-flooded design. We carry out experimental and numerical investigations for the
redesigned test bearing from Kukla’s studies [30]. Within the experimental analysis, the
reduction of pad temperature is quantified. A simulation model of the bearing is synthe-
sized with respect to the additional oil supply grooves. We compare the simulation results
with the experimental data to derive HTC for the pad surfaces. With these coefficients, the
simulation model allows us to make better predictions for the operating characteristics of
large TPJB.
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2. Experimental Set-Up
2.1. Test Rig

The experiments for this paper are carried out on a test rig for large journal bearings.
The test rig was designed in the 1980s to examine original sized turbine bearings under
practical operating conditions. The nominal bearing diameter is 500 mm with a maximum
length of 500 mm. By means of a 1.2 MW DC drive (Brown, Boveri & Cie. (BBC)), the
shaft can be run up to a rotational speed of 4000 rpm depending on friction loss. Thus,
circumferential velocities up to 104.7 m/s can be achieved. The lubricant used is turbine
0il ISO VG 32 (Esso Teresso 32, Hamburg, Germany). Figure 1 shows the top view of the
test rig and a technical drawing.
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Figure 1. Top view and technical drawing of the test rig; Test rig parts: test bearing (1), shaft (2), support bearings (3), lower

part of the test rig frame (4), upper part of the test rig frame (5), pneumatic bellow (6), traverse (7), drawbars (8), rigid frame

(9), vibration generators (10).

In the test rig, the shaft (2) is supported by two symmetrically aligned support bearings,
which are designed as tilting-pad bearings with three pads (3). The test bearing (1) is
attached to a rigid frame (9) centrally between the support bearings. The rigid frame is
connected to a pneumatic bellow (6) via two drawbars (8) and a traverse (7). The pneumatic
bellow is mounted on the upper part of the test rig frame (5). This upper part and the two
support bearings are supported by the lower part of the test rig frame (4). By pressurizing
the bellow, the bearing is pulled against the shaft from below. A maximum bearing force of
1 MN can be applied.

The shaft, designed as a hollow shaft, is equipped with to capacitive distance sensors
and two piezoelectric pressure sensors. The sensors are arranged in the mid plane of the
shaft with a circumferential distance of 90° to each other. Sensors of the same type are
180° apart. The sensor plane can be moved across the whole test bearing width by axially
shifting the rotating shaft during measurement. Thus, both the fluid film thickness and
pressure distribution can be measured in a high-resolution two-dimensional (2D) data field.
In circumferential direction 240 data values are captured. Depending on the rotational
speed, up to 4000 data values can be recorded in axial direction. Due to the use of capacitive
distance sensors, the film thickness can only be measured reliably in areas where the gap is
completely filled with oil. However, areas of cavitation and deficient lubrication can be
detected by this characteristic.

In addition to stationary force, the test bearing can be loaded by sinusoidal dynamic
forces. Two vibration generators (10) are attached to the rigid frame at 90° to each other and
each at 45° to the stationary force in vertical direction. To determine the dynamic coefficients
of the test bearing, relative movement between shaft and test bearing is measured by four
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eddy current distance sensors. Kukla et al. [17] give a detailed description of the vibration
generators, the measurement system and post-processing.

2.2. Test Bearing

The test bearing is a five-pad TPJB in a load between pad configuration. The nominal
bearing diameter is 500 mm. Both, the pads back and bearing ring are manufactured with
a radius in axial direction leading to an elliptical pivot geometry. This pivot geometry
enables a double-tilt support of the pads, hence a tilting in both axial and circumferential
direction to better compensate for misalignment between shaft and bearing. The two lower,
highly loaded pads each feature hydrostatic jacking grooves on the running surface above
the pivot area. In both pads, the running surface is manufactured with an axial concave
profile following Kukla [30] to compensate for thermal crowning at high specific loads.
Table 1 shows the bearing key parameter.

Table 1. Bearing key parameters.

Parameter Symbol Unit Value
Nominal diameter D mm 500
Bearing length B mm 350
Number of tilting-pads - - 5
Angular pad length Q ° 56
Pivot offset - - 0.6
Relative bearing clearance Y Joo 1.2
Radial clearance Cr pm 0.3
Pad preload my - 0.538
Pad back radius p mm 287
Pad back radius (axial) T'pax mm 60,000
Bearing ring radius Ty mm 322.5
Bearing ring radius (axial) Trax mm 1 x 102
Pad thickness tpad mm 72.5
White-metal layer thickness WM mm 2.265

Oilis supplied via a leading edge groove’ (LEG) mounted directly on the pads leading
edge (Figure 2). This directed lubrication allows a non-flooded lubrication concept for the
bearing to reduce friction loss. Therefore, no axial seals are inserted and the intermediate
space between the pads is enlarged in radial direction. Additionally, the bearing is designed
with oil drain channels and large spacing between pads and axial bearing covers to avoid
oil accumulation in the bearing except for the lubrication gap. The two lower pads are each
equipped with additional ‘trailing edge grooves’ (TEG) for active cooling of the trailing
edge. A safety mechanism mounted in the pivot area to keep the pads in place hinders the
oil feed through the pivot. Hence, oil is fed in via the pads axial edges (Figures 2 and 3).
Both supply grooves, LEG and TEG are supplied separately via several internal galleries
between bearing ring and housing (Figure 3).
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Figure 2. 3D-Model of the test bearing and a single pad.

Leading edge groove

Feed hole Trailing edge groove

5 ,l Connecting elements between ring channel and pads not illustrated.

Figure 3. Principle drawing of the test bearing and a pad with supply grooves.

3. Experimental Results and Discussion

The experimental results in hydrodynamic operation are presented below. Tests were
carried out under purely stationary operating conditions. The main oil supply for the
bearing was 7.1L/s at a feed temperature of 50 °C at all operating points. The results are
compared in each case without and with feeding of the additional groove at the end of the
two loaded pads. The following total cooling volume flows are examined:

e 05L/s (0.25L/s per TEG)
e 10L/s (0.50L/s per TEG)
e 15L/s (0.75L/s per TEG)
e 20L/s (1.00L/s per TEG)

The temperature of the cooling oil supplied is also 50 °C. It is assumed that the volume
flow is divided equally between both grooves at the pad ends.

The comparison to a bearing without cooling is aimed to investigate the direct effect
of an additional groove at the end of thermally highly loaded pads. This is given if the
additional grooves are not supplied.

The axial concave profiling has been determined by Kukla [30] for a specific bearing
load of 2.75 MPa. However, the experimental investigations show that a residual profiling
remains under the thermal conditions that arise at this bearing load. This axially concave
residual profiling decreases with increasing load. Therefore, for the following consideration
of the experimental data of the test bearing, an operating point at a speed of 3000 rpm and
a specific bearing load of 3.00 MPa is selected.
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The graphs of the oil film thickness measured in the center of the bearing at a specific
bearing load of 3.00 MPa and a speed of 3000 rpm are shown in Figure 4 without and with
additional cooling.

A comparison of the three curves shows that the experimentally recorded oil film thick-
nesses differ only slightly. The gaps of the two loaded pads 3 and 4 are completely filled,
while those of the unloaded pads 1, 2 and 5 do not show complete filling—recognisable
from the non-steady course of the measured values. An influence of the additional cooling
on the radial pad deformation in the area of the pad ends (pad 3: approx. 172°; pad 4:
approx. 238°) cannot be determined from the measurement data. No influence on the axial
deformations could be detected during the tests either.
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é‘ 400 .
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0 | | | I I I I I I I I

0 30 60 90 120 150 180 210 240 270 300 330 360
Circumferential position ¢ [°]

Figure 4. Experimentally determined oil film thickness (um) over the circumference in the bear-

ing center (pads 1-5) with and without feeding of the TEG. Operating point: n = 3000 rpm and
P = 3.00 MPa.

The effect of the additional trailing edge cooling becomes obvious (Figure 5), if the
curves of the temperatures in the center of the bearing for the loaded pads 3 and 4 are
considered: While only the temperature level at the end of the pad is influenced for pad 3,
the entire temperature level is reduced for pad 4.

120 T T T T T
110 b —)(—VTEG 0 [L/s| . |
Vige = 05 [L/s] )
g 100 F|—©— Vage = 10 [L/s] i
=
o 90 r 7
3
=
= 80 [ B
[
2,
é 70 |
60 ) @ E

50 I I I I I
120 150 180 210 240

Circumferential position ¢ [°]
Figure 5. Measuring point temperatures (°C) of pads 3 and 4 in the axial center of the bearing
(z = 0 mm) with and without feeding of the TEG. Operating point: n = 3000 rpm and p = 3.00 MPa.

The influence on the thermal behavior of pad 4 is due to a cooling oil carry-over. The
effect is caused by the additional feeding at the trailing edge of pad 3. In addition to the
hot oil leaving the end of pad 3, a portion of the supplied cooling oil is carried over to the
beginning of pad 4. This provides a larger amount of fresh oil to the pad. The increased
volume flow and the reduced gap inlet temperature result in a lower overall temperature



Lubricants 2021, 9, 26

90f18

level. Nevertheless, the qualitative temperature curves of pad 3 and 4 are similar for the
two cases considered with additional cooling. The effect of trailing edge cooling can only
be seen in isolation for pad 3 due to the mixing of the effects described for pad 4. The
improved heat dissipation at the end of the pad can reduce the maximum temperature and
the temperatures at the trailing edge.

In general, the additional supply to the low-pressure TEG provides the bearing with
a larger quantity of lubricant, even if this is concentrated on the respective rear edges of
the loaded pads (see Figure 6). A larger volume flow inevitably leads to an improvement
in certain properties, with first and foremost the maximum temperature that is achieved.
In order to be able to estimate the influence of a higher total volume flow rate on the thermal
properties, the experimentally determined maximum bearing temperatures (left) and the
corresponding power loss (right) are plotted versus the total oil flow rate in Figure 7.
For this purpose, the same total volume flow is supplied to the bearing via the leading
edge grooves as in the tests at a nominal oil flow (7.1 L/s) with additional cooling via the
TEG at pads 3 and 4.

115 : : : : . . . . . . 280
max
— -3 T
D10 = 1200 =
= =
=
= 105 1240 2
g P
o o
& 100 1220 &
95 : ‘ : ‘ . : ‘ : ‘ : 200
0 05 1 15 2 25 0 05 1 15 2
Volume flow TEG V,_ . [L/s] Volume flow TEG V,, 10 [L/3]

Figure 6. Experimentally determined maximum and final temperatures (°C) of pad 3 as well as the

power loss depending on the supplied volume flow of the two cooling grooves. Operating point:
n =3000rpm and p = 3.00 MPa.

(S}
=120 —8—7.1L/s  TEG{ } { 280
—6— LEG
& 2.0L/s =
o 1o
g 115 20 5
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g >
2. 110 1240 %
5 051/s E\E—E\ﬂ B
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g 105 | 10L/s  151/s ] o0 E
= 2.01/s a¥
= —8—7.1L/s: TEG
§ 100 f 17 —OE—LEG 1200
775 8 85 9 775 8 85 9
Total volume flow V [L/s] Total volume flow V [L/s]

Figure 7. Experimentally determined maximum measuring point temperature and friction power as
a function of the total volume flow supplied. Operating point: n = 3000 rpm and p = 3 MPa.

As expected, a higher oil flow rate has a positive effect on the maximum temperature
of the bearing. The measured maximum pad temperatures are on average 5K above
those with additional cooling of the trailing edges of the pads. It can be shown that the
improvement of the thermal condition is due to the selective feeding at the trailing edges
of the highly loaded pads and not to the increased oil flow rate. When the nominal flow
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rate is increased, all pads benefit from the increased flow rate. The thermal properties
of individual pads improve specifically, mainly those of the two lower thermally highly
loaded pads, if the additional cooling grooves are fed. The measured power losses of the
two variants show qualitatively corresponding curves, whereby that of the bearing with
trailing edge cooling is slightly higher. However, this is plausible due to the additional
shear stresses occurring in the two TEG at the pads 3 and 4.

4. Numerical Procedure

With the model, we introduce an approach to simulate the influence of the additional
TEG on the thermal pad characteristics. In the further course, the model is used for the
theoretical investigations and the simulation results are compared with the test data. The
modeling can be subdivided as follows:

e CFD calculation of a single pad with additional supply groove at the end of the pad
(OPENFOAM)

¢  Thermohydrodynamic journal bearing calculation considering thermomechanical pad
deformations (COMBROS-CALCULIX)

CFD analyses are used to determine the dissipated heat flows at the end of a pad.
The open source software package OPENFOAM is used. The coupling of structure (pad)
and flow space is done with the CHT (conjugated heat transfer) method, in which equal
temperatures and heat flows are assumed at phase boundaries. Thermomechanical pad
deformations are not calculated within the CFD, but are taken into account by specifying
the flow space based on the measured data.

For the determination of the steady-state operating characteristics, a coupling of the
journal bearing calculation tool COMBROS with the open source finite element (FE) tool
CALCULIX based on the work of Kukla [30] is modified and used.

4.1. CFD Calculation with OpenFOAM

The chtMultiRegionSimpleFoam solver of the simulation software package OPEN-
FOAM-4.x (Open Source Field Operation and Manipulation) is used as CFD solver running
within the Windows porting blueCFD-Core 2016-2. The solver calculates a stationary, turbu-
lent, incompressible flow with the finite volume method. Flow, pressure and temperature
fields, the heat exchange between fluid and solid and the temperature distribution in
the solid are determined. Only single-phase flow is considered. Cavitation areas are not
considered. Turbulence influences are modeled with the k-w-SST model.

A consideration of the dissipative term is indispensable for the correct determination
of the heat entry into the pad or the heat generation in the gap flow. Therefore the energy
equation of the solver (Equation (1)) is extended by the dissipative term taking into account
the shear forces according to Equation (2) to determine the temperature.

aT aT aT d oT d oT d oT

el (3)]

Included in the equation are the specific heat capacity c, density p, velocity compo-
nents uvw, thermal conductivity A, viscosity # and temperature gradients 0T /dx;. For
the temperature-dependent dynamic viscosity, the relation given by FALZ [33,34] is im-
plemented as a function of a reference temperature Ty, a reference viscosity #y and the
FALZ exponent I, which is a specific property of the respective ISO-VG (International
Organization for Standardization Viscosity Grade) class (Equation (3)).

n(T) =no- (TTO> B 3)
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Figure 8 shows two exemplary models that are built with a reduced number of nodes
for the sake of clarity. The left part of the figure shows a model without an additional
groove. The right part of the figure shows an example of a pad model with an additional
groove at the end of the pad, the flow space is not shown. The models are designed
assuming symmetry to the center of the bearing.

Solid mesh

Fluid mesh Symmetry plane

S RRRCOS
st
§SSOCISReTSS
05 SeR0SSRS,
CISS00SS

Solid mesh Feed hole Groove (TE)
Figure 8. Illustration of the CFD model with reduced number of nodes. Left: Tilting-pad (grey) and
fluid mesh (yellow) without additional supply groove. Right: Tilting-pad (grey) with TEG (fluid
mesh not shown).

Due to computing times and data capacities, the simulation only considers a single
pad without the surrounding spaces. Furthermore, the axial symmetry of the bearing is
utilized when creating the model. However, this means that boundary conditions such as
the shaft temperature must be specified. The boundary conditions are chosen based on the
results of the experimental investigations. In summary, the following boundary conditions
are used for the CFD:

*  Asingle pad is considered, without the surrounding space.

*  Symmetry to the middle plane of the pad in axial direction.

*  Preset of the shaft temperature based on the experimentally collected data.

®  Specification of the heat transfer coefficients (literature-based) at pad surfaces that do
not belong to the running surface or supply groove.

*  Specification of the ambient temperature at pad surfaces that do not count as part of
the running surface or supply groove, based on the experimentally recorded data.

®  Presetting of the circumferential speed of the shaft based on the shaft speed.

e No-slip condition on the bearing surface.

*  No-slip condition on the shaft surface.

®  Presetting of the pressure boundary conditions.

®  Presetting of the volume flow of the TEG.

*  Specification of the supply temperature.

4.2. Thermohydrodynamic Journal Bearing Calculation with COMBROS

For the determination of the steady-state bearing operating characteristics, the state-
of-the-art journal bearing calculation program COMBROS version 1.3.0 (Developed at
Institute of Tribology and Energy Conversion Machinery, Clausthal University of Technol-
ogy, Germany) is used. The calculation is based on the simultaneous, iterative solution of
the REYNOLDS and energy equations for the pressure and temperature distribution within
the bearing. A comprehensive description of the calculation and function scope can be
found in [5,7]. The main features of the program can be characterized as follows:

e  Solution of the extended and generalized REYNOLDS differential equation.

¢  Simultaneous solution of the 3D energy equation for lubricating film, shaft and pad
or bearing.

*  Consideration of the occurrence of Taylor vortices and turbulence.

¢  Consideration of cavitation regions (Elrod algorithm, two-phase model).
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®  Realistic oil feed model.

*  Approximate consideration of thermomechanical tread deformations.

¢ Interface for coupling of structural mechanics software.

*  Consideration of 2D profiling of the running surface.

e  Consideration of multi-lobe and tilting-pad bearings.

*  Possibility to specify different heat transfer coefficients for different pad surfaces.

Different oil supply systems can be modeled, including direct lubrication via a LEG.
The bearing is modeled without additional supply grooves at the end of the pads, as these
cannot currently be represented in COMBROS. The TEG are modeled via the heat transfer
on the corresponding surfaces of the pads.

The experimental results indicate that the three unloaded pads 1, 2 and 5 show a
lack of lubrication at the relevant operating points. No hydrodynamic pressure build-
up is generated. According to Hagemann [7], a lack of lubrication leads to instabilities
in the numerical calculation of the equilibrium and thus to a negative influence on the
convergence behavior. Due to this fact, the tilting mobility of the three pads is blocked in the
calculation of the operating properties. There is also no calculation of the thermomechanical
deformations of these pads.

4.3. Thermomechanical Deformation Calculation with CALCULIX

For the consideration of thermomechanical pad deformations, the structural mechanics
tool CALCULIXversion 2.17 (Dhondt and Wittig, Germany) is used. The tool is coupled with
the journal bearing calculation tool COMBROS. Functionality and scope can be found in the
program documentation of Dhondt [35]. The basic coupling of the two programs is based
on the procedure described by Kukla [30] with the aid of the development environment
MATLAB version 2016a (The MathWorks, Inc., Natick, MA, USA).

Based on COMBROS input data, a geometric model of a tilting-pad is built up. The
consideration of hydrostatic jacking grooves and a running surface profiling is done by a
corresponding offset field, which is imposed on the nodes of the running surface. Required
fields such as temperature or deformation data are transferred to the corresponding dis-
cretization within MATLAB. The following boundary conditions are used for the FE model:

*  Blocking of the displacements of the nodes in the contact zone of pad and bearing ring.

¢ Specification of heat transfer coefficients and side flow temperatures at the pad
surfaces.

e  Pressure and temperature distribution on the running surface are taken from COM-
BROS.

4.4. Modeling the Influence of Active Cooling via TEG

The heat flow supplied to or dissipated from Q a surface A is defined according
to Equation (4). In addition to the heat transfer coefficient «, this depends notably on
the difference between the wall temperature Ty and the temperature of the surrounding
fluid TF-

Q=uax Ax (Tw—Tf) 4)

The heat transfer at pad surfaces is described by the heat transfer coefficients at the
respective surfaces and the ambient temperature. As the ambient temperature the mean
side flow temperature is assumed for all surfaces except the running surface [36].

In order to model the influence of the active trailing edge cooling within the bearing
calculation, the heat transfer coefficient is iteratively adjusted in the FE-coupled calculation
until the dissipated heat flows match those of the CFD simulations. Figure 9 shows the
flow chart for the adjustment of the heat transfer coefficient. Starting from an initial
value of the heat transfer coefficient at the trailing edge, a journal bearing calculation is
performed. After running through the calculation loop, the temperature field at the trailing
edge of pad 3 as well as the average side flow temperature are read out. The temperature
field is additionally averaged. Subsequently, the heat flow dissipated over the surface is
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determined according to Equation (4). If the dissipated heat flow corresponds to that of the
CFD simulation within a tolerance range, the iteration loop is exited. Otherwise, the heat
transfer coefficient is modified and another calculation run is performed.

Start: Initial value o
and boundary conditions.

<
<€

COMBROS FE-coupled
CalculiX thermohydrodynamic
cgx | cex journal bearing calculation

A 4

- Readout the temperature distribution
of pad 3
- Averaging of the wall temperature

Modification of
the heat transfer

- Readout of the average side flow coefficient o,

temperature

A

A 4

Calculation of the heat flow

A 4

< Concordance of the heat flows no

(CFD - COMBROS)

yes

v
Output of the determined
heat transfer coefficient o,

End

Figure 9. Flow chart for modifying the heat transfer coefficient at the trailing edge of pad 3.

5. Simulation Results and Discussion

Figure 10 shows the results of the iterative modification of the heat transfer for the
specific bearing loads of 2.50 MPa up to 4.00 MPa. The dissipated heat fluxes at the trailing
edge of pad 3 resulting from the bearing calculation with COMBROS are plotted against
the heat transfer coefficient used. In the diagrams, the heat flows of the CFD simulation
are displayed for the various supplied volume flows as reference degrees. In addition,
the amount of heat dissipated for a weak heat transfer at a heat transfer coefficient of
250 W/ (m? K) is drawn in each case.

For the considered load cases, all heat flows of the CFD calculations can be mapped
with corresponding heat transfer coefficients within the FE-coupled thermohydrodynamic
bearing calculation. The heat transfer coefficients are in a range of 450 W/(m?K) up to
1800 W/ (m? K).

The evaluation of the modeling is done by comparing the simulation results with the
experimentally recorded data. The iteratively determined heat transfer coefficients for the
different volume flows are used to map the TEG at the pad ends. As an exemplary case,
the curves of the oil film thicknesses and measuring point temperatures are considered for
a supplied volume flow of 2.0L/s. The calculated and measured film thicknesses in the
center of the bearing are shown in Figure 11. In the rear area of the loaded pads 3 and 4
behind the hydrostatic jacking grooves, there is a good agreement between the calculated
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and measured film thicknesses. At the beginning of the gap of the two pads, the curves of
the measurement and the calculation differ. Since the tilting mobility of the unloaded pads
1,2 and 5 is blocked and the pads are not taken into account in the deformation calculation,
it is not possible to assess the simulated film thickness on the basis of the measured values.
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Figure 10. Calculated heat flow (W) at the trailing edge of pad 3 as a function of the heat transfer
coefficient (W/(m? K) at different specific bearing loads for the volume flows 0.5L/s, 1.0L/s, 1.5L/s,
and 2.0L/s. Speed: n = 3000 rpm.
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Figure 11. Measured and calculated film thickness (um) over the circumference in the center of
the bearing (pads 1-5) with an additional cooling oil volume flow of 2.0L/s. Operating point:
n =3000rpm and p = 3.00 MPa.

Figure 12 shows the calculated measuring point temperatures in comparison with the
experimental values. Qualitatively, the curves agree well. The calculated temperatures
of pad 3 match the experimentally measured values. The calculated temperature at the
trailing edge of pad 3 is almost identical to the actual measured temperature. This can
also be observed for the maximum measuring point temperature. On the other hand, the
temperature curves determined for pad 4 differ more clearly from the measured values.
This discrepancy is due to the already described cooling oil carry-over from the TEG of
pad 3 to pad 4. This reduces the gap entry temperatures at the beginning of the pad. This
effect cannot currently be modeled in COMBROS, which is the reason for the differences
in the curves.
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Figure 13 shows the calculated and measured temperature curves of the two loaded
pads for different cooling oil volume flows at the trailing edge using the determined heat
transfer coefficients in COMBROS.
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Figure 12. Measured and calculated measuring point temperatures (°C) over the circumference in
the center of the bearing (pads 1-5) with an additional cooling oil volume flow of 2.0 L/s. Operating
point: n = 3000 rpm and p = 3.00 MPa.
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Figure 13. Measured and calculated measuring point temperatures (°C) of pad 3 and 4 over the
circumference in the center of the bearing for the different cooling oil volume flow rates. Operating
point: n = 3000 rpm and p = 3.00 MPa.

The pad temperatures at the trailing edge deviate noticeably from the measured values
at 0.5L/s and 1.0 L/s. With increasing volume flow, the results agree very well with the
measured temperatures. However, the end temperatures are consistently predicted slightly
too high. Although the cooling oil carry-over cannot be modeled, the comparison between
calculation and measurement results shows that the temperature course at the trailing
edge can be qualitatively reproduced. The temperature curve in this area indicates that a
similarly large amount of heat is dissipated via the trailing edge of pad 4.

6. Conclusions

The test results show that at high thermal loads, the maximum measuring point
temperature of the two loaded pads can be considerably reduced with the help of the addi-
tional TEG. A small amount of oil is sufficient (see Figure 5) to influence the temperature
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of the first loaded pad 3. As the fresh oil flow of the cooling increases, the effect on pad 4
increases. This is mainly due to the extra cooling oil being carried over from the groove at
the trailing edge of pad 3 to pad 4. The entire temperature level of pad 4 is thereby lowered.
Nevertheless, the improved heat transfer at the trailing edge of pad 4 can be seen by the
temperature drop towards the end of the pad.

The measured data indicate a kind of saturation of the heat dissipation with increasing
cooling oil volume flow (cf. Figure 6). The benefit of trailing edge cooling must therefore
always be considered in relation to the power loss of the bearing. In general, it is possible to
influence or specifically improve the thermal behavior of a pad. For example, the maximum
temperature can be reduced by up to 3K at the same load. However, the reduction of the
pad temperature at the trailing edge is more notable. This temperature can be reduced by
up to 8 K by feeding the TEG. An influence of the additional grooves on the deformation of
the pads was not observed.

The use of the procedure to consider the cooling influence provides heat transfer
coefficients with which the heat flows determined with the CFD can be adequately trans-
ferred to the COMBROS model. The procedure can be used to map the influence of the
TEG on the thermal behavior of a pad. However, the procedure is only valid for pad
3. The measurement data show an influence of the additional grooves on the respective
downstream pads, which increases with increasing volume flow. As things stand, it is not
possible to model the described cooling oil carry-over, so that the temperature curves of
pad 4 do not match the experimental data.

In summary, due to the agreement of the simulation and measurement results, the
bearing modeling and the representation of the influence of the TEG can be considered
valid within the model limits.
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A Area
B Bearing length
c Specific heat capacity
Cr Radial clearance
D Nominal diameter
Film thickness
I FLAZ-exponent
my  Pad preload
n Rotor speed
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Specific bearing load
Power loss

Heat flow

Radius

Thickness

Temperature

Flow velocities

Volume flow

Cartesian coordinates
Heat transfer coefficient
Dynamic viscosity
Thermal conductivity
Density

Angular coordinate
Dissipation

Relative bearing clearance
Rotation speed

Angular pad length

CFD  Computational fluid dynamics
FE Finite elements

HTC  Heat transfer coefficient
LEG  Leading edge groove
TEG  Trailing edge groove

TPJB  Tilting-pad journal bearing
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