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Abstract: Multispeed transmissions are helpful for improvement of the economy and drivability of
electric vehicles (EVs). In this paper, we propose a two-speed transmission based on dual planetary
gear mechanism, in which shifts are realized by torque transfer between two brakes located on
ring gears. To synthesize the dynamic and economic performances of the vehicle, a multiobjective
optimization problem is constructed for gear ratio optimization and Pareto-optimal solutions of
gear ratio combinations are obtained by Nondominated sorting genetic algorithm-II (NSGA-II).
In particular, the minimum electric energy consumption of the EV is calculated with a fast Dynamic
Programming (DP) in each iteration. Following this, a constant-output-torque control (COTC) scheme
is adopted for the torque phase and inertia phase of gearshift process to ensure constant output
torque on the wheel. To enhance transient responses, the feedforward–feedback controller structure
is applied and a disturbance observer is integrated to improve robustness. Simulation results
demonstrate that the two-speed transmission has much better performance in terms of acceleration
time and energy economy compared to the fixed-ratio transmission, and the proposed gearshift
control method is able to achieve fast and smooth gear shift robustly while maintaining constant
output torque.

Keywords: electric vehicles; automatic transmission; gear ratio optimization; gear shift control

1. Introduction

Electric vehicles (EVs) are promising alternatives to conventional vehicles that use fossil fuels [1].
Benefiting from the wide operating range of the electric motor and minimizing the cost, volume, and mass
of the power train, most EVs in the market are equipped with fixed-ratio single reduction rather than
multispeed transmission, e.g., Nissan Leaf, Renault ZOE, and Tesla Model 3. However, motor operating
points may deviate from the high-efficiency region under actual driving conditions for daily use
and the ratio of single reduction on EVs must be designed as a trade-off between dynamic and
economic performances [2]. Researchers have proved benefits of using multispeed transmissions on
EVs through simulations and experiments [3–7]. Integrating a multiple-speed transmission into EVs
can make optimum use of high-efficiency motor operating ranges, which means that the motor and
battery can be downsized compared to the baseline drivetrain configuration consisting of a single-speed
transmission [3,4]. Reference [2] indicated that choosing a suitable two-speed transmission not only
improves EVs’ dynamic performance with little additional initial manufacturing cost, but also saves
customers’ money in the long term.

The application of a multispeed transmission for EVs consists of dual clutch transmission (DCT) [8,9],
continuous variable transmission (CVT) [5], automatic transmission (AT) [10,11], and automated manual
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transmission (AMT) [6,11–13]. Each of the above transmission configurations has its own merits and
demerits. The first three can achieve a seamless gearshift by clutch-to-clutch control, but this makes
the control system complex and expensive. The AMT used in EVs has a simpler mechanical structure
and lower cost, in which the gearshift is mainly achieved through active motor speed synchronization,
while torque interruption is inevitable during the gearshift process.

Gear ratio optimization of the multispeed transmission is necessary in order to balance the
dynamic and economic performance. In [2], the gear ratios of a two-speed DCT and a simplified
CVT are designed according to target vehicle performance characteristics, i.e., top speed, max grade,
and acceleration. The selection of the optimal gear ratio for the CVT-based two-speed system has
been carried out via an optimization procedure which takes into account the efficiency characteristics
of the whole vehicle power-train [14]. However, the above design optimizations are based on fixed
drive cycle, which may not be necessarily optimal when applied to different drive cycle or to the entire
driving profile of a vehicle [15]. Therefore, reference [6] designed a composite gear shifting schedule
under the combined urban and suburban drive cycles in the optimization process. Researches on
gearshift control of transmissions for EVs have also been observed. In [16], optimal control methods
are used to fulfill the constant-output speed and constant-output torque shift control, with the actuator
limits considered. This work is further improved by complementing with a backstepping controller
which serves as the feedback component [17]. Hybrid Minimum Principle (HMP) is used to handle state
jumps at the switching points of different stages in gearshift [10]. PID (Proportional-integral-derivative)
controllers are applied in references [18,19]. Effects of the slip speed reference in the inertia phase
are discussed in reference [20]. In [21], torque observers are adopted to facilitate shifting control of a
two-speed transmission for EV.

Novel configurations and control strategies are brought about with the rapid development of EV.
For high-performance models, intermittent power loss is unacceptable. In such cases, planetary-gear-based
transmissions (PGTs) may be more promising candidates. In this paper, we propose a two-speed
transmission based on dual planetary gear mechanism and introduce an integrated gearshift strategy
using feedforward–feedback control with disturbance compensation, for both torque phase and inertia
phase. The paper is organized as follows: Section 2 shows the power-train topology of the two-speed
transmission. The gear ratio optimization based on Nondominated sorting genetic algorithm-II (NSGA-II)
approach is applied in Section 3. Section 4 presents the development process of the constant-output-torque
control (COTC) strategy for torque phase and inertia phase. At last, summary and conclusions are given
in Section 5.

2. Topology Structure of The Drivetrain

The power-train topology of the EV adopting the proposed two-speed transmission is illustrated
in Figure 1, including an electric motor, two-speed transmission, final drive, and differential. To be
more specific, the two-speed transmission consists of dual planetary gear sets, where the input of
the transmission is S1 mechanically connected to the output shaft of motor and C2 is regarded as the
output of the transmission. Two planetary gear sets have up to four degrees of freedom (DOF) and in
conventional AT, some DOF can be constrained by clutches and brakes, or mechanical connections
of the gear components, to create different gear ratios. As for the proposed transmission, S1 and S2
are both attached to the transmission input shaft directly, C1 is integrated with R2, and two brakes
BK2 and BK1 are placed on R1 and R2, respectively. Thus, two different gear ratios can be obtained by
engaging or disengaging the two brakes.

Table 1 shows the gear state via the Level-analogy method [22], where k = ZR
ZS

is the ratio of the
number of teeth of the ring gear to the number of teeth of the sun gear (also known as the characteristic
parameter of the planetary gear set).
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Figure 1. Layout of the two-speed transmission drivetrain: (a) Diagram of the electric power-train;
(b) Cross-sectional view of the virtual prototype of the electric power-train (EM—Electric motor;
BK1—First gear brake assembly; R1—First ring gear; C1—First carrier; S1—First sun gear; P1—First
planet gears; BK2—Second gear brake assembly; R2—Second ring gear; C2—Second carrier; S2—Second
sun gears; P2—Second planet gears).

Table 1. Gear states for the two-speed transmission.

Gear State Brake Status Level Analogy Gear Ratio

1st Gear
BK1:engaged

BK2:disengaged

S1-S2 C2 C1-R2 R1

BK1

S1-S2 C2 C1-R2 R1

BKBK1in
out

2
k 1

2

1

1+k

k

ig1 = 1 + k2

2nd Gear
BK1:disengaged

BK2:engaged

S1-S2 C2 C1-R2 R1

BK2

S1-S2 C2 C1-R2 R1

BKBK22in
out

ig2 = 1 + k1k2
1+k1+k2

3. Gear Ratio Optimization Problem

Assuming that the electric motor and battery parameters are determined, different gear ratio
combinations can significantly affect the dynamic performance and energy consumption of the vehicle.
Generally, for an EV with fixed-ratio transmission, larger gear ratio means better dynamic performance,
but at high-driving-speed conditions the operating point of the motor may be out of high-efficiency
zone, while a smaller gear ratio may decrease hill-climbing ability and accelerating performance.
Taking the acceleration time from standstill to 100 km/h and the 100 km electric energy consumption
under specific drive cycle as the power performance and economic indices, respectively, consistent
with the above analysis, the two indicators may conflict with each other for the EV adopting the
two-speed transmission and a global optimized solution cannot be obtained. From an optimization
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perspective, gear ratio optimization can be summarized as a multiobjective optimization problem
as follows:

min
x

J(x) = [Jacc(x), Jele(x)]T

s.t. x ∈ Ω,
(1)

where Jacc and Jele denote the acceleration time from 0 to 100 km/h and the 100 km electric energy
consumption, respectively. x is the decision vector and is chosen to be the first and second gear ratio
i1 and i2 (final drive ratio included). Ω is the feasible region where x should satisfy all constraints,
like vehicle and components dynamic constraints.

In this study, the NSGA-II approach is selected to solve the multiobjective optimization problem.
The NSGA-II is a kind of genetic algorithm, in which the fast nondominated sorting and crowded
distance sorting methods are introduced to generate Pareto-optimal solutions. More details about
the framework of NSGA-II can be found in [23]. Figure 2 presents the flowchart of the gear ratio
optimization procedure with the NSGA-II approach.

Start

Initialize population

Evaluate objective functions

Calculate 
Acceleration 

Time

Calculate 
Energy 

Consumption

Global Optimization

Dynamic Programming

Non-dominated Ranking

Evaluate objective functions

Generate Child Population

Selection, Crossover, Mutation

Elitism

Combine Parent and Child Populations;
 Non-dominated Ranking;

Crowding distance

Stop?

No

Pareto optimal solutions

End

Yes

1 2
i ,i[ ]

ele
J

Figure 2. Flowchart of the gear ratio optimization procedure with the Nondominated sorting genetic
algorithm-II (NSGA-II) approach.

The flow can be described as the following steps:
Step 1: Generate initial population.
Step 2: Evaluate the objective functions (i.e., the acceleration time and the electric energy

consumption) of each individual and sort the population by fast nondominated ranking. It should be
noted that, to get the best energy consumption economy, the 100 km electric energy consumption is
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obtained via fast Dynamic Programming (DP) for the certain gear ratio combination. The details of DP
are introduced in the following Section 3.2.2.

Step 3: Produce the child population via selection, crossover, and mutation operation.
Step 4: Evaluate the objective functions of the child population as Step 2.
Step 5: Keep the best parent–child individuals from the parent and child population.
Step 6: Perform the above steps until the stopping criteria is met.

3.1. Feasible Regions of Gear Ratio

The gear ratio should satisfy the basic dynamic performance requirements of the vehicle and
mechanical constraints of key components; the parameters of the vehicle and components involved
in this paper are listed in Table 2. The basic dynamic performance of an EV generally refers to the
maximum vehicle speed and maximum ascendable grade of the vehicle.

Table 2. Vehicle and component parameters.

Parameter Description Quantity (Unit)

m Vehicle mass 1865 kg
r Wheel radius 0.35 m
f Coefficient of rolling resistance 0.011

CD Coefficient of aerodynamic drag 0.24
A Frontal area 2.34 m2

ηtot Overall power-train efficiency 0.96
i0 Final drive ratio 3.91

υmax Maximum vehicle speed 220 km/h
αmax Maximum ascendable grade 35%

ϕ Adhesion coefficient 0.75
nM,max Maximum motor speed 12,000 rpm
TM,max Maximum motor torque 290 Nm

QC Battery rated capacity (cell) 50 Ah
Nbatt Number of the cell 384

According to the longitudinal vehicle dynamics [24], the range of the first gear ratio is determined
by the maximum ascendable grade and the tire adhesion limit:

rmg ( f cos αmax + sin αmax)

TM,maxηtot
≤ i0ig1 ≤

rFz ϕ

TM,maxηtot
, (2)

where g is the gravity acceleration, Fz is the support force for the ground to the driving wheel and is
related to the axle load distribution of the vehicle, all other parameters are defined in Table 2.

Similarly, the range of the second gear ratio is determined by the vehicle top speed and maximum
motor speed, namely,

rmg f + r CD Aυ2
max

21.15
TM,maxηtot

≤ i0ig2 ≤
0.377rnM,max

υmax
. (3)

In addition, given the space limitations of the two-speed transmission and the assembly relationship
and adjacency condition of the planetary gear sets, the characteristic parameter of the planetary set should
be limited to:

4
3
≤ k1, k2 ≤ 4. (4)

In conjunction with the gear ratio expressions in Table 1, combining Equation (4) with
Equations (2) and (3), then the ultimate feasible region of the gear ratios are as follows:

9.13 ≤ i0ig1 ≤ 12.29

5.81 ≤ i0ig2 ≤ 7.19.
(5)
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3.2. Objective Functions

As mentioned before, it is essential to calculate the fitness functions of each individual in
population at each iteration of the genetic algorithm. In this paper, the acceleration time from 0
to 100 km/h and the 100 km electric energy consumption are chosen as the objective functions,
the following is a step-by-step analysis of how to calculate these two objective functions.

3.2.1. The Acceleration Time

The time elapsed from 0 to 100 km/h is regarded as the integral of the inverse value of the
acceleration and can be described as

Jacc = ts f +
∫ υs f

0

1
a1

dυ +
∫ 100

υs f

1
a2

dυ, (6)

where ts f is the gearshift time and can be considered as a constant at the design stage, υs f is the velocity
at gearshift point, a1 and a2 are the acceleration at first gear and second gear.

3.2.2. The Electric Energy Consumption

The 100 km electric energy consumption of the EV depends on the specific driving cycle. In order
to fully reflect the energy consumption of the electric-drive system, the average of two standard drive
cycles, NEDC (New European Drive Cycle) and WLTP (World Light Vehicle Test Procedure), is used as
the weighted value of the objective function.

Jele =
SNEDC

SNEDC + SWLTP
J∗NEDC +

SWLTP
SNEDC + SWLTP

J∗WLTP, (7)

where SNEDC and SWLTP is the mileage of NEDC and WLTP respectively, J∗NEDC and J∗WLTP are the
minimum electricity consumption of corresponding drive cycle.

In each iteration process of the optimization process shown in Figure 2, the corresponding gear
ratio combination of each individual has been assigned. Thus, given the drive cycle, the 100 km electric
energy consumption of the EV is determined by the gear shift sequence. From a control point of view,
this is a multistage decision-making process, so DP method can be used to solve this problem [25].
The following is a brief description of the implementation process.

• The global optimization problem formulation

Since the vehicle speed and acceleration are known in the standard drive cycle, the driveline
torque and state-of-charge (SOC) of the battery at each time step k can be derived through a backward
simulation model. The state-space model of the EV adopting the two-speed transmission can be
established in Equation (8). SOC(k + 1) = SOC(k)− I(k)Ts

3600Qc

G(k + 1) = G(k) + uG(k),
(8)

where the state variable is x = [SOC, G], G denotes the gear state, Ts is the time interval and can be set
to 1, Qc is the battery capacity, uG is the only control variable and represents the gearshift command,
I is the battery current and can be expressed as follows:

I =
Voc −

√
V2

oc − 4RintPbatt
2Rint

(9)

where Pbatt is the battery power related to motor power flow, and Voc and Rint are open circuit voltage
and internal resistance, respectively. The tendency of the battery open circuit voltage with SOC and
the battery internal resistance with SOC are shown in Figure 3.
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(a) (b)

Figure 3. Battery parameters: (a) The relationship between Voc and state-of-charge (SOC) under charging
or discharging status. (b) The relationship between Rint and SOC under charging or discharging status.

The DP optimization objective is to obtain the minimum electric energy consumption of the whole
drive cycle, the cost of applying the control uG(k) at time step k can be intuitively defined as

L(x(k), uG(k), k) = ψbatt(x(k), uG(k), k), (10)

where ψbatt is the electricity consumption during the time interval. In addition, the cost of the frequent
shift is considered, thus, Equation (10) is rewritten as

L(x(k), uG(k), k) = ψbatt(x(k), uG(k), k) + wG|uG(k)|, (11)

where wG is the weight coefficient to penalize the frequently gearshift event.
Finally, the objective function can be obtained by integrating the Equation (11) over the entire

drive cycle.

J = φ(x(N), N) +
N−1

∑
k=0

L(x(k), uG(k), k), (12)

where φ(x(N), N) is the final cost that is independent of the control variable. In this paper, there is no
constraint on the final state, thus, the global optimization problem can be constructed as

min
uG

J =
N−1

∑
k=0

L(x(k), uG(k), k)

s.t.


SOCmin ≤ SOC(k) ≤ SOCmax

G(k) ∈ {1, 2}
uG(k) ∈ {−1, 0, 1},

(13)

where SOCmax and SOCmin are maximum and minimum values of SOC operating range according to
the battery management system (BMS).

• The DP calculation process

According to Bellman’s optimality principle [25], the global optimization problem can be
decomposed into a series of simple minimization problems as follows:

(a) Cost calculation at N − 1 step

J∗N−1 (x(N − 1)) = min
uG(N−1)∈{−1,0,1}

L (x(N − 1), uG(N − 1), N − 1) . (14)
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(b) Intermediate calculation step for k = N − 2 to 0

J∗k (x(k)) = min
uG(k)∈{−1,0,1}

L (x(k), uG(k), k) + J∗k+1 (x(k + 1)) , (15)

where J∗k+1 (x(k + 1)) represents the minimum objective function from the state variable at
the (k + 1)th step to the state variable at the Nth step. The DP calculation process consists of
the backward calculation and forward calculation parts. First, starting from the (N − 1)th
step, based on Equations (14) and (15), the minimum objective function for each state
variable at the previous step can be derived in an iterative way and the optimal control
policy corresponding to this state variable is stored. In the forward calculation process,
starting from the initial time and state variable, the optimal control variable at kth step can be
obtained from the optimal control policy stored in the above backward calculation process.
Combining Equations (8) and (9), the state variable at the next step on the optimal path can
be calculated and the above process is repeated until the final step is reached.

In the optimization procedure shown in Figure 2, the population’s update requires the computation
of objective functions for each individual. The DP process needs to be invoked sequentially to calculate
the 100 km electric energy consumption, so a fast solution method for DP problem is crucial. If the state
variable space is meshed according to SOCmax and SOCmin during backward recursion, as the square
region of the solid line envelope in Figure 4, some region of the state space cannot be reached during the
specific drive cycle, which creates the unnecessary computational burden. In this paper, provided that the
initial value of the SOC and drive cycle are known, the reachable region of SOC at any time step k can be
calculated in advance, which can help reduce the search scope of the state variable space. The reachable
regions of SOC at kth step and (k + 1)th step are the gray regions shown in Figure 4.

0 ... k k+1 N...

Step

Gear State

SOC

1

SOC Reachable Region

...

2

low
SOC (k)

high
SOC (k)

ini
SOC

x(k)

GL(x,u ,k)

lowSOC (k+1)

highSOC (k+1)

'x (k+1)

''x (k+1)

max
SOC

min
SOC

Figure 4. Determine the SOC reachable region during the Dynamic Programming (DP) calculation process.

The SOC range at (k + 1)th step can be calculated by combining Equations (8) and (9):

SOChigh(k + 1) = SOChigh(k)−
Voc(k)−

√
V2

oc(k)− 4Rint(k)Pbatt,min(k)

7200Rint(k)QC

SOClow(k + 1) = SOClow(k)−
Voc(k)−

√
V2

oc(k)− 4Rint(k)Pbatt,max(k)

7200Rint(k)QC

SOChigh(0) = SOClow(0) = SOCini,

(16)

where SOCini is the initial value of the SOC; SOChigh(k + 1) and SOClow(k + 1) denote the maximum
and minimum value of SOC estimated at (k + 1)th step, respectively; the open circuit voltage and
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internal resistance for SOC(k) at k step can be obtained from Figure 3; Pbatt,min and Pbatt,max are the
minimum and maximum battery power and can be expressed as follows:

Pbatt,max/min =
Pveh

η
sgn(Pveh)
tot η

sgn(Pveh)
M

, (17)

where Pveh is the vehicle required power based on specific drive cycle, ηM is the motor efficiency at
k step and varies as a function of motor torque and speed. Since the optimal path has not been obtained
at this stage, the gear state at k step is undetermined, thus, the motor torque and speed at k step cannot
be derived with the driveline torque and vehicle speed from drive cycle. To simplify the analysis,
for the case where Pveh is greater than 0, the value of ηM can be replaced by the minimum value from
the motor efficiency map; for case where Pveh is smaller than 0, it can be replaced by the maximum
value from the motor efficiency map. Figure 5 gives an example of calculating the boundary range of
SOC with the initial SOC at 0.6 under NEDC drive cycle.

Figure 5. The boundary range of SOC with the initial SOC at 0.6 for New European Drive Cycle
(NEDC) drive cycle.

3.3. Optimization Results and Analysis

The integrated NSGA-II approach described above is used to generate Pareto-optimal solutions for
the gear ratio optimization problem. Setting the population size to 100 and the Pareto fraction to 0.3,
the Pareto front between the acceleration time from 0 to 100 km/h and the 100 km electricity consumption
is shown in Figure 6. From the graph, the 100 km electric energy consumption of the Pareto-optimal
solutions have no obvious difference and the range is less than 0.2 kWh/100 km, while the range of the
acceleration time corresponding to these solutions is about 1.5 s. Therefore, the point indicated by the
pentagram in Figure 6 is chosen as the compromise solution ([i1, i2] = [11.07, 7.09]) in this paper, where the
100 km electric energy consumption is 12.72 kWh/100 km and the acceleration time is 7.03 s.

In order to reveal the effect of the selected gear ratio combination, Table 3 provides a comparison of
the acceleration time and electricity consumption between the two-speed transmission and fixed-ratio
transmission. The acceleration time of the EV with two-speed transmission is reduced by 1.15 s
compared to the EV with fixed-ratio transmission. In addition, in both the NEDC and WLTP drive
cycles, the 100 km electric energy consumption can be reduced by more than 4%.
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Figure 6. The Pareto front graph between the acceleration time and electricity consumption.

Table 3. The results for the chosen gear ratio combination and the single gear ratio. WLTP—World
Light Vehicle Test Procedure.

Transmission Type Gear Ratio Acceleration Time (s)

Electricity Consumption
(kWh/100km)

NEDC WLTP

fixed-ratio Transmission ig,s = 9 8.18 12.23 13.83
Two-speed Transmission [i1, i2] = [11.07, 7.09] 7.03 (−1.15) 11.66 (−4.66%) 13.22 (−4.41%)

Take the NEDC drive cycle for example, Figure 7 provides a more intuitive explanation,
which shows the motor operating points of the two-speed transmission and the fixed-ratio transmission.
As shown in the diagram, the motor operating points of the two-speed transmission are more
concentrated in the high-efficiency area, while the motor of the fixed-ratio transmission operates
in a larger speed range to meet the vehicle speed requirements of the drive cycle which causes a lower
overall efficiency.

Figure 7. The motor operating points in NEDC drive cycle.
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4. Gearshift Control Problem

Before designing the gearshift controller, some characteristics of the electric-drive system should
be noted: (a) inertia of the motor is much smaller than that of the engine in conventional transmissions;
(b) the motor torque is more stable, more responsive, and more precise than the engine torque,
which makes accurate speed regulation possible. These facts should be utilized to simplify controller
design and facilitate determination of the control scheme.

General requirements for gearshift control of the proposed two-speed transmission are as follows:

• Duration of the whole process can be easily manipulated.
• Jerks on both the input and output shaft are small enough so as to protect the motor shaft and

ensure riding comfort.
• Friction work of the two brakes are small enough so as to protect the two components.
• Output torque of the transmission can be arbitrarily shaped (within the capability and constraint of

components) during the shifting process so as to ensure drivability on some high-performance models.

The shifting process of 1–2 upshift is considered in this paper and the clutch-to-clutch shifting
process can be divided into two phases: the torque phase (to execute the clutch’s torque transfer) and
the inertia phase (to execute the clutch speed synchronizing).

4.1. Mathematical Model of the Electrified Power-Train

The dynamics of the power train can be modeled via the Lever-analogy method [22]. The Level
diagram of the two-speed transmission is shown in Figure 8.

TBK1 + TBK2 + Tin − Tout − JR1ω̇R1 − JC1R2ω̇C1R2 − JC2ω̇C2 − JS1S2ω̇S1S2 = 0

(1 + k2)(TBK2 − JR1ω̇R1) + k1(Tout + JC2ω̇C2) + (k1 + k2)(JS1S2ω̇S1S2 − Tin) = 0

k1ωR1 + ωS1S2 − (1 + k1)ωC1R2 = 0

k2ωC1R2 + ωS1S2 − (1 + k2)ωC2 = 0,

(18)

where Tx (x = BK1, BK2, in, out) denote the transmitted torque of the two brakes and the input and
output torque, respectively; ω̇x (x = R1, C1R2, C2, S1S2) present the respective angular acceleration;
Jx (x = R1, C1R2, C2, S1S2) refer to the inertia of the components of the planetary gear sets and JS1S2 is
the lumped inertia on the input shaft which include those of the motor itself and the first and second
sun gears; and JC2 is the lumped inertia on the output shaft including those of the carriers, the vehicle
body, and the wheels.

S1-S2

C2

C1-R2

R1

out
T

BK2
T

BK1
T

in
T

•

R1R1
J ω

2

1

1+k

k

2
k

1

•

C1R2C1R2
J ω

•

C2C2
J ω

•

S1S2S1S2
J ω

Figure 8. Lever diagram of the two-speed transmission.
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To facilitate controller design and analysis, the dynamic model is further simplified by ignoring
the inertias that do not connect directly with the input and output shaft:

JS1S2ω̇S1S2 = Tin −
1
k2

TBK1 −
1 + k1 + k2

k1k2
TBK2 (19)

JC2ω̇C2 = −Tout +
1 + k2

k2
TBK1 +

1 + k1 + k2 + k1k2

k1k2
TBK2. (20)

4.2. Torque Phase Control

In the torque phase, the load on the motor shaft should be gradually transferred from the off-going
brake to the oncoming one.

Requirements for torque phase control are as follows:

• The off-going brake should be kept engaged during the whole process and no slip occurs.
• The load and the pressure on the off-going brake should be reduced to zero at the same time.

Under the first gear, BK1 is locked, which results in

ω̇S1S2 = (1 + k2)ω̇C2, (21)

where ω̇C2 can be expressed with Tout, TBK2, and Tin by solving Equations (19)–(21):

ω̇C2 =
1

(1 + k2)2 JS1S2 + JC2

[
(1 + k2)Tin − Tout −

1 + k2

k1
TBK2

]
. (22)

The inertia of the motor is rather small compared to that of the engine, and therefore JS1S2 can be
neglected. Based on this assumption, Equation (22) is simplified as

JC2ω̇C2 = (1 + k2)Tin −
1 + k2

k1
TBK2 − Tout. (23)

Thus, the driving torque on the output shaft is

Tdriv = (1 + k2)Tin −
1 + k2

k1
TBK2. (24)

Note that Tdriv consists of two terms regarding Tin and TBK2. The former is the motor torque;
and the latter is determined by the pressure on BK2 (since it is slipping during the torque phase).
Thus, Tdriv can be manipulated either through controlling the motor or BK2. As an internal torque,
TBK1 is determined by Tin and TBK2 as well:

TBK1 = k2Tin −
1 + k1 + k2

k1
TBK2. (25)

During the torque phase, there are totally three components to be controlled, namely, the motor and
two brakes. However, according to Equations (24) and (25), only one variable can be freely determined.

Recalling the requirement on controllability of the shift time, TBK1 (transmitted torque of the
off-going brake) should better be selected as the one being manipulated. For example, as the simplest
case, TBK1 can be commanded to decrease to zero linearly within a specified duration. Since BK1 is
required to be kept engaged along the whole torque phase, its transmitted torque should be no larger
than the torque capacity Tcap,BK1.

TBK1 ≤ Tcap,BK1. (26)
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Additionally, recall the second requirement that TBK1 and Tcap,BK1 be reduced to zero at the same
time, which suggests the following control law for TBK1:

TBK1 = λTcap,BK1, (27)

where λ is a coefficient that satisfies λ ≤ 1. For practical use, λ is advised to fall between 0.90 and
0.99. As has been discussed before, the trajectory of Tcap,BK1 in torque phase can be designed as a
linear curve:

Tcap,BK1 = Tcap,BK1(t0)−
Tcap,BK1(t0)

t1 − t0
(t− t0), t0 ≤ t ≤ t1, (28)

where t0 and t1 are the start and end point of the torque phase, respectively. Duration of the torque
phase can thus be arbitrarily manipulated (within the capacity and constraint of components) through
the parameter t1. Tdriv in Equation (24) is specified by the vehicle controller unit (VCU) and related to
position of the accelerator pedal. Therefore, it can be treated as known. Tin and TB2 can be derived by
solving Equations (24) and (25):

TBK2 =
k1k2

1 + k1 + k2 + k1k2
Tdriv −

k1

1 + k1
TBK1 (29)

Tin =
1 + k1 + k2

1 + k1 + k2 + k1k2
Tdriv −

1
1 + k1

TBK1. (30)

Equations (27)–(30) are control laws for the torque phase. It should be noted that the Tcap,BK1(t0)

in Equation (28) should be determined carefully, so as not to cause sudden change of Tin and TBK2.
Combining Equations (25) and (27), the transmitted torque capacity of BK1 at the beginning of the
torque phase is

Tcap,BK1(t0) =
k2

λ
Tin(t0). (31)

This is the exact level that the pressure of BK1 should be reduced to during the filling phase which
precedes the torque phase.

4.3. Inertia Phase Control

At the end of the torque phase, BK2 is still slipping and speeds of its two sides need to be
synchronized. Note that in the inertia phase, BK1 is fully disengaged, and therefore the driving torque
on the output shaft is solely determined by the pressure on BK2. Recalling the constant-output-torque
requirement, BK2 should remain constant along the whole inertia phase (assuming that Tdriv
is constant):

TBK2(t) =
k1k2

1 + k1 + k2 + k1k2
Tdriv(t), t1 ≤ t ≤ t f , (32)

where t f denotes the end of inertia phase. Since BK1 is totally disengaged in this phase, the motor is
the sole component to be controlled for speed synchronization. This approach is reasonable in that it
fully exploits advantages from the precise output torque as well as fast response of the motor.

The key of inertia phase control is to realize a fast (in terms of the duration) and comfortable
(in terms of longitudinal jerk felt by the passengers) speed ratio change. Common practice is to make
the slip speed of the oncoming brake follow a polynomial curve. According to the GV no-lurch
condition [26], the derivative of the slip speed at the synchronization point should be zero so as to
avoid sudden change of TBK2; it can be expressed as

∆ω̇R1(t f ) = 0. (33)
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To accomplish this, a fifth-degree polynomial is selected as the slip speed reference and can be
expressed as follows:

ωR1(t) = ωR1(t1) (1− s(t))

s(t) = a5

(
t− t1

t f − t1

)5

− a4

(
t− t1

t f − t1

)4

+ a3

(
t− t1

t f − t1

)3

,
(34)

where ai (i = 5, 4, 3) denote the polynomial coefficients, ωR1(t1) can be expressed as

ωR1(t1) =
1 + k1 + k2 + k1k2

k1k2
ωC2(t1)−

1 + k1 + k2

k1k2
ωS1S2(t1), (35)

where ωC2(t1) and ωS1S2(t1) can be obtained from the speed sensors in the input and output shaft of
the transmission.

4.3.1. Feedforward Control

The feedforward–feedback control scheme is adopted to solve the tracking problem of the slip
speed. Firstly, the inverse kinetic model of the two-speed transmission should be derived. ”Inverse“
means that the rotational acceleration of the input shaft ω̇S1S2 is taken as known while the input torque
Tin is taken as unknown. In the inertia phase, the two-speed transmission is in the neutral gear state,
and the forward kinetic model requires typically four quantities known for solution, namely, Tin,
TBK1, TBK2, and Tout. In the inverse model, Tin and Tout are substituted by ω̇S1S2 and ω̇R1, respectively.
TBK1 equals to zero along the whole inertia phase as a result of total disengagement of BK1. The aim
now is to answer the question ”given ω̇S1S2, ω̇R1, and TBK2, how do we determine Tin¿‘. Among them,
ω̇S1S2 can be attained through an acceleration estimator over the motor speed, which is reported by
the motor controller unit (MCU). ω̇R1 is from the designed trajectory in Equation (34) and should be
apparently known. As has been discussed before, during the inertia phase, Tdriv is determined by TBK2

only, and therefore TBK2 can be calculated from Equation (32). Thus, Tin is determined as follows:

Tin =
1 + k1 + k2

1 + k1 + k2 + k1k2
Tdriv +

(
JS1S2 −

1
k2 + k1k2

JC1R2

)
ω̇S1S2

−
(

1 + k1 + k2

k1k2
JR1 +

k1

k2 + k1k2
JC1R2

)
ω̇R1.

(36)

Equation (36) is the feedforward control law for Tin. Note that according to Equation (34),
ω̇R1(t1) = 0. As a result, Tin(t1) =

1+k1+k2
1+k1+k2+k1k2

Tdriv(t1), which is exactly the same as Equation (30).
This implies that value of Tin at the end of the torque phase and at the beginning of the inertia phase
are the same. Thus, continuity of the motor torque is ensured.

Considering that inertias JS1S2 and JC1R2 are small and negligible, the second term regarding
ω̇S1S2 in Equation (36) can be omitted. This also cancels the acceleration observer and simplifies the
controller. The final feedforward control law is

Tin =
1 + k1 + k2

1 + k1 + k2 + k1k2
Tdriv −

(
1 + k1 + k2

k1k2
JR1 +

k1

k2 + k1k2
JC1R2

)
ω̇R1. (37)

4.3.2. Feedback Control

To derive the feedback control law, the forward kinetic model should be used. However, as has
been discussed before, Tout is the load on the wheel and is hard to measure. It should be substituted by
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ω̇S1S2, which can be attained indirectly. As before, substituting TBK2 with Tdriv, ω̇R1 can be expressed
as Equation (38).

ω̇R1 =
1
ρ

{
(1 + k1 + k2)k1k2Tdriv − (1 + k1)(1 + k2)k1k2Tin

+

[
(1 + k1 + k2)k1k2 JS1S2 − (1 + k2)k1 JC1R2

]
ω̇S1S2

}
,

(38)

where
ρ = (1 + k1 + k2)(1 + k1)(1 + k2)JR1 + (1 + k2)k2

1 JC1R2. (39)

From Equation (38), it is obvious that ω̇R1 is related to three quantities, namely, Tdriv, Tin, and ω̇S1S2.
If the term regarding ω̇S1S2 is omitted, Equation (38) turns into

ω̇R1 =
1
ρ

[
(1 + k1 + k2)k1k2Tdriv − (1 + k1)(1 + k2)k1k2Tin.

]
(40)

The term regarding Tdriv can be treated as known disturbances and compensated in a feedforward
way. To make it clear, rewrite Equation (38) in the state-space form:

ẋ = ax + bu + bkdk + budu (41)

with 

x = ωR1

a = 0

u = Tin

b = − (1 + k1)(1 + k2)k1k2

ρ

bkdk =
(1 + k1 + k2)k1k2

ρ
Tdriv,

(42)

where dk and du denote known and unknown disturbances, respectively. With bu = b, a time-domain
disturbance observer (DO) can be used to estimate du:{

ż = −Lb(z + Lx)− L(ax + bu + bkdk)

d̂u = z + Lx.
(43)

Note that L should satisfy −Lb < 0. The component for disturbance compensation in u is
as follows:

udu = −d̂u. (44)

Note that u f eed f orward in Equation (37) can be written as follows:

u f eed f orward = udu + uinv, (45)

where

udk = −
bkdk

b
=

1 + k1 + k2

1 + k1 + k2 + k1k2
Tdriv (46)

uinv = −
(

1 + k1 + k2

k1k2
JR1 +

k1

k2 + k1k2
JC1R2

)
ω̇R1, (47)
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where udk is used to compensate the known disturbances bkdk, while uinv is derived from the nominal
model. Assuming that both bkdk and budu are completely compensated, the state-space model in
Equation (41) turns into the nominal one and can be expressed as follows:

ẋn = axn + bun. (48)

The feedback control law for the nominal model is

u f eedback = −F(x− r), (49)

where F is the feedback gain and can be roughly determined as

F =
ln |ωR1(t1)| − ln E

b(t f − t1)
, (50)

where E is the level of residual tracking error when t f is reached. Note that the sign of F should
be determined in accordance with a and b to ensure convergence. This is obvious by substituting
Equation (49) into (48), whose solution is

xn(t) =
(

xn(t1) +
bF

a− bF

)
e(a−bF)t − bF

a− bF
r, (51)

where the reference signal r is from the fifth-degree polynomial expressed by Equation (34).
For the exponential convergence of xn(t) to xn(∞) = − bF

a−bF r, F should satisfy that

a− bF < 0. (52)

Finally, the control law for Tin in the inertia phase can be summarized as

u = udk + uinv + udu + u f eedback. (53)

Block diagram of the slip speed controller is shown in Figure 9.

Unknown disturbances
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+ -
-

+
+

+
+

ud

Figure 9. Schematic diagram of the feedforward–feedback slip speed controller.

4.4. Simulation Results

A model is developed in MATLAB/SIMULINK (version R2018a) to validate the proposed
feedforward–feedback shift controller with disturbance compensation. It mainly consists of four parts:
submodels for the motor, the transmission, the vehicle body, and the shift controller. Stiffness and
damping on the output shafts are taken into consideration. Firstly, the constant-output-torque control
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(COTC) is compared to the conventional constant-input-torque control (CITC), which keeps the input
shaft torque constant along the whole shifting process. Simulation results are shown in Figure 10.
In COTC, during the torque phase, the motor torque is increased to compensate the reduction of
output torque due to the change of gear ratio. In contrast, CITC simply maintains the motor torque.
As a result, the output shaft torque decreases during the upshift. The pressure level of the oncoming
brake in COTC is higher than that of CITC to keep the output torque constant. In the inertia phase,
COTC relies on the motor torque for slip speed regulation, whereas CITC changes the pressure of the
oncoming brake to accomplish this.

Figure 10. Comparison with constant-input-shaft torque control.

Advantages of the feedforward–feedback scheme are validated through comparison with pure
feedforward and feedback ones, as are shown in Figure 11. Both pure feedback and feedforward
control fail to follow the slip speed reference. Under the pure feedback one, the slip speed falls to
zero quickly and its derivative fails to meet the GV no-lurch condition at the synchronization point.
As a result, significant torque fluctuations are observed on the output shaft. For the pure feedforward
control, since model simplification is applied in derivation of the control law, the tracking error is quite
large at the end of the interval, and there are also output torque fluctuations. On the other hand, if the
feedforward and the feedback control are combined, the slip speed reference is then well followed and
the output torque is successfully kept constant and smooth.
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Figure 11. Comparison with pure feedforward and feedback controller.

Simulations above are based on the nominal model, i.e., there are no disturbances. Necessity of
the disturbance observer is evaluated by adding a friction torque (1.5 Nm) on the input shaft.
Performances of the three controllers are compared, namely, the conventional proportional–integral
control (PI), the feedforward–feedback control, and the feedforward–feedback control with disturbance
compensation. Tuning of the PI controller is a time-consuming process, and in this paper, we set
the proportional gain to be consistent with the feedback control. We perform simulations multiple
times with different integrating gains and take the parameter values corresponding to the best results.
The proportional and integrating gains are set to be 0.5 and 1, respectively, in this test scenario.
Results are shown in Figure 12. As can be seen, all the three controllers follow the slip speed reference
generally well. However, at the synchronization point (when the rotational speed of the oncoming
brake decreases to zero), slip speed from the feedforward–feedback controller with DO comes with
a more ”gentle landing“ (derivative of the slip speed has a smaller magnitude) than those of the
other two. Consequently, the driving torque on the output shaft is smoother and without a sudden
change (though it is small for PI and feedforward–feedback without DO). Therefore, for practical
engineering use where there is bound to be unknown disturbances and uncertainties, DO should
always be integrated in the controller.
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Figure 12. Comparison with non-disturbance-observer (DO)-based controllers.

5. Summary and Conclusions

This paper proposes a two-speed transmission based on dual planetary gear sets for EVs, and the
gear ratio optimization and gearshift control problems of the two-speed transmission are studied.
The main results can be summarized as follows:

1. From the Pareto front graph obtained using the NSGA-II approach, the dynamic and economic
performance of the two-speed transmission is conflicted with the other. Thus, a compromise
solution is chosen as the final gear ratio combination.

2. Simulation results demonstrate that the two-speed transmission has much better performance in terms
of acceleration time and electric energy consumption compared with the fixed-ratio transmission.

3. Compared with the conventional constant-input-torque control (CITC), the proposed
constant-output-torque control (COTC) comes with advantages of keeping the driving torque on
the output shaft constant during the whole gearshift process.

4. The disturbance observer is integrated to the feedforward–feedback slip speed controller
to enhance the robustness, and the effectiveness is validated through comparison with the
non-disturbance-compensation method. Thus, the controller is suitable for practical engineering use.

The proposed control scheme is also applicable to other clutch-to-clutch shift-based transmissions.
Our future work directions include the mechanical structure development of this transmission and the
validation of the proposed gearshift method through bench and real vehicle tests.
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Abbreviations

The following abbreviations are used in this manuscript:

EV Electric vehicle
NSGA-II Nondominated sorting genetic algorithm-II
DP Dynamic programming
COTC Constant-output-torque control
DCT Equivalent inertia of the transmission output shaft
CVT Continuous variable transmission
AT Automatic transmission
AMT Automatic manual transmission
HMP Hybrid minimum principle
PGTs Planetary-gear-based transmissions
DOF Degree of freedom
NEDC New European Drive Cycle
WLTP World Light Vehicle Test Procedure
SOC State-of-charge
BMS Battery management system
VCU Vehicle controller unit
MCU Motor controller unit
DO Disturbance observer
CITC Constant-input-torque control
PID Proportional-integral-derivative
PI Proportional–integral
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