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Abstract: Partial electrification of hydraulic circuits to achieve energy savings requires an increase
in the angular speed of the positive displacement pumps, with the risk of incomplete filling. In
this context, the paper focuses on developing a computational fluid dynamics (CFD) model using
SimericsMP+ for two external gear pumps, namely helical and spur type gears. The objective
of this study is the analysis of the phenomena occurring on the suction side under conditions of
incomplete filling at high speeds. Both CFD models have been validated by conducting experimental
tests for measuring the flow rate delivered at various inlet pressures and angular speeds. The
experimental results confirm the model’s capability to accurately detect the operating conditions at
which the delivered flow rate starts to decrease due to the partial filling of the inter-teeth chambers.
Furthermore, this paper investigates the effects of certain geometrical modifications to the spur gear
pump. Specifically, the influence of the gear’s width-to-diameter ratio is studied, revealing that a
lower ratio leads to slightly better filling. Conversely, increasing the inlet port diameter results in no
improvement. Based on this study, the modelling approach appears to be accurate enough to serve as
design tool for optimizing pumps to improve their filling capability.

Keywords: helical gear pump; spur gear pump; incomplete filling; CFD; SimericsMP+

1. Introduction

A current trend in the field of hydraulic power units is the control of the flow rate
through variable-speed electric prime movers, driving a fixed displacement pump [1].
In particular, electro-hydrostatic actuators (EHAs), initially developed for aeronautical
applications, are mature enough to replace the centralized hydraulic circuit in many off-
road vehicles [2]. For instance, in the field of earth-moving machines, many different
layouts have been analyzed for achieving fuel saving [3], including the use of individual
electro-hydraulic drives for the main actuators [4]. Other solutions involve the of use
electro-hydraulic drives, but still maintaining a centralized hydraulic supply [5,6]. The
main advantage of these new layouts is that contrary to traditional architectures [7,8] or
their evolutions [9–11], the hydraulic valves in the main transmission line are partially or
totally removed, since the flow rate, and therefore the speed of the actuators, is controlled
by the angular velocity of the electric motor, instead of throttling the flow.

Gear pumps are one of the most suitable units for such applications [12]. Internal gear
machines (crescent pumps) have the advantage that, at equal geometry to the driver gear,
the kinematic flow ripple is almost an order of magnitude smaller than in an external gear
pump [13]. Such a favorable characteristic leads to lower noise, although on this aspect
some technical improvements can be implemented also in the external gear units [14].
However, external gear machines are most commonly used due to the higher maximum
working pressure and the lower manufacturing cost [15]. In this context, the helical gear
type is more promising, being quieter than the corresponding type with straight teeth (spur
gear) [16].

Fluids 2023, 8, 251. https://doi.org/10.3390/fluids8090251 https://www.mdpi.com/journal/fluids

https://doi.org/10.3390/fluids8090251
https://doi.org/10.3390/fluids8090251
https://creativecommons.org/
https://creativecommons.org/licenses/by/4.0/
https://creativecommons.org/licenses/by/4.0/
https://www.mdpi.com/journal/fluids
https://www.mdpi.com
https://orcid.org/0000-0001-6868-6174
https://doi.org/10.3390/fluids8090251
https://www.mdpi.com/journal/fluids
https://www.mdpi.com/article/10.3390/fluids8090251?type=check_update&version=1


Fluids 2023, 8, 251 2 of 18

Several studies have been conducted for developing simulation models of exter-
nal gear pumps. Recent study topics have focused on the accurate evaluation of the
mechanical–hydraulic efficiency [17,18], the gears’ micromotion [19], the proper design
of the balance plates [20], a comparison between the 0D and 3D modelling approach [21],
and a comparison between different 3D methodologies [22]. A new challenge is the use
of fixed-displacement pumps in applications with variable-speed electric motors. Since
this layout features one pump for each actuator, in multi-actuator systems the number of
pumps increases with the need to keep their displacement as small as possible to limit the
increment of weight. To take the concept to the extreme, some authors proposed the integra-
tion of an electric machine and a hydraulic pump in a single housing [23] or self-contained
electro-hydraulic cylinders [24]. For this reason, the increment of the maximum operating
velocity is required to compensate for the smaller displacement, with the risk of incomplete
filling and cavitation [25]. The most evident effect of this phenomenon is saturation of
the delivered flow rate, despite the increment in the angular speed. The phenomenon
occurs when the pressure difference between the suction port and the rotating inter-teeth
spaces is not enough to accelerate the fluid up to a proper velocity. The consequence is that
the fluid does not have enough time to completely fill the inter-teeth volumes before they
leave the suction side. Such a working condition leads to two main problems: a significant
decrease in the volumetric efficiency and a huge increment in the pressure ripple due to the
sudden back flow, when the partially filled inter-teeth chambers connect to the delivery
volume. The latter problem is also responsible for an abnormal increase in noise. Moreover,
the implosion of gaseous bubbles also generates erosion damage over time. The usual
and most effective way of avoiding incomplete filling consists of boosting the pump, but
such a solution is not always feasible or economically convenient. All these problems are
well known in the aeronautical field, where the increment in the power-to-weight ratio
requires the use of small displacement pumps, typically axial-piston type, but with extreme
operating speeds [26].

In this context, it is particularly important to develop a simulation model able to
predict the filling capability in high-speed conditions, so that it can be used for pump
optimization. The phenomenon of incomplete filling can be reproduced even with a 0D
or 1D simulation model [27]. Moreover, a model tuned on the experimental flow rate
can correctly reproduce the characteristic huge pressure ripple generated by the intense
backflow, when the partially filled chambers connect to the delivery volume. However,
a lumped parameter model can capture the influence of a geometric parameter on the
pressure drop in the suction side only in an approximate way. The quantitative evaluation
of the operating condition limits for the onset of incomplete filling can only be achieved with
a CFD model, since the real 3D geometry, such as the spatial orientation of the chambers
and the shape of the suction duct, must be considered without simplifications.

Some studies performed with 2D and 3D CFD models, with the aim of analyzing the
cavitation in the meshing region of external gear pumps, have been carried out [28–30]. As
regards the influence of the geometric parameters on the filling capability, some studies
have been conducted using SimericsMP+® for gerotor [31] and vane pumps [32]. It has
been demonstrated that the model is able to evaluate the beneficial or detrimental influence
of a specific geometric modification. The main analyzed parameters are the number of
chambers, the radius, and the axial thickness of the rotors. More recently, the capability of
the software to predict the suction pressure at which the incomplete filling begins has been
demonstrated for a straight-teeth external gear pump [33].

Based on the best of our knowledge, no simulation studies on the incomplete filling
of helical gear pumps are available in the open literature. Furthermore, a research gap
still exists regarding the evaluation of the geometrical parameters that most influence the
filling capability in any type of external gear pump. In this context, this study presents CFD
models of high-speed gear pumps and their experimental validation. A helical gear pump is
first analyzed, and the model is validated in different operating conditions to demonstrate
its predictivity. Then, some geometrical parameters are modified, more specifically the use
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of straight teeth, the ratio thickness/diameter of the rotors at equal pump displacement,
and the inlet pipe diameter. The promising results gathered suggest that the methodology
could be used to study how to design a pump to improve its high-speed performance.

2. Component Description

The unit used for the analysis is a prototype of a helical gear pump made by Casappa
SpA, shown in Figure 1. The pump is made to work with a recommended kinematic
viscosity of the fluid of up to 100 mm2/s at a maximum pressure of almost 300 bar, to cover
the typical flow requirements of the working hydraulics in construction and agricultural
machines. The two gears are integral with the shaft and are housed in the pump casing.
The shafts are supported by journal bearings mounted on the balance plates that are
housed without interference in the pump casing, so that they are free to generate axial
micromovement [34,35]. The aim of the balance plate is twofold: to compensate for the
axial gaps and to manage the connection to the trapped volume in the meshing region. The
former task is obtained by transferring the delivery pressure on the rear of the plates, so
that the gears are clamped with a well-designed force that allows for a significant reduction
in the lateral leakages without a detrimental increment in the friction. The latter function
is realized by proper millings (silencing grooves) on the gear side of the plates, visible in
Figure 1, to keep a connection between the trapped volume in the meshing region with the
inlet and the delivery volumes, to avoid the buildup of positive or negative pressure peaks.
The balance plates also feature peripheral channels to transfer the delivery pressure back
into a number of inter-teeth volumes to modify, in a more favorable way, the radial force
acting on the rotors [36].
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Figure 1. A 3D drawing of a helical gear pump (without the front cover), with two views of the
balance plates.

In Figure 2, a frontal view of the rotors in a generic gear pump is shown to define
the main geometric quantities; the clearances are magnified for ease of viewing. For
confidentiality reasons, the parameters of the pump are not provided; furthermore, the
geometry of the balance plate in Figure 1 and of the gears in Figure 2 has been changed
with respect to the component being studied.
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Figure 2. Definition of the main geometric parameters of a gear pump (qualitative drawing).

To verify the predictivity of the model, the straight-teeth configuration was also
modeled and tested experimentally. Lastly, for the spur gear design, the effect of the
different thickness-to-diameter ratio H/D (see Figures 1 and 2), at equal displacement, and
of the increase in the inlet port diameter, were assessed. A summary of the configurations
is reported in Table 1.

Table 1. Configuration of the pumps used in the study.

Configuration Description

Helical gear Reference pump
Spur gear A Standard straight-teeth pump
Spur gear B Higher ratio thickness/diameter with respect to spur gear A
Spur gear C Lower ratio thickness/diameter with respect to spur gear A
Spur gear D As spur gear A with larger inlet port

3. Description of the Simulation Model
3.1. Model Structure

The model was developed at the Politecnico di Torino, with the SimericsMP+ 5.2
software. Starting from the surfaces of the fluid domain, different volumes were identified,
as shown in Figure 3. The inlet and delivery ducts, including the peripheral channels and
grooves on the balance plates, were kept fixed. The green volumes were left to rotate around
the gear axes. Additionally, a cylindrical volume was added to simulate the upstream
portion of the inlet pipe. The position of the inlet pressure measuring point is the same as
on the test rig. For the selection of the distance of the inlet boundary condition from the
measuring point, it was verified that a longer length of inlet pipe had no influence on the
results, but only on the computational time.

Although the aim of this study is to correctly simulate the phenomena occurring at
high speed in the suction side at low delivery pressure, a micro-shift in the gears within
the manufacturing tolerances along the horizontal and vertical axes has been applied to
obtain a more reasonable value on the fluid leakages. In particular, to consider the mean
direction of the force acting on the rotors, the gear axes have been shifted towards the
suction side and the distance between the axes has been reduced. Axial clearances have
been disregarded in this analysis, since the gaps were compensated for by the presence
of the balance plates. In fact, with this solution, the operating clearance between the side
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of the gears and the balance plate can be reduced up to a few microns [37], one order
of magnitude lower than the tooth tip clearances. The simulation of the lateral leakage
passageways would have generated a significant increment in the total number of cells,
with a negligible effect on the calculated flow rate.

Fluids 2023, 8, x FOR PEER REVIEW 5 of 18 
 

the balance plates. In fact, with this solution, the operating clearance between the side of 

the gears and the balance plate can be reduced up to a few microns [37], one order of 

magnitude lower than the tooth tip clearances. The simulation of the lateral leakage pas-

sageways would have generated a significant increment in the total number of cells, with 

a negligible effect on the calculated flow rate.  

To ensure mesh continuity between the gears, a gap was intentionally maintained 

between the tooth flanks, where the contact points should exist (see Figure 2). However, 

since the study was performed at very low delivery pressure (about 10 bar) with respect 

to the maximum operating pressure, this additional leakage did not significantly affect 

the delivered flow rate of the pump. 

 

Figure 3. Subdivision of the volumes and location of the inlet pressure transducer. 

The mesh of the rotating volumes was built with the external gear template that gen-

erated a structured hexahedral grid. While rotating, the number of cells in the radial di-

rection remains unchanged and the mesh is compressed when a tooth belonging to the 

opposite gear enters the tooth space. The outermost layer of the cells is allowed to slide 

with respect to the housing and the grid of the opposite gear. The inlet and delivery vol-

umes were meshed using a general mesh generator that created an unstructured Cartesian 

grid composed of cubic elements. The mesh was locally refined in the grooves and in the 

peripheral channels. Finally, the grid of the inlet duct was created with a specific mesh 

generator for cylindrical geometries. A 3D view of the mesh is shown in Figure 4. 

 

Figure 4. View of the mesh of the variable volume chambers and of the inlet/outlet volumes. 

Figure 3. Subdivision of the volumes and location of the inlet pressure transducer.

To ensure mesh continuity between the gears, a gap was intentionally maintained
between the tooth flanks, where the contact points should exist (see Figure 2). However,
since the study was performed at very low delivery pressure (about 10 bar) with respect to
the maximum operating pressure, this additional leakage did not significantly affect the
delivered flow rate of the pump.

The mesh of the rotating volumes was built with the external gear template that
generated a structured hexahedral grid. While rotating, the number of cells in the radial
direction remains unchanged and the mesh is compressed when a tooth belonging to the
opposite gear enters the tooth space. The outermost layer of the cells is allowed to slide with
respect to the housing and the grid of the opposite gear. The inlet and delivery volumes
were meshed using a general mesh generator that created an unstructured Cartesian grid
composed of cubic elements. The mesh was locally refined in the grooves and in the
peripheral channels. Finally, the grid of the inlet duct was created with a specific mesh
generator for cylindrical geometries. A 3D view of the mesh is shown in Figure 4.
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For the simulation of aeration and cavitation, the transients for air release and dis-
solution may have an influence [38] and SimericsMP+ allows the consideration of these
transients [39]. However, the uncertainty on the amount of total air and on the values of
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the time constants makes the use of the most detailed model questionable. As a result,
the fluid model Equilibrium Dissolved Gas was selected instead. The total volume fraction
of air used in the simulation was 6%. Such a percentage was selected because it proved
to be a good starting value, although it was obtained from tunings on a different test
rig [32]. No turbulence model was applied since previous studies on fluid power pumps
demonstrated the negligible effects on the simulated results, with a variation lower than
1% on the delivered flow rate, due to the high viscosity of the hydraulic oils [31,33,40]. On
the other hand, in the present pump, the Reynolds number calculated at the inlet port at
6000 rpm with the fluid used for the validation was about 2500. Considering that up to
about 2300 the regime can be considered laminar [41], and that the turbulence regime is
considered fully developed above 4000, it is reasonable that the effect of the turbulence
model could be negligible.

The same fluid properties and model settings were used for all the simulations and
pump layouts presented in this paper.

The software discretizes the governing equations with the finite volume method. More
details can be found in [42]. In the present analysis, the first-order upwind interpolation
scheme was used, while the SIMPLE-S method was employed for the pressure–velocity
coupling. As boundary conditions, pressures were imposed at the two ports (Figure 3).
Transient simulations were performed, and the moving average of the delivery flow rate cal-
culated over a shaft revolution was monitored. The steady-state condition was considered
reached when the difference between the mean flow rates calculated in two consecutive
revolutions became lower than 1%. Starting from a new simulation, usually 3–4 revolutions
are necessary to achieve the steady-state condition. However, a couple of revolutions
might be enough if the proper initial conditions are set, namely the results from a previous
simulation performed at a close operating point.

3.2. Model Optimization

As far as the total number of cells is concerned, it was found that an increase from 0.5
to 1.6 million resulted in a variation of less than 0.5% in the calculated flow rate. Hence, the
total number of cells of around 1 million is usually sufficient for this type of analysis. Not
having found a significant difference in the steady-state flow rate to justify the adoption
of a certain number of elements rather than another, a comparison of the pressure in a
chamber as the number of cells varies was made (Figure 5). From this figure it is evident
how the two cases with 500,000 and 800,000 cells present a different trend on the pressure
in the chamber compared to the others shown, and the case with 1 million cells represents
the best trade-off.
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delivery volumes.

To determine the residual and angular step for the best trade-off between the compu-
tational time and accuracy, the tests listed in Table 2 were performed. The residual drop
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defined in SimericsMP+ is the difference between the natural logarithm of the residual
at the n-th iteration and the maximum residual at all previous iterations from 1 to n − 1.
The volumetric efficiency is defined as the ratio between the calculated and theoretical
flow rates. For confidentiality reasons, it is not possible to provide the speed and delivery
pressure used in these tests.

Table 2. Influence of the angular step and of the residual on the volumetric efficiency and CPU time.

Configuration Volumetric Efficiency CPU Time (h/rev)

0.5 deg—residual drop 0.1 94.3% 3.5
0.5 deg—residual drop 0.01 96.7% 16.5

1 deg—residual drop 0.1 90.3% 3
1 deg—residual drop 0.01 96.7% 7

The CPU time is expressed in hours per shaft revolution and was obtained on a
workstation with a 2.90 GHz 24-core Intel Xeon Platinum 8268 processor. It can be observed
that using a residual of 0.1 leads to a significant underestimation of the volumetric efficiency,
while with a residual of 0.01 the reduction in the angular step does not result in any
improvement to the flow rate, but it only increases the computational time. Therefore, the
simulations were performed with an angular step of 1 degree and a residual drop of 0.01.
With these settings convergence is usually achieved with 50–70 iterations.

The helical teeth type requires a higher number of layers axially in the rotor domain
than the spur gear type. This increase is not necessary to improve the accuracy, but to
avoid problems with the convergence. In fact, in order to accurately reproduce the helical
shape, a sufficient number of cell layers must be present, otherwise an unrealistic stepped
pressure distribution is obtained between the flanks in the gears. Based on these analyses,
720 cells in the circumferential direction, 11 in the radial, and 50 in the axial were set up for
each rotor. It should be noted that in a straight-teeth pump, 12 cells in the axial direction
are sufficient. Table 3 presents the details on the number of cells used in the helical profile
pump model.

Table 3. The number of cells for each subdomain used in the helical gear pump.

Volume Number of Cells

Two rotors 792,000
Delivery volume 760,143

Inlet volume 181,732
Suction duct 22,800

Total 1,756,675

4. Test Rig Layout

The experimental tests were carried out at the Casappa SpA laboratory. The hydraulic
layout of the test rig is presented in Figure 6, along with a photograph in Figure 7. Two
Casappa MVP60 axial piston pumps are driven by a variable-speed electric motor. The
pressure limiters for both pumps are used only as safety devices, as their settings are
sufficiently high to ensure the units operate at maximum displacement during normal
operating conditions.

The PU1 pump feeds a Casappa PHM 20 fixed-displacement external gear motor
(MO), which drives the pump being tested. This solution allows for working at a speed
greater than what the electric motor in the test rig can impose. The only resistance on the
delivery port in the pump being tested is due to the filter and the flow meter F1. The pump
labelled PU2, together with the preloaded check valve, is used to control the inlet pressure
of the pump being tested. As the flow rate delivered by the pump PU2 remains always
slightly higher than the flow rate drawn by the pump being tested, there is a continuous
discharge of excess flow through the check valve, which enforces the cracking pressure
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upstream. By means of a manual restrictor R, the suction pressure can be reduced to the
desired value, measured by the transducer P4. The details of the transducers are listed in
Table 4. The tests were performed with an ISO VG46 oil at the temperature of 50 ◦C. The
off-line oil conditioning system consists of an auxiliary pump that continuously recirculates
the oil from the reservoir through a heat exchanger. For temperature regulation, a PLC-
controlled thermostatic valve maintains the desired temperature with an accuracy of ±2 ◦C.
The testing procedure consists of imposing an angular speed value and progressively
decreasing the flow area of the variable restrictor R in incremental steps. For each value on
the inlet pressure measured by the transducer P4, the flow rate was recorded.
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Table 4. Technical data on the transducers.

Quantity Transducer Range Accuracy

Pressures P1, P2 Trafag 8253 0 ÷ 400 bar ±0.3% F.S.
Pressures P3, P4 Trafag 8254 −1 ÷ 4 bar ±0.3% F.S.

Flow rate VSE VS 4 1 ÷ 250 L/min ±0.3% Reading

5. Results and Discussion
5.1. Steady-State Characteristics

The results from the steady-state tests at three angular speeds are reported in Figure 8
for the helical gear pump. For confidentiality reasons, the experimental and simulated
flow rate values are each normalized with respect to their respective maximum values, so
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that level 1 corresponds to the maximum flow rate condition, i.e., complete filling of the
inter-teeth volumes. For the same reason, the absolute values on the inlet pressure are not
provided, however the scales corresponding to the three tested velocities are the same.
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It can be observed that, at low speed, for high inlet pressure values the delivered flow
rate is almost insensitive to the flow area of the restrictor, while a noticeable reduction
due to incomplete filling occurs at low pressure levels. Furthermore, it is evident that
the inlet pressure at which the flow rate begins to decrease is incrementally increased as
the pump speed increases. This behavior can be explained considering that, with equal
pressure measured at the inlet port, the higher speed implies a higher energy expended
by the fluid to enter the rotating chambers. The model can predict with good accuracy the
critical suction pressure below which incomplete filling occurs. Moreover, the change in
the slope visible at 4500 rpm and at 6000 rpm, before the most decisive drop, is correctly
reproduced. In general, the shape of the simulated curve reproduces the experimental trend
very well. Regarding the accuracy of the comparison, two aspects should be considered. As
demonstrated in a previous study [33], the experimental data could be affected by a random
variation in the oil aeration conditions that could slightly modify the point corresponding
to the change in slope. Moreover, the simulated data are influenced by the choice of the
percentage of total air, as shown in [31]. It is likely that a fine tuning of the percentage of air
in the model could lead to a reduction of the error, however this procedure requires many
weeks of calculation without leading to results of particular interest, because in this way
the evaluation of the predictive capacity of the model is lost, if the result is forced regarding
the experimental data.

5.2. Evolution of the Free Air Fraction

The Figure 9 provides a visual representation of the air release occurring in the meshing
region on the suction side of the helical gear pump at operating point 1, indicated in Figure 8.
The cut plot for the total gas volume fraction is taken in the midplane of the gears. Due to
the rapid increase in volume, a massive gas phase build-up is observed in the chambers of
both gears at 0 degrees.
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At 6 degrees, the gas fraction inside the chamber formed between tooth “a” and “b” in
the driver gear gradually decreases for the following reasons:

• The derivative of the chamber volume becomes zero as tooth “c” completely exits the
space between “a” and “b”;

• The connection area between the chamber and the suction volume has become quite
large, since the distance between the tips of tooth “b” and “c” has significantly in-
creased;

• The chamber becomes favorably oriented in the direction of the incoming flow.

At 12 degrees the gaseous phase is only present behind the trailing flank of tooth
“b”, while at 18 degrees the chamber is completely filled. Similarly, at 12 degrees, the
chamber between tooth “c” and “d” in the driven gear is nearly empty due to the rapid
volume increase and the small flow area. The oil enters the chamber starting from the lower
radius (24 degrees), where the peripheral velocity is smaller, and also radially due to the
advantageous orientation of the chamber in relation to the inlet jet. At 30 degrees the air
fraction is located solely behind the tip of tooth “c”.

At operating point 1 the delivered flow rate is very close to its maximum value due
to the high inlet pressure, which allows for the recovery of the missing oil volume in the
inter-teeth spaces before it leaves the suction side. Consequently, the local formation of
the gaseous phase in the meshing region does not significantly affect the overall pump
performance. However, if the inlet pressure is further decreased, the chambers remain
partially empty until they connect with the delivery volume. In Figure 10, the gas volume
fraction is illustrated for the incomplete filling scenario (referred to as point 2 in Figure 8).
When the chambers are isolated, the centrifugal force pushes the liquid phase outwards,
causing the gas fraction to be confined in the innermost part of the gears.
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Figure 10. Cut plot on the total gas volume fraction at operating point 2 in Figure 8.

In Figure 11, the pressure distribution is shown, with the actual values on the color
scale omitted for confidentiality reasons. In regard to the suction volume, the meshing
region and the area behind the trailing flank of the teeth exhibit the lowest pressure levels
(indicated by dark blue), while an overpressure is observed in front of the leading flank. In
regard to the isolated chambers, the pressure level remains low as the leakage at the tooth
tip and the flow through the peripheral channels are insufficient to compensate for the
missing oil volume. Consequently, when the chambers are directly connected to the delivery
volume, they experience a sudden increase in pressure. This backflow is responsible for the
characteristic high-pressure ripple and noise observed when incomplete filling conditions
occur. Since the primary aim of the developed model is to evaluate incomplete filling, the
entire delivery line has not been simulated to reduce the computational time. Hence, a
reliable estimation of the pressure ripple cannot be provided. However, in reference [43], an
increment in the pressure pulsation in a gear machine during the condition of incomplete
filling can be appreciated.
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5.3. Spur Gear Pump Type A

The findings from the standard spur gear pump (type A) are presented in Figure 12.
Once again, the trend in the simulated data closely matches the experimental curves.
Specifically, both the simulated and experimental tests indicate that at 3000 rpm the onset of
incomplete filling begins with a small reduction in the flow rate, followed by a substantial
and more pronounced reduction. At 4500 rpm, two different slopes are clearly visible. The
error in the evaluation of the pressure at which incomplete filling begins is about 0.2 bar
in the worst case (4500 rpm). Compared to the helical pump, the characteristic is flatter
in the horizontal section, while there is no clear difference in the position of the section
with the steepest slope. However, it is important to note that the casings in the two pumps
are inevitably not identical, making a rigorous comparison between them challenging.
However, what is crucial is that the behavior at 6000 rpm is accurately replicated for both
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pumps, while maintaining the same model settings, such as the aeration model and the
amount of air considered.
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5.4. Different Ratio Axial Width/Diameter for Spur Gear Types B and C

In pumps provided with rotors, the effect of the axial width and of the diameter on
the filling capability has recently been studied. In [31], a study was performed on a gerotor
pump. It was found that, at equal axial width, the filling was worsened by increasing the
diameter, while at equal diameter, by increasing the axial width. A similar study with the
same results was performed [32] on a vane pump. In both studies, the displacement of
the pump was maintained as a constant by means of the modification of the eccentricity.
Based on the outcomes of such analyses, it is interesting to analyze the combined effect of
the diameter reduction and of the axial width increase, and vice versa. In fact, in external
gear machines, the displacement increases both with the diameter and with the width of
the rotors, therefore the same displacement can be obtained with different combinations of
these two parameters.

Two new gearsets, named B and C, were designed and simulated. Type B has a lower
external diameter with a higher axial thickness, and vice versa for type C. The superposition
of the rotating fluid domains relative to type A, B, and C is reported in Figure 13. The
maximum variation in the geometric parameters is limited by the physical constraints;
however, an appreciable different aspect ratio was obtained between types B and C.
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Figure 13. Superimposition of the rotating fluid domains in the original pump A and the modified
versions B and C. (a) Frontal view, (b) axonometric view.

The constraints adopted for these alternative designs were:

• External gear diameter +/− 5%;
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• Gear inter-axis +/− 5%;
• The same number of teeth;
• The same displacement.

To be consistent across the models, the silencing grooves on the thrust plates were
modified, as well as the geometry of the inlet volume (Figure 14).
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Figure 14. Superimposition of the silencing grooves on the low-pressure side of the original pump A
and versions B and C.

The modification of the external diameter and axial width of the gears also affects
the shape of the inlet volume. In order to not generate any restrictions during the suction
phase, the minimum flow area and the rotor–inlet interface area were monitored. The first
one represents the maximum restriction the flow encounters in the inlet channel, while the
second one is the interface area connecting each tooth space volume with the inlet volume.
A visual representation of these two surfaces is depicted in Figure 15.
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To ensure that the leakages did not influence the results, the radial clearance between
the gears and the casing was maintained as a constant, as well as the micro-positioning of
the rotors. Table 5 summarizes the main control variables (see also Figure 2).
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Table 5. Geometrical parameters for versions A, B, and C.

Parameter A Version B Version C Version

Minimum flow area - +6% −7%

Rotor–inlet interface area - +6% −7%

Tooth–flank gap 22 µm 19 µm 16 µm

Tip clearance on inlet edge 7 µm 6 µm 4 µm

The pumps were simulated at a constant inlet pressure and different speeds. For each
rotational speed, a slight adjustment of the boundary conditions was necessary to maintain
the monitoring point at a constant inlet pressure.

The results of the simulations are reported in Figure 16. From this figure, it is
possible to observe a correlation between the volumetric efficiency and the gears’ ax-
ial width/external diameter ratio. To ensure that the results were not influenced by even
the slightest variation in the displacement between the pumps, the comparison was made
in terms of the volumetric efficiency.
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It is evident that for all the speeds analyzed, the curves follow the same progression
for the three configurations simulated, but type C with a higher diameter achieves a higher
efficiency. The results here reported suggest that in the context of the designs explored for
alternative gearing pairs, the lower axial thickness to be filled in type C is a more important
beneficial aspect, despite the slightly higher peripheral speed of the tooth tips.

5.5. Increment in the Diameter of the Inlet Port for Spur Gear Type D

Another type of study concerned the influence of the inlet port diameter. It is well
known that, in general, in a positive displacement pump an increase in the flow area
between the inlet and the variable chambers, the latter in the specific case of a spur gear
represented by the inter-teeth volumes, implies a reduction in the pressure drop and
filling improvement. However, it is possible in some cases that the improvement could be
negligible, or the effect could even be a worsening of the filling, as in the vane pump studied
in [32], where the additional flow area generated a detrimental internal recirculation. In the
case of a spur gear pump, another important aspect is the angular extension during which
the inter-teeth chambers remain isolated. Such extension has an impact on the leakage
flow through the tooth tips. In order to consider only the effect of the filling improvement
without increasing the leakages, the inlet port was enlarged as much as possible without
modifying the angular position according to which a chamber becomes isolated. The new
configuration, called type D, was both manufactured and simulated. Figure 17 shows the
grid for the new configuration contrasted with the original one. In addition to a significant
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increment in the inlet port size, the minimum flow area was also increased. The figure also
shows the mesh refinement of the inlet volume in the region close to the rotors.
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Figure 17. Grid of the spur gear pump: (a) original version (type A), (b) with increased inlet port
(type D).

In Figure 18, the steady-state flow–pressure characteristic at 6000 rpm for the two
different configurations is reported. Although the absolute value of the pressure is not
reported for confidentiality reasons, the figure allows for quantifying the relative deviation
between the curves. It is evident that a significant increment in the inlet port diameter
is ineffective in improving the filling in this type of machine and the pump, from this
point of view, is already optimized. It is worth noting that the CFD model provides
consistent results, i.e., one could have come to the same conclusion relying only on the
model without manufacturing the prototype. This is additional proof of the predictivity of
the modelling approach.
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6. Conclusions

The development of a fixed-displacement pump for direct connection to a variable-
speed electric motor represents a challenge due to the risk of incomplete filling and cavi-
tation. The proper geometry of the casing and of the gears must be optimized in order to
minimize the pressure drops in the suction side. The evaluation of the effect on the filling
from a geometric modification needs a model able to consider the real 3D shape of the
volumes and their relative motion. In this paper, the reliability of the CFD model has been
proved for both helical and spur gear pump prototypes. More specifically, the minimum
suction pressure that still allows the complete filling of the chambers is estimated with
good precision for the different prototypes. Additionally, it has been observed that the
threshold suction pressure increases with the increase in speed. A significant difference
between the helical and spur gear pump in terms of the suction pressure limit according to
which the incomplete filling begins has not been found.

The different aspect ratio for the gears at equal pump displacement was analyzed.
Higher efficiency was found by increasing the gear diameter; the better trend was con-
firmed for different angular speeds. The increment in the diameter of the suction port, at
equal extension of the sealing region, did not lead to an appreciable improvement, and
the outcomes from the models have been confirmed by the experimental tests. All the
simulations were performed with the same fluid parameters.

Considering that an initial calibration phase is always required for any new model, the
notable aspect of this study is that all the presented results were obtained using the same
model configuration. The good agreement with the experimental measurements suggests
that the predictive use of the model as a design tool can be trusted, even in scenarios
involving incomplete filling.
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